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Optimum Tube Size for Shell-and-Tube- 
Type Heat Exchangers 


By F. D. CARDWELL,! NEW YORK, N. Y. . 


The total annual cost fora shell-and-tube-type heat ex- 


_ changer, which is the sum of the annual power cost plus 


the fixed charges or annual amortization of the initial cost 
of the equipment, is found to vary sharply with small 
changes in tube size when the heat-transfer rate is held 
constant. Equations are developed reducing the number 
of assumptions to length of tubes and diameter of tubes for 
fixed design conditions such as total flow rates in shell 
and tube and required heat-transfer rate. For a selected 
length as a parameter, then, the total annual cost can be 
calculated for each tube diameter. The optimum tube 
diameter is determined from a graph of these correspond- 
ing values which has a well-defined minimum value for 
the total annual cost. A family of these curves, each 
having a different length as the parameter, will each have 
a minimum. These minimal values will all be nearly equal. 
Another family of curves with standard tube diameter as 
the parameter will each have a minimum giving the opti- 
mum length for each diameter. Therefore only one con- 
venient parameter need be selected from which the opti- 
mum combination can be determined from a curve. 
Since the required heat-transfer-surface area is now 
known, the number of tubes for this combination follows 
automatically. 


NOMENCLATURE 


The following nomenclature is used in the paper: 


A = area, sq ft 
A, = area available for flow in each tube, sq ft (see Fig. 2, 
and text) 
A; = surface area for heat transfer based on inside diameter 
of tube, sq ft 
A, = surface area for heat transfer based on outside diameter 
of tube, sq ft 
A, = total sectional area available for flow in shell outside 
of and parallel to tubes, sq ft 
C = constant based on fixed design conditions and defined 
in text 
Cp: = specific heat of fluid in tubes, Btu/(Ib) (deg F) 
Cro = specific heat of the fluid in shell, Btu/(Ib) (deg F) 
D, = diameter of circle having an area equal to area A,, ft 
D; = inside diameter of tube, ft 
D, = outside diameter of tube, ft 
D, = hydraulic diameter, ft 
D, = inside diameter of shell, ft 
f = friction factor, function of Reynolds number, and used 
in Fanning formula, see text Equation [34] 
G; = mass flow of fluid in tubes, Ib /(hr) (sq ft) 
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G, = mass flow of fluid in shell, parallel to tubes, lb/(hr) 
(sq ft) 
g = acceleration due to gravity, 32.16 ft/sec? 
h; = film coefficient of fluid film on inside. tube wall based on 
mean bulk temperature of fluid, Btu/(hr) (sq ft) 
(deg F) 
h, = film coefficient of fluid film on outside tube wall based 
on mean bulk temperature of fluid, Btu/(hr) (sq ft) 
(deg F) 
L = length of tube, ft 
_N = number of tubes 
P = equiangular tube spacing, ft 
AP; = total pressure drop for fluid inside tubes, psf 
Q = total heat required to be transferred, Btu per hr 
R = ratio of tube spacing to outside tube diameter, P/D, 
R. = Reynolds number 
S = total annual cost, fixed charges plus operating cost, 
dollars 
Attm = log-mean temperature difference, corrected for multi- 
pass 
U = over-all coefficient of heat transfer, Btu/(hr) (sq ft) 
(deg F) 
V = velocity of fluid in tubes, fps 
W, = total flow of fluid in tubes, lb per hr 


W, = total flow of fluid in shell, lb per hr 


WP = wetted perimeter, ft, used in calculating hydraulic 
diameter 
a = constant based on design conditions, defined in text 
8 = constant based on design conditions, defined in text 
y = constant based on design conditions, defined in text 
6 = constant based on design conditions, defined in text 
uu; = viscosity of fluid in tubes, Ib/(hr) (ft) 
u, = viscosity of fluid in shell, Ib/(hr) (ft) 
p; = density of fluid in tubes, lb per cu ft 
p, = density of fluid in shell, lb per cu ft 


INTRODUCTION 


Heat-exchanger calculations are based upon (a) design condi- 
tions, i.e., fluid-flow rates, terminal temperatures, thermal prop- 
erties of the fluids and allowable pressure drop; (b) assumptions, 
i.e., heat-transfer-surface area, over-all coefficient of heat trans- 
fer, or size, length, or number of tubes; (c) pressure drop across the 
exchanger. The design conditions are fixed by over-all plant 
design and determine the expected performance of the exchanger. 
The assumptions are more or less arbitrary with the engineer and 
are based upon his personal experience. Trial-and-error calcula- 
tions of film coefficients are used to check the assumptions, 
which are also checked by an over-all heat balance. Finally, the 
pressure drop is calculated and compared with the allowable. 
If the calculated drop is too high, a new set of assumptions is 
made and rechecked as before. 

A set of assumptions which check out and satisfy the design 
conditions may not be the optimum set when fixed charges and 
power costs are considered. Annual fixed charges is that part of 
the initial cost which is written off each year on the books of the 
owner. The actual amount written off then depends upon initial 
cost and company policy. In turn the initial cost depends upon 
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the heat-transfer-surface area and the prevailing price of steel. 
Analytically, then, fixed charges are primarily a function of the 
surface area, which includes the prevailing market price, and the 
accounting policy of the owner. The annual power cost depends 
upon pressure drop and local electric-power rates where motor- 
driven blowers are used, or fuel rates where steam-driven blowers 
are used. The total annual cost is the fixed charges plus the 
power cost. The optimum design, then, is the one that will result 
in the lowest total annual cost, and still deliver the required heat- 
transfer rate. 

It is easily seen that a great amount of labor would be involved 
if one attempted to determine the optimum design by using the 
method of assumptions and trial-and-error calculations as outlined. 
Fortunately, a method of direct calculation has been found 
whereby the optimum design can be determined definitely in 
about the same time as before. Furthermore, there has been 
found to be not only one optimum design but several; for instance, 
if, say, the length of tube is chosen, an optimum design can be 
quickly determined for that particular length, while if some other 
length of tube is decided upon, the optimum design can be found 
for that length, and so forth, and when these optimums are 
compared the difference in total annual cost is negligible. There- 
fore the method is quite flexible in that the length of tubes is 
arbitrary and can be chosen independently. This is a great 
convenience since available space may be a factor in the design 
which would limit the length of the tubes. On the other hand, the 
size of tube may be chosen and the optimum design determined 
for that particular tube diameter. The development of this 
method follows. 


Heat TRANSFER 


If we write the Newton formula 


Q = UAAtm.....- fovioAGo Cadet e {1] 


in the form 


we have on the left-hand side of Equation [2] the design condi- 
tions, and on the right-hand side, a product of two variables 
whose respective values depend upon both design conditions and 
the usual assumptions. These two factors must satisfy the 
equations for film coefficients as well as Equation [2]. 

Let us consider a simple gas-to-gas shell-and-tube-type heat 
exchanger with turbulent flow. The arrangement includes 
fixed tube sheets with two baffles as shown in Fig. 1. Also, to 
make the development as simple as possible, we will neglect the 
tube-wall resistance and fouling factors. The following develop- 
ment can be worked out for more complicated arrangements but 
this will not be attempted in the present paper. 

Using the well-known resistance concept, we can write for the 
elemental areas dA; and dA, 


1 1 a al he 3 
PET Re a Hea: {3} 
fi 
The elemental areas niay both be expressed in terms of the ele- 
mental length dL, as follows 


UdA hd A, 


dA, aN D,dL o6'4/"'9) 0) 0p 61) 01 le Je eile. eis) (6 atte [4 ] 


ll 


and 


dA, 


ll 
y 
= 
S 
iJ 
Q 
Sy 
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Substitution of Equations [4] and [5] in [3] gives upon solving 
for UdA 


. | 
Actually, the values of the film coefficients and the over-all | 
coefficient will vary along the length of the tube because the | 
bulk temperature of the fluids varies with the length. This — 
will result in the variation of the conductivities and viscosities 
of the fluids upon which values the local coefficient will depend. 
However, it is reasonably safe for all practical purposes to use 
values of film coefficients based on the mean bulk temperatures 
of the fluids. 
Integration of Equation [6] then gives 


Using a mean value of 0.78 for the Prandt] number, the formula 
for the tube-side film coefficient as given by McAdams is 
of 0.027 CyiGio-8u;9? 
ERY D,0-2 


The mass flow in the tubes, G;, is 


4W;; - 


i TDONG ca kl 
and substitution of Equation [9] in [8] gives 
a 
lie = Nosp,18 SO Oona emo oe a ht [10] 
where a = 00320 5 Coo ene {11] 


We have thus further simplified the formula for the tube-side 
film coefficient to the point where each factor appears only once. 
Furthermore, the fixed design conditions, C,;, u;, and W; have 
been separated from the usual assumptions N and D;. 

While formulas for film coefficients for fluids flowing across 
tube banks have been developed to a fair degree of correlation,? 
there is no completely satisfactory formula for the shell-side 
coefficient for the case of numerous baffles. Therefore the shell- 
side arrangement has been simplified to the point where the fluid 


can be considered flowing parallel to the tubes, Fig. 1. The 
SHELL 
OUTLET INLET SHELL HEAD 


OUTLET 
SHEET 


INLET 


, 

| 

Ite. 1 Typrcan Srveitn-Pass CouNnTERFLOW, SHELL-AND-TUBE- | 
Type Heat Excuancer Wirx Fixep Tusr SHEets | 

hydraulic diameter is used as in annular spaces? and is determined 

as follows: 


* “Heat, Transmission,’’ by W. H. McAdams, second edition, Mc- 
Graw-Hill Book Company, Inc., New York, N. Y., 1942. 
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A typical tube-sheet layout with tubes on triangular centers 
is made, using the minimum spacing 1.25 tube diameters.’ The 
tube sheet is divided by a series of concentric circles, whose suc- 
cessive radii are 1, 2, 3, etc., tube spacings. The maximum 
number of tubes (1) in each circle is then counted. Now if a 
graph of D,/P versus V/ N is made, where P is the tube spacing 
and D, is the diameter of the circle containing N tubes, a straight 
line will result whose slope is found to be 1.09. The formula then 
is 


Equation [12] is a good approximate relationship and will hold 
for tube spacings up to 1.5 tube diameters. Also, since the ratio 
D,/P is dimensionless, Equation [12] will hold for all sizes of 
tubes. The standard deviation for the range, 31 < N < 1135, is 
1.4 per cent. 

Writing Equation [12] in the form 


Pee VOOR NAN oc conc esd [13] 


and by definition 
: P => 


Substitution of Equation [14] in [13] gives 
Dem MOT RDAVAN Fo he os he [15] 


The sectiona] area available for flow parallel to the tubes is 
from the geometry of the tube sheet 


7 il a) [16] 
4 
and substitution of Equation [15] in_[16] gives 
eee ON a) [17] 
f 
The wetted perimeter will be 
WE ee IND extol DE) Seswstecrometotete, Ct [18] 
and substitution of Equation [15] in [18] gives 
Pi ioe tr Bast N cto OIE WN) ont tsasch op bs [19] 


Now, since the hydraulic diameter is equal to 4 times the 
sectional area divided by the wetted perimeter, we can write, 
using Equations [17] and [19] and simplifying 

D,(1.188 R? — 1) 


1+ 1.09 R/\/N 


The mass flow of the shell-side fluid parallel to the tubes will be 

the total flow divided by the sectional area 
4W, 

aN D,2(1.188 R? — 1) 


2 Brame cere Ge [20] 


Grz 


The formula for the shell-side film coefficient is, then, using 
the hydraulic diameter with Equation [8] 


0.027 Cp,G,0-844.°°? 
om D,-2 


and substitution of Equations [20] and [21] in [22] gives the 
simplified formula 


3 Standards of Tubular Exchanger Manufacturer’s Association. 
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0 nappa ht ob ile ae [23] 
where 
_ (0,026)(1 + 1.09 R/V. NY?-?C go tt.?2W,08 yt 
(1.188 R? — 1) aa 


For values of N, ranging from 100 to 1000, and values of R, rang- 
ing from 1.25 to 1.50, the quantity 


(1 + 1.09 R/~/ NYO? 


has a maximum variation of only 2.22 per cent. Therefore we 
can safely use the mean value of this quantity, 1.02, in order to 
simplify Equation [24] obtaining ° 
_ 0.0263 Coote? W 
~ 1,188 R?—1 


At this point Equation [25] can be simplified further by choos- 


.ing some value for R. Further, for any particular arrangement, 


an optimum value for R can be found. However, Shepherd! has 
shown that an optimum value of R is 1.45. This value will be 
used in our development. Substituting this value in Equation 
{25] we obtain 


Gi=) O:0L7G8C py cte* Vacs er eae eee .. [26] 


As a point of interest at this stage, the inside and outside 
film coefficients can now be compared directly by looking at 
Equations [26] and [11], since the two Equations [10] and, [23] 
are identical in form. The ratio of these coefficients is found to 
be, when all other factors are equal 


hgfhig (= VBC es ies ate. Sasa [27] 


A smaller value of R or the use of baffles would naturally re- 
duce this ratio to a point where the shell-side film coefficient 
would be as great as or greater than the tube-side film coefficient. 
However, the use of baffles has its limitations in both original 
cost and power cost by increasing the pressure drop on the shell 
side.. Then, too, some stagnant areas are; caused by baffles 
which reduce the effective heat-transfer area. The question is 
still open and will be neglected in this paper. 

We can now substitute Equations [10] and [23] in [7] obtaining 

raBN-2L 


UA — BD2*= + aD,o8 Seecar id Scho Oh D (28] 


Equation [28] may be written 
UA(BD,°*= + aD,°:8) 


IO, onto usonnoe 29 
raBbL aa 
and substitution of Equation [2] in [29] gives 
D,9-:8 D 0.8 
ea a ee OSD ee [30] 
waB AttmL 
or 
BD,o-8 + Bee) 
INE Se QP | || coc bo ao cc ol 
Q | wah AtumL Bu 


The heat-transfer-surface area,’ based on the inside tube 


4“A Design Method for Counterflow Shell-and-Tube Heat Ex- 
changers for Gas Turbines,’”’ by D. G. Shepherd, presented at the 
Annual Meeting, Atlantic City, N. J., December 1-5, 1947, of Tue 
AMERICAN Society oF MECHANICAL ENGINEERS. 

5 In the example the inside surface area is controlling. ‘The log- 
mean surface area could be used but would only complicate the 
development unnecessarily. 
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diameter, then becomes from substitution of Equation [31] in 
A; — wD; NL 


A, = wD;C®(6D,°® + aD,o:8)8/L4....)..... (32 ] 
where 
= ED tir Sg Ne atead [33] 
waB AtLh 


It will be noted at once that the constant C is a function of the 
design conditions only and, for a given set of design conditions, 
this constant will have to be calculated only once. Moreover, it 
will be noted that the number of tubes N, has been eliminated 
from the final Equation [32]. This reduces the assumptions to 
only two, namely, the length and size of tubes. Of course N can 
always be calculated from Equation [81] for any size and length 
of tubes chosen, but this is supplemental to our method. The 
required area can always be determined directly from Equation 
[32]. 

Since we have eliminated the assumption (NV) from our heat- 
transfer calculations, our problem now is to eliminate the same 
assumption from the pressure-drop calculations. There are two 
separate sets of pressure-drop calculations; one set is for the flow 
in the tubes, the other set is for the flow in the shell. For the 
particular design under consideration, the shell-side pressure drop 
is negligible and will not be considered in this paper. 

Where many baffles are used, the shell-side pressure drop is 
quite large and should not be neglected. However, a satisfactory 
method of calculation of shell-side coefficients, where numerous 
baffles are used, has not been developed for general use as of to- 
day. As soon as some reliable method is available, the author 
hopes to extend this development to include pressure-drop and 
heat-transfer calculations for the shell side using any number of 
baffles. 


PRESSURE Drop 


The tube-side pressure drop includes the entrance and exit 
losses as well as the friction loss in the tubes. For convenience, 
all losses will be expressed in pounds per square foot. The fric- 
tion loss in the tubes is found from the well-known Fanning 
formula 


The entrance and exit tube losses are based on the equivalent 
diameter ratio which is determined from the unit area in the head 
for each tube, which is available for flow at the tube entrance or 
exit. From geometry, Fig. 2, this area is 


Av =n 0 SO0Gl eat eee shies sice [35 ]® 
but by definition 


and substitution of this value in Equation [85] gives 


AY, Ee OEWTOVTID ooo co snooney awe [37] 
The equivalent diameter corresponding to this area is 
DAS TS0S RD 4. ce see. es, [38] 
and the equivalent diameter ratio becomes 
D; D; 
D, = 1.05 RD, Jah S. Os cee rae areeh: [39] 


6 This is not exactly true for some of the tubes next to the shell due 
to the excess area in the head near the shell. However, Equation [35] 
is close enough for practical purposes. 
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Again, using Shepherd’s optimum value for Rk, we obtain 


Assuming a mean value for D;/D, = 0.881, substitution in ) 


Equation [40] gives 


a 


The entrance and exit losses may now be determined from the 
coefficients as given by the chart, Fig. 3, and are found to be 


Entranceilossi= 0:29\—=7 2a.) ae oie [42] 


2 
4 
oo, 


Fig. 2. Typrcau TRIANGULAR TUBE SPACING 


(Shaded area enclosed by hexagon is cross-sectional area in head, Ae, availa- 
ble for flow in each tube at entrance and exit.) 
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FoR Various Ratios oF CONTRACTIONS AND EXPANSIONS WHICH 
ARE Usep IN Pressurg-Drop CALcuLATIONS 


and 


4 2 
Exit loss = 0.44 i 
29 


The total pressure drop for the tube-side fluid is, then, from 
Equations [84], [42], and [43] 


_ For Reynolds numbers usually encountered in practice of from 
4000 to 40,000, the friction factor f may be calculated from the 
_ expression 


Substitution of the well-known expression for the Reynolds 
number and Equation [9] in Equation [45] gives 


f = 0.0515 Ga Peele [46] 
and substitution of Equation [46] in [44] gives 
ap, = (220 Ee ora) Tan 
The velocity in feet per second may be expressed by 
See kak cn A.) [48] 


Vos = 
3600 aN D;*p; 


Equation [47] gives the pressure drop in feet of fluid flowing. 
In order to obtain this loss in pounds per square foot we simply 
multiply by the density. Then substitution of Equation [48] in 
[47] gives 


AP; = We? 0.206 LN2-2y,9-2 
See 15, XC 10°N2D, 4p; D,23W 9-2 


se ozs). . [49] 


The power required is the product of the pressure in pounds 
per square foot times the volume of fluid flowing. Therefore the 
tube-side hourly requirements for power are from Equations 
[49] and [48] 


Wi 0.206 LN®-%u,0-2 
Power = 515 X 10° N*D,p2\ D28W 0? 


aia 073). . [50] 


Equation [50] can be simplified by letting 
WwW; 


ee on oy es 51 
WIT 5 15 x 10%p;? pt 
and 
0.2 
Se [52] 
Wo? 


Substitution of Equations [51], [52], [30], and [31] in [50] gives 
the final equation for power rate in foot pounds per hour 


yL0 6C(BD;°°8 + aD,%8) 
DAC (BD o:8 + — D,98 + 0.78 


Power = 


The entrance and exit losses from nozzle to head are neglected in 
the foregoing development, since these losses are independent of 
tube size. Therefore the optimum tube size is not affected. 
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TOTAL ANNUAL COST IN THOUSANDS OF DOLLARS 


%5 1.0 15 20 
TUBE SIZE 0.D. IN INCHES 


Fie. 4 CHart SHOWING VARIATION IN Tota, ANNUAL Cost WITH 
Tuspre DIAMETER FOR VARIOUS FIxED TuBe LENGTHS AS THE 
PARAMETER 


DersiGgN PRocEDURE 


It is now seen that for a given set of fixed design conditions, 
the required area and power can be calculated directly from 
Equations {33] and [58] with the use of only two variables, 
namely, the length and size of tube. Therefore for any con- 
venient chosen length we can calculate directly a set of 
values of the area and of the power requirements for a range of 
tube sizes. 


Fixed charges on the initial investment and annual power costs 
vary with the type of plant and the location. For example, the 
annual write-off may be, say, 0.75 dollars per square foot per 
year, and the annual power cost may be 30 dollars per horsepower- 
year. In this event, then, the total annual cost will be 


Power 
Se Oh 4) 30008 esses | ee 54 
i (5 x a [54] 


Using Equations [83], [53], and [54], we can calculate and plot 
a curve of total annual cost versus tube size for a particular 
length of tube (see Fig. 4). If desired, curves can be calculated 
and plotted for other lengths, each of which will have a well- 
defined minimum, or if so desired, the optimum length of tubes 
can be determined for a particular size of tube. Fig. 4 has been 
plotted to illustrate the comparison of the minimum total 
annual costs for various optimum sets of tube-length and size 
combinations, The power cost should of course be based 
on output of the blower or compressor. 
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Discussion 


G. M. Dusrnserre.’ It is unfortunate that this paper does 
not include a bibliography, only three references being given in 
the footnotes. There is a great deal of previous work along the 
present line. It would be of interest if the author would show the 
advantages of his analysis over earlier ones, especially those 
which use Stanton number and L/D ratio. The author’s Fig. 4 
shows nearly a constant L/D, affected slightly by the entrance 
and exit losses which are ignored in some analyses. 


D. G. SHePHERD.2 This paper is a useful addition to the 
scanty literature available on the application of heat-transfer 
data to a practical design. To anyone not actively engaged in 
the heat-transfer field, the specific physical data available seem 
overwhelming and, although a considerable amount of correla- 
tion has been achieved and presented, the problem of design- 
ing the optimum form of heat exchanger for a given duty is 
formidable. Where the performance of the exchanger is critical 
with respect to the power loss, then the optimum design requires 
a large number of trial-and-error solutions, as initially there 
may be a choice of crossflow or counterflow, followed by in- 
numerable choices of tube size, arrangement, and spacing. 

Such a paper as that of the author is useful in showing how the 
many variables may be combined to at least direct the calculations 
toward an optimum design for a particular desired result. It is 
recognized that any such analysis will be approximate because 
of the simplifying assumptions which have to be made to obtain 
an assimilable expression. Nevertheless such analyses can be 
very valuable to the engineer who does not have a wealth of 
empirical data and experience at his command. 

Inasmuch as the author has used some material from a previous 
paper of the writer, the latter feels bound to emphasize the limita- 
tions pertaining to their use. In Equation [25] of the paper, the 
author has substituted an optimum value of R of 1.45, where R 
is the ratio of tube spacing to outside tube diameter. As derived 
by the writer, this value was for a particular set of conditions 
pertaining to a gas-turbine heat exchanger with equal air and 
gas-flow rates and was intended to be illustrative only. It seems 
unlikely that this particular value of R has general validity. 

Again, in Equation [45], a value of the friction coefficient f 
is given as a simple function of Reynolds number, and this too 
is likely to be valid only for conditions pertaining to a typical 
gas-turbine exchanger with small tubes of a given degree of 
roughness. 


AuTHOR’s CLOSURE 


Most of the previous work on the economical sizing of a tubular 
heat exchanger has been confined to topics such as the optimum 
velocity in the tubes’ and the optimum ratio of capital charges to 
power costs” for a fixed tube diameter and tube pitch. The aim 
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of the present paper has been to work with fixed design conditions, 
over which the designer or manufacturer of the tubular exchanger 
has no control, and, by the development, to show the effect of the 
length of tube as well as the diameter of tube upon the optimum 


design. 


easily differentiated and solved for the, optimum L/D ratio. 
Thereupon substitution in Equation [32] will give the optimum 
area and, subsequently, the optimum over-all heat-transfer co-- 
efficient. However, since this is the subject for a future paper, 
the details will be omitted here. 

The value of R is quite arbitrary, and any convenient value 
could have been used for the purpose of illustrating the method. 
The Tubular Exchanger Manufacturers Association gives a mini- 
mum value for R of 1.25. The maximum value in practice is 
around 1.5. If fouling is excessive on the shell side even a larger 
value niay be used. 

The only factors affected in the final equations by the R-value 
are the 6-value and the numerical constant in Equation [53] which 
in this case is 0.73. The variation of the latter figure with 1/R 
is a straight-line relationship and may be represented by 


1.84 
E =2——_ 
R 


where £ is to be substituted in place of the constant 0.73 in Equa- 
tion [53]. Any suitable R-value may then be used. 

The effect of R on the 6-value is given by Equation [25]. It 
must be remembered, however, that the numerical constant 
(0.0263) in Equation [25] is a purely theoretical value and that in 
practice, using an exchanger of the type illustrated, the actual 
value of this constant will be much higher due to the crassflow at 
the entrance and exit. This value can be calculated from operat- 
ing data. 

Furthermore, for the special case of a gas in the tubes and a 
liquid or condensing vapor in the shell, the tube-side film coeffici- 
ent is controlling and Equation [82] becomes simplified to 


QD; 
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Another point to be borne in mind is that the present paper 
applies only to a gas-to-gas tubular heat exchanger with tri- 
angular tube spacing. Liquid-to-liquid exchangers or in-line tube 
arrangements would require a similar but separate development. 

Equation [45] of the paper is a direct consequence of the Rey- 
nolds analogy between heat transfer and pressure drop, i.e. 


SB aN 


where 


and h; is defined by Equation [8], using a mean value of 0.78 for 
the Prandtl number. The limitations of Equation [45] of course 
are given in the text, but the application in this range is quite 
general. 


If we neglect the end losses, Equation [54] of the paper may be 


Loss Coefficients for Abrupt Changes in 


Flow Cross Section With Low Reynolds 
Number Flow in Single and Multiple- 
Tube Systems 


By W. M. KAYS,! STANFORD, CALIF. 


In testing for the flow-friction characteristics of com- 
pact heat-exchanger surfaces concurrent with heat-trans- 
fer tests, more precise data on the flow contraction- and 
expansion-loss coefficients are required than are presently 
available in the literature. This paper presents a theory 
for evaluating these coefficients for both single- and mul- 
tiple-tube systems for various contraction and expansion 
geometries. The analysis takes into account the con- 
traction and expansion area ratio and the velocity dis- 
tribution. Results of experiment for the Reynolds num- 
ber range 500-20,000 are presented which compare well 
with the analysis. This paper was originally presented at 
the June, 1949, meeting of the Heat Transfer and Fluid 
Mechanics Institute, and included only experimental data 
on multiple-tube systems. Since that time experiments 
have been performed on single-tube systems and these 
later results are presented here. 


NOMENCLATURE 
The following nomenclature is used in the paper: 


A = cross-sectional area of flow tube, sq ft 

C, = jet contraction-area ratio, dimensionless 

f = Fanning friction factor, dimensionless 

g = proportionality factor in Newton’s second law, g = 32.2 


(Ib/#) (ft/sec?) 

K, = contraction-loss coefficient, dimensionless 

K, = expansion-loss coefficient, dimensionless 

K,, = kinetic-energy velocity-distribution coefficient, dimen- 
sionless 

K, = momentum velocity-distribution coefficient, dimension- 
less 


Nr = Reynolds number (4r;,Vp/), dimensionless 
n = number of small tubes in multiple-tube system 
P = static pressure, #/ft? 
r, = flow-tube hydraulic radius, ft 
ro = radius of circular tube 
V = velocity, fps 

x,y = co-ordinates perpendicular to direction of flow 
yo = one half distance between two parallel planes 
A = asaprefix to P, denotes pressure difference 
p = density, lb/ft? 


1 Acting Instructor of Mechanical Engineering, Stanford Univer- 
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= contraction and expansion area ratio, dimensionless 
= viscosity, lb/(hr ft) 

denoting pounds mass in distinction to 

= denoting pounds force 

denotes approximately equal 
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INTRODUCTION 


There are many flow problems in which it is necessary to 
evaluate the losses of mechanical energy at abrupt changes in 
flow cross section. For incompressible or low Mach number 
flow, these losses are generally evaluated by the use of expansion 
and contraction coefficients K,, and K,, which may be defined as 
follows, using the nomenclature in Fig. 2 


AP V3? 
(2) SI K, ce wast te 1] 
p (expansion loss) 2g 
AP V32 
ee = Ko eee [2] 
p (contraction loss) 29 


(In all equations P refers to static pressure.) 

The expansion coefficient K,, is generally evaluated from the 
Borda-Carnot equation for the pressure loss at an abrupt 
expansion (which may be derived from momentum considera- 


tions) 
( AP ) At (Vs — Vi)? 
p (expansion loss) 29 


K, = (ie=t9)* 


Then 


This equation, expressing K, as a function of the expansion-area 
ratio only, has been verified experimentally for fully turbulent 
flow (Vp > 10,000), by Schutt (1).? 

The contraction coefficient K,, as presented in the literature, is 
strictly empirical. It is also expressed as a function of the con- 
traction-area ratio only. The K, coefficients given in the litera- 
ture are not consistent; for instance, Rouse (2) gives one tabula- 
tion of values, while McAdams (8) gives a curve for K, which: 
differs up to 75 per cent from the data of Rouse. 

For most pipe-line problems, the pressure losses at abrupt: 
changes in flow cross section are minor relative to the skin- 
friction losses. Therefore any question as to the validity of the 
idealizations involved in the Borda-Carnot analysis, or from the 
inconsistency of the data on K,, is of minor importance. How- 
ever, in testing for the flow-friction characteristics of compact 
heat-exchanger surfaces concurrent with heat-transfer tests, 
the entrance and exit losses may become a significant proportion 
of the total pressure drop (11). When using a gas, the Reynolds 


2 Numbers in parentheses refer to the Bibliography at the end of 
the paper. 
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number range of interest for these compact heat-exchanger sur- 
faces is often from about 500 to 10,000. Since the only experi- 
mental verification of the coefficients in the literature was con- 
ducted at much higher Reynolds numbers (1), the assumption 
that these coefficients hold for very low Reynolds numbers is open 
to question. Likewise there is a question as to their validity 
when applied to complex flow-passage geometries and multiple- 
tube systems. 

Fig. 1 shows three typical compact heat-exchanger systems, 
all of which include multiple-tube contractions and expansions, 


at eae 


Fig. 1 Tourer Exampiyes or Mutrtipite-Tuse Heat-ExcHANGER 


Systems 


and two of which have flow-tube cross sections very different 
from circular tubes. It is the purpose of this paper to present 
an analytical method for evaluating the expansion and contrac- 
tion coefficients for essentially incompressible flow in systems 
of this type as well as for the single-circular-tube contraction and 
expansion system. Equations are derived expressing K, and K, 
as a function of the contraction- and expansion-area ratio and the 
velocity distribution in both the large and small tubes. 
shown that for many multiple-tube contractions and expansions 
a simplification of the equations is possible, and the results for 
four different geometries are presented graphically. 

Tests were performed on a single-circular-tube system, a mul- 
tiple circular-tube system, and a multiple-triangular-tube system 
simulating a plate-fin heat-exchanger core similar to that shown 
in Fig. 1. The results of the tests substantially confirm the 
analysis. 


ANALYSIS 


Abrupt Expansion Loss. The abrupt expansion system to be 
analyzed is shown in Fig. 2, section c to d. While attention is 
directed to the flow-tube representation for a single one of the 
smaller tubes, this treatment is general and applies to both 
single- and multiple-tube expansions. The cylindrical tubes may 
be of any cross-section shape. 

The behavior of this system can be predicted using a momen- 
tum-force analysis if the pressure on the downstream face, sec- 
tion c, is known. Nusselt (4) proved experimentally that for 
subsonic flow the pressure on the downstream face is equal to the 
static pressure in the stream just prior to expansion. Then, using 
Newton’s second law and neglecting wall friction, the summa- 
tion of the forces in the direction of flow can be equated to the 
rate of change of momentum between c and d 
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Ka; ae V32Az — Ka i VyvAi = 
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The static pressures P, and P,, are assumed to be essentially con- | | 


stant over the flow cross section, a condition confirmed by ex- 
periment, 


AM 
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Fig. 2 System D1aGRaM AND PRESSURE VARIATION FOR ABRUPT 


CONTRACTION AND EXPANSION 


Velocity-distribution coefficient Ky, relates the actual momen- 
tum rate to the momentum rate evaluated from the bulk average 
velocity. Itis greater than unity since the momentum rate is not 
necessarily uniform over the cross section. 
introduced into the analysis as it is more convenient to base tech- 
nical calculations on the bulk average velocity than to integrate 
K, is de- 
fined specifically as follows 


This coefficient is evaluated in a later section as a function of 
Reynolds number for various flow geometries. 
From Equation [3], and the continuity equation, assuming 
incompressible flow 
AP 2 Ka;V2o KaVi? 
p g g 


This coefficient is 


Ideally, if mechanical energy in the flow stream is conserved and | 


if the velocity distribution is uniform 


V3? e 72. ¥ V2 wh Ps 
29 p 29 p 
From which 
APideaty _ Va? Vi? S V3? (eet 
p 29 2g Og 

Then by the definition of AP oss) (See Fig. 2) 
V3? 
AP Goss) = AP (ideal) a A= 9p ch oe o*) ==9 AR 

g 


Substituting from Equation [5] 


Ne 


V3? V32 
ie ‘2g h-Eex 2g 2(cKa; — o?Ka;) 


(loss) 


V22 


La) 
2g 


[1 — 2Kao + o?(2Ka, — 1)] 


KAYS—LOSS COEFFICIENTS FOR ABRUPT CHANGES IN FLOW CROSS SECTION 


Combining with the definition of K,, Equation [1] 
K, = 1— 2Kao + o°(2Kn — IB SP SIRES [6] 


This expression is perfectly general and applies for either 
single- or multiple-tube expansions. If the velocity distribution 
is uniform, K, is equal to unity and Equation [6] reduces to the 
Borda-Carnot relation 


K, = (1—o)? 


As will be shown later, A, is a function of Reynolds number 
and flow-tube geometry and approaches unity as Reynolds num- 
ber is increased. For many multiple-tube expansions, Reynolds 
number in the large tube is very much greater than in the smaller 
tubes, and it is sufficiently accurate to assume uniform velocity 


distribution in the large tube, or Ka: equal to unity. Equation 
(6] can then be reduced to 
U6 Ree SS EN Ce ee eee eee (7] 


This equation has the advantage that, for multiple-tube systems, 
K, can be plotted as a function of « with Nz in the smaller tubes 
as a parameter. The error introduced in the use of Equation 
[7] rather than Equation [6] is 20?(Ka,-~— 1). If this term is of 
sufficient magnitude to warrant its inclusion, it can be added to 
the value of K, taken from a plot of Equation [7]. Ka, can be 
determined from Np in the larger tube which is related to Nr 
in the smaller tubes, for the circular-tube system, as 


Nra/Nre = Vne 


Similar expressions may be derived for other geometries. 

Abrupt Contraction Loss. The abrupt contraction system is 
described in Fig. 2 as section a to 3. The flow stream experi- 
ences an initial contraction to Az and then a re-expansion to A3;. 
The losses of flow-stream mechanical energy occur in the region 
of flow deceleration near the stagnation point, Fig. 2, in the 
larger tube, and in the region of re-expansion within the smaller 
tube, or tubes. The former is of secondary importance, and 
conservation of mechanical energy is assumed in the contraction 
from A; to As. The jet contraction ratio, C, = A2/As, is a func- 
tion of o and is evaluated for certain elementary geometries in a 
later section. Because of the nozzlelike flow up to the “throat” 
section, As, the velocity distribution at Az is assumed to be es- 
sentially uniform. However, in applying the energy equation 
from A; to A» the nonuniform velocity distribution at A; must 
be taken into consideration by use of a kinetic-energy correction 
factor K,,, similar to the momentum correction factor, Kg. 
With the state of the stream at A. completely determined, the 
losses due to the re-expansion can be determined by a momen- 
tum analysis identical to that used for the abrupt expansion. 
The resulting expression for K, for incompressible flow is 


P= Key ot — 20,'+ C22Ks, 
_ i 


1 A 
Ky = Vd Arr tess ceed oie aN [9] 
eb A Vere? als 


Equation [8] is applicable to either single- or multiple-tube 
contractions. However, as was the case for the expansion co- 
efficient, a considerable simplification is possible for many multi- 
ple-tube applications, and K, can be expressed as a function of 
only two variables. Assuming uniform velocity distribution in 
the large tube, and thus K,, = 1.00 


— 1 2C. + Ce? (2Ka; — 1) 
K, = C2 


K, (1 —o).. [8] 


where 
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The difference between Equations [8] and [10] is o?(Kes, — 1). 
If the magnitude of this term is sufficient to warrant its inclusion 
it can be subtracted from the value of K, taken from a plot of 
Equation [10]. 

Kvaluation of C,, Ky, and K,. Since section a to A» is a region 
of flow acceleration, with the exception of the immediate vicinity - 
of the stagnation point, the flow pattern should be fairly well 
approximated by the pattern for an inviscid fluid flowing through 
an orifice. This pattern has been determined analytically for 
two-dimensional flow, and the resulting contraction ratio, C, = 
A,/As, is tabulated as a function of o in reference (2). 

According to this reference, C, for the two-dimensional system 
can be used with good approximation for the three-dimensional 
circular-tube system if o for the two-dimensional case is replaced 


by Vo for the three-dimensional case. The extension of this 
coefficient to the multiple-circular-tube system needs justifica- 
tion. It is for the purpose of checking such assumptions that 
these tests were made on a multiple-circular-tube system. C, 
as a function of o, from reference (2), is given in Fig. 3 for the two- 
dimensional and three-dimensional circular contraction situa- 
tions which approximate the heat-exchanger core contractions 
shown in Fig, 1. 

K, may be evaluated from Equation [4], providing velocity- 
distribution data are known. Such data are presented here, 
Fig. 3, for flow in circular tubes, flow between parallel planes (in- 
finitely wide gap), flow in equilateral-triangular tubes, and square 
tubes. These are the four geometries to be considered specifically 
in this analysis. 

For Jaminar flow, the well-known parabolic velocity distribu- 
tion in the circular tube and in the infinitely wide gap yields 
values for K, from the defining Equation [4] of 1.833 and 1.200, 
respectively. The laminar-flow velocity distribution for the 
square tube and the triangular tube can be determined by integra- 
tion of the differential equation for laminar flow 
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This integration has been performed by finite-difference meth- 
ods in reference (5) for the square tube, and the resulting value 
for K, from Equation [4] is 1.39. The solution for V is also 
available in algebraic form (6). For an equilateral triangle, an 
algebraic solution for V can be obtained (6). The differential 
equations for laminar-flow velocity distribution and for the 
stress function for elastic torsion are identical. Consequently, 
the solution of Saint Venant (6) is applicable 


(a3 — 3y?) = a a 


il 
th = 2 2 
v= o| he + y?) as 


C and a are constants which cancel out of the solution for Ky 
from Equation [4]. The resulting magnitude of K, is 10/7 = 
1.48. 

For turbulent flow, semiempirical velocity-distribution data are 
available for the circular tube and the infinitely wide gap as a 
function of the friction factor. From reference (2) the modified 
Kérm4n-Prandtl relations are as follows 


For circular tubes 
aie | vai 215 log 10 = + 143) Zs | 
For the gap 
Vee Ve] Vi(2 logis = fe oss) + | 


Substitution of these expressions into the defining Equation 
[4] yields the following: 


For circular tubes 


K, = 1.09068 (4f) + 0.05884 0/4f + 1........ [13] 
For, the gap 
Kz = 0.750 (4f) + 0.024-V/4f +1........ .. 14] 


Equations [13] and [14], together with f = 0.049 N,z~-*, were 
employed in the preparation of Fig. 3. The friction-factor rela- 
tion for circular tubes was also used as an approximation for the 
wide-gap geometry. The coefficient 0.049 was used instead of 
the usual 0.046 for ‘‘smooth” tubes (3), as being more applicable 
to the heat-exchanger surfaces under consideration. 

Also plotted in Fig. 3, are the laminar-flow solutions for K, for 
all four geometries. 

The tubulent flow K, for the square and triangular cross-section 
geometries shown in Fig. 3 were estimated from the fact that 


Kacgap) sae! 


= 0.6 
Ka(cireutar) ll 


for both laminar and turbulent flow. Therefore it was con- 
cluded that the similar ratios 


Saceatare) =i Kactriangle) al 


= 1.17, = 1.29 


Sioedlas) == il ING eranien) == I 


determined from the laminar-flow solutions, would also apply as 
an approximation for turbulent flow. 

K,, may be evaluated from its defining Equation [9] employ- 
ing the velocity-distribution data just given. This has been 
worked out only for the circular-tube system. For laminar flow, 
K,, = 2.00. For turbulent flow, the following equation obtains 


Ky = —1.735 (4f)’/* + 3.272 (4f) + 0.0883 (4f)"/? + 1.. [15] 


Graphs of K, and K,. Employing Equations [7] and [10], in 
conjunction with the data given in Fig. 3, the expansion and con- 
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traction coefficients have been evaluated for the four basic flow- 
tube geometries with multiple expansions and contractions, and 
are presented in Figs. 4, 5, 6, and 7. C, for the two-dimensional | 
contraction was used for the gap, square, and triangular geome- 
tries, Figs. 5, 6, and 7. Since the fins forming the square tubes, 
Fig. 1(b), are assumed to be very thin, the two-dimensional data _ 
are applicable. For the triangular tubes, however, there may be 
some question as to the validity of this assumption since the fins © 
would be expected to interfere to a certain extent with the two- — 
dimensional contraction. 

For the single circular tube contraction and expansion, Equa- 
tions [6] and [8] can be used directly. Alternatively, Fig. 4 — 
can be used in conjunction with the corrections previously indi- 
cated relating the approximate Equations [7] and [10] to [6] and 
[8], respectively. Reynolds number in the large tube is always 
less than Reynolds number in the small tube so that the velocity 
distribution in the large tube must be taken into consideration. 
An interesting consequence arises here in that the transition 
from laminar to turbulent flow in the two tubes takes place at 
different mass-flow rates. Since there is a large change in Ky, 
and K,, at this transition (see Fig. 3), two discontinuities in 
K, and K, result, corresponding to the transitions between the 
three possible flow conditions—both tubes laminar, one laminar 
and the other turbulent, and both turbulent. These two dis- 
continuities are confirmed by the tests of a single-circular-tube 
contraction and expansion presented here. 

Examination of Figs. 4, 5, 6, and 7 results in the following con- 
clusions for the multiple-tube system: (a) In all cases the effect 
of decreasing Reynolds number is to decrease the expansion co- 
efficient and increase the contraction coefficient, and this effect 
is much more marked for the flow passages with sharp corners 
than for the circular tubes or the infinitely wide gap. (b) In all 
cases there is a large change of magnitude of the coefficients from 
turbulent to laminar flow. (c) It is possible to have a negative 
“Joss” coefficient K,, for some cases of high cif Ka, >> Ka, 
as is implied in the use of Equation [7]. This results from the 
fact that AK, is defined on the basis of bulk average velocities. 
(d) Even with area ratios of unity (which is approached as a 
limiting case in some types of finned-flat-tube intercooler and 
automobile radiator surfaces), instead of a zero loss coefficient 
as may be superficially expected, it is possible to have a negative 
loss coefficient K,, for the reason given in the foregoing. 

Application to Heat-Exchanger Test Cores. The curves in Fig. 
7 are based on a two-dimensional contraction and velocity dis- 
tribution in the smaller tubes characteristic of an equilateral-tri- 
angular flow section. These data should apply as a good approxi- 
mation of flow passages such as shown in Fig. 1(c) even if the 
flow passages are narrow isosceles triangles. The velocity-dis- 
tribution coefficient for these passages would not be expected to 
differ markedly from that of an equilateral triangle, and further, 
the fins would offer but slight interference to the two-dimensional 
contraction. Likewise the data in Fig. 6 should apply to rec- 
tangular flow passages such as shown in Fig. 1(). 

For most multiple-tube heat-exchanger systems, the transi- 
tion from laminar to turbulent flow takes place smoothly over a 
range of Reynolds numbers because of the variations of tube 
geometry inherent in the manufacturing methods employed. 
This transition range can be detected from the heat-transfer 
performance of a test system, and then the expansion and con- 
traction coefficients can be evaluated approximately by con- 
necting the curves for laminar- and turbulent-flow coefficients 
by a smooth curve over the indicated range. 

These coefficients have been evaluated for continuous non- 
interrupted tubes. For tubes with flow-interrupting louvers, 
as shown in Fig. 1(c), or with other types of discontinuous fins, 
the coefficients would not be expected to vary so markedly with 
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Fic. 4 ConrTraction AND EXPANSION Co- 
EFFICIENTS FOR MULTIPLE-CIRCULAR-TUBE 
SysteM 


Reynolds number, because marked variations in velocity dis- 
tribution are prevented from occurring. For very short strip 
fins, or pin fins, it is recommended that the coefficients for Np 
© be employed for all Reynolds numbers, 


EXPERIMENTAL RESULTS 


In order to verify the applicability of the analytically evalu- 
ated expansion and contraction coefficients to actual systems, 
experiments were performed on the following systems: 


1 A single circular-tube contraction and expansion system 
at two contraction and expansion area ratios. 

2 A multiple circular-tube contraction and expansion at 
various area ratios. 

3 A multiple triangular-tube contraction and expansion at 
one area ratio. This geometry is similar to that of a typical 
plate-fin heat-exchanger surface, Fig. 1(c). 

4 Asystem similar to that of item 3 using interrupted, or lou- 
vered fins, Fig. 1(c). 

Description of Test Apparatus. Water was employed as the 
flow medium for the single circular-tube test system. For the 
multiple-tube test system air was used. Although the analysis 
is based on an incompressible fluid, the Mach number in the 
tubes did not exceed 0.2, so that compressibility effects were 
small except for several of the test runs of system 3. 

The two test systems consisted of a brass tube cut and flanged 
at the test section so that cores containing the single or multiple 
smaller tubes could be inserted, thus forming an abrupt con- 
traction followed by an abrupt expansion. Sufficient pressure 
taps were provided in both the approach and discharge ducts 
and in the test cores so that static pressure could be determined 
as a function of length, as shown in Fig. 2. 

For the single-tube test system, the water was metered gravi- 
metrically, and static pressures were measured by a bank of 
manometers using carbon tetrachloride under water. Flow 
regulation from a constant-head supply tank was accomplished 
by adjustment of three needle valves in parallel. 


Fig. 5 ConTrRAcTION AND Expansion Co- 
EFFICIENTS FOR MULTIPLE-TUBE INFINITELY 
WipeE-Gap System 
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Fig. 6 CONTRACTION AND EXPANSION Co- 
EFFICIENTS FOR MULTIPLE-SQUARE-TUBB 
PuLatTEe-FiIn System 


TRIANGULAR-TUBE PLATE-FIN SYSTEM 


For the multiple-tube test system, the air was metered by a 
standard flat-plate orifice meter using the coefficients of refer- 
ence (7). Static pressures were measured by a system of in- 
clined draft gages and vertical single-leg water manometers. 
Flow-rate control from an automatic pressure regulator was ac- 
complished by two manually controlled needle valves in parallel. 

The single circular-tube test cores were constructed of brass 
tubing with four holes drilled and connected by a piezometer ring 
for each static-pressure tap. 
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The multiple-circular-tube test cores were constructed by drill- 
ing 19 tubes through a solid aluminum core. The static pressure 
taps each intersected three of the tubes. The plate-fin test 
core was built up of brass plates with inserts of fin material. 
The static pressure taps each intersected six flow tubes. 

The pressure losses due to the contraction and expansion were 
evaluated by extrapolating the straight-line pressure variations 
to the point of abrupt change in flow cross section, as shown in 
Fig. 2. The contraction and expansion coefficients were then 
evaluated from Equations [1] and [2]. 

A more detailed description of the test systems, the original 
test data, and the method of analysis are contained in references 
(9) and (10). 

Results of Tests. Figs. 8 through 13 show the experimentally 
determined expansion and contraction coefficients plotted as a 
function of Reynolds number in the smaller tube, or tubes. De- 
noted by dashed lines are the coefficients as predicted by the pre- 
ceding analysis. 

The results for the single-circular-tube system for one area 
ratio are shown in Figs. 8 and 9. Except for the contraction 
coefficients K,, at the lowest Reynolds numbers, the agreement 
between analysis and experiment is excellent. The poorer agree- 
ment for K, at low Reynolds numbers is attributable to the poor 
experimental accuracy at low flow rates. The results of these 
tests illustrate clearly the double transition, especially in the 
case of the contraction coefficients where the effect 1s more pro- 
nounced. d 

Fig. 10 shows the expansion coefficients for four expansion- 
area ratios in the multiple-circular-tube system. Although there 
is a considerable scattering of test points, especially at the lowest 
Reynolds number, where the measured pressure changes were 
only a few hundredths of an inch of water, the analytically 
evaluated coefficients appear to be well substantiated by experi- 
ment. Because of the limitations of pressure-measurement 
accuracy, it was not possible to test at sufficiently low Reynolds 
numbers to substantiate completely the laminar-flow analysis, 
but the trend toward the laminar-flow curve is definitely evi- 
dent. 

Fig. 11 shows the contraction coefficients for two area ratios 
in the multiple-circular-tube system. Here the analytically 
evaluated coefficients are well substantiated for Reynolds num- 
bers above 12,000. The behavior of the experimental coefficients 
at Reynolds numbers below 12,000 is believed to be due to the 
relatively short flow lengths in the test cores. The length-to- 
diameter ratio for these two test cores was 25.5 and 16.0, respec- 
tively, as compared to 100 for the single-circular-tube system. 
In order to evaluate the contraction coefficients it was necessary 
to extrapolate the pressure variation in the test core back to the 
entrance (see Fig. 2), and thus for accurate results, flow charac- 
teristic of long tubes would have to be established fully in at least 
one half the length of the core. it is evident that for the short- 
tube test cores, the fully developed laminar flow would never be 
established, and that fully developed turbulent flow would not 
exist until fairly high Reynolds numbers were reached. 

Fig. 12 shows the results of tests of the plate-fin core with 
plain fins. Here the flow length was again sufficiently long to 
obtain good contraction-coefficient data at low Reynolds number, 
but below Nz = 1000 the experimental accuracy deteriorates 
rapidly. Nevertheless, the laminar-flow coefficients from Fig. 7 
agree with the trend of the experimental results. At Reynolds 
numbers above 6000, both the contraction and expansion co- 
efficients tend to decrease and drop away from the analytically 

evaluated coefficients. Here Mach number > 0.15 and the com- 
pressibility effects become significant. The coefficients K, and 
K,, since they are defined for incompressible flow, lose rigorous 
significance for compressible flow. However, it can be. demon- 


TRANSACTIONS OF THE ASME 


NOVEMBER, 1950 


Fig. 8 ExprRIMENTALLY DETERMINED EXPANSION COEFFICIENTS 
FOR SINGLE-TuBE SysTEM 


Nr x 107° 
ie) IS.320 


3.0 40 


Fic. 9 EXPrRIMENTALLY DeTeERMINED ConTRACTION CoEFFICIENTS 
FOR SINGLE-TusBE SysTEM 


OOOO 
4 OOOO 
4 Ke SF — + 
O09 = has = bee { ; 
OS Sere fs | Bas eae ia Ss 
ois gan) oR hd 3 =0.101 
O7 st i Ct pete § | 
Seal AREAL Apia gee | 
OC ik aaa ae 4S a =S G = 0.188 
0 —+—-+-—-—wHY - p74 sz PAG. a ees 
00 Jo 608 g of aa 6 = 0.259 
04 —--4 a re | ma Wish ey 
a | a bh a a 
6 =0.348 
0.3 foun fa me 7.9 — ma} [ ee ee = 
rs 
an esr? =! 
A 
0.1 1 Hh l 
| Nye OFF aioe mara | 
OO : 4 6 8 110 | O 0 


Fie. 10 ExprrimentraLLy DeETERMINED EXPANSION COEFFICIENTS 
ror Muttipte-Crrcuiar-Tuse System 


KAYS—LOSS COEFFICIENTS FOR ABRUPT CHANGES IN FLOW CROSS SECTION 


Fie. 11 ExXprrrmenTALLy DETERMINED CONTRACTION COEFFI- 


CIENTS FOR MULTIPLE-CIRCULAR-TUBE SYSTEM 


Fig. 12 ExprerIMENTALLY DETERMINED CONTRACTION AND Ex- 
PANSION CORPFFICIENTS FOR A PLATE-Fin System WitTH Puan Fins 


Fig. 13 EXprRIMENTALLY DETERMINED EXPANSION AND Con- 
TRACTION COEFFICIENTS FOR A Puate-Fin System Wit INTER- 
RUPTED [Ins 


1073 


strated on the basis of the data of reference (8) that the com- 
pressibility effect will be to decrease the “apparent”’ coefficients 
in the manner shown by the experimental results. For Mach 
number < 0.15, the incompressible-flow treatment applies with 
good accuracy for most applications. 

Fig. 13 shows the results of tests of the plate-fin core with inter- 
rupted fins. The very marked variation of the coefficients K, 
and K,, with Reynolds number is no longer evident due to the 
tendency of the louvers to minimize large changes in velocity 
distribution with variations in Vp. The louvers have their great- 
est effect at Reynolds numbers below 2000 where the parabolic 
velocity distribution with a large K, characteristic of laminar flow 
ordinarily would occur. The failure of the contraction coeffi- 
cients K,, to approach closely the predicted curve (from Fig. 7 
for smooth fins) at the higher Reynolds numbers is probably at- 
tributable to the actual system departure from the postulated 
two-dimensional contraction. This departure may be caused’ 
by the interference of the fins owing to curvature both in the 
plane of the flow and normal to the flow. 


SUMMARY AND CONCLUSIONS 


The results and conclusions of the foregoing analytical and 
experimental investigation may be summarized as follows: 


1 A theory is developed for the prediction of contraction and 
expansion-loss coefficients for essentially incompressible flow. 

2 The theory for the expansion coefficient is an extension of 
the Borda-Carnot analysis allowing for nonuniformity of velocity 
distribution at both the upstream and downstream sections. 

3 The theory for the contraction coefficient is an extension of 
the expansion-coefficient analysis. The loss of mechanical energy 
is considered to take place during the re-expansion after an initial 
contraction to a vena contracta inside the smaller tube, or 
tubes. 

4 The specific application of this theory requires velocity- 
distribution data at both sections in question and, for the flow- 
contraction problem, additionally requires the area contraction 
ratio for the vena-contracta section. 

5 The velocity-distribution coefficient can be obtained ana- 
lytically for laminar flowin cylinders. For turbulent flow, data 
are available for application to the circular tube and two-dimen- 
sional flow between parallel planes. The square and triangular 
tubes are treated approximately. 

6 Application of the idealized system analysis to geometries 
corresponding to some high-rating heat-exchanger surfaces is in- 
dicated. 

7 Experimental results substantially confirm the predictions 
of the analysis. Discrepancies can be rationalized in terms of the 
departure of test system and idealized system geometries, and 
additionally in terms of experimental accuracies. 


These data have been used to extract friction factors from 
over-all pressure-drop measurements in testing plain plate-fin 
heat-exchanger cores. The fact that in a typical case the friction 
factors are 16 per cent lower for Jaminar flow and 10 per cent 
lower at Nz = 10,000, when these coefficients are used in place of 
the conventional data, illustrates the necessity for accurate con- 
traction and expansion coefficients for this type of work (11): 
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Heat-Transfer and Flow-Friction Character- 
istics of Some Compact Heat-Exchanger 
Surfaces 
Part l—Test System and Procedure 


By W. M. KAYS! ano A. L. LONDON,? STANFORD, CALIF. 


This paper describes a test apparatus and method of 
analysis used for the accurate determination of the basic 
heat-transfer and flow-friction characteristics of com- 
pact heat-exchanger surfaces. The experimental accu- 
racy is discussed and the results of test of a typical louvered- 
plate-fin heat-exchanger surface are included to illustrate 
the quality of data obtainable. It is hoped that the ex- 
perience presented here may lead to a standardization of 
test methods so that more accurate design data will be 
forthcoming. 


NOMENCLATURE 
English Letter Symbols: 
The following nomenclature is used in the paper: 


A = test-core total air-side heat-transfer area, ft? 
A, = test-core free-flow area, ft? 
A, = test-core extended-surface area, ft? 


A, = test-core total steam-side heat-transfer area, ft? 
A,, = test-core direct-surface heat-transfer area, ft? 
Cp = specific heat at constant pressure, Btu/Ib °F 


D, = hydraulic diameter of test duct, ft 
f = Fanning friction factor, dimensionless 
fz = test-duct friction factor, dimensionless 
G = test-core mass velocity, lb/(hr ft? of A,) 
g = proportionality factor in Newton’s second law, g = 32.2 
(Ibs/#) (ft/sec?) 
h = unit conductance for thermal-convection heat transfer, 
Btu/(hr ft? °F) 
h, = unit conductance for steam-side surface, Btu/(hr ft? °F) 
K, = contraction loss coefficient for flow at heat-exchanger 
entrance, dimensionless 
K, = expansion loss coefficient for flow at heat-exchanger exit, 
dimensionless 
k = unit thermal conductivity, Btu/(hr ft? °F /ft) 
k, = unit thermal conductivity of wall material, Btu/(hr ft? 
°F /ft) 
L = total flow length of test core, ft 
1 = effective fin length, ft 
lz = length of test duct between test core and pressure taps, ft 
l,, = wall thickness, ft 


m = \/2h/ks, 1/ft 
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= pressure, #/ft? 

= flow passage hydraulic radius, ft 

temperature, °R 

= temperature, °F 

unit over-all thermal conductance, Btu/(hr °F ft? of 4) 
= specific volume, ft?/lb 

= air-mass flow rate, lb/hr 


ce Qa NS 
ll 


Greek Letter Symbols: 


A denotes temperature difference or, followed by P, denotes 
pressure. difference 

6 = fin-metal thickness, ft 

€, = error in Stanton number determination, per cent 

€, = error in core downstream temperature difference, °F 

ny = temperature effectiveness of fins, dimensionless 

7. = over-all temperature effectiveness of a plate-fin surface, 
dimensionless 

ns = over-all temperature effectiveness of steam-side surface, 
dimensionless 

p = air density, lb/ft? 

« = ratio of free-flow to frontal area of test core, dimensionless 

= air viscosity, lb/(hr ft) 

uy = air viscosity, evaluated at a “film average’’ temperature, 
Ib/(hr ft) 


Dimensionless Groupings: 
Ny, = Stanton number, (h/Gc,), a heat-transfer modulus 
Np, = Prandtl number, (uc,/k), a fluid-properties modulus 
Np = Reynolds number, (47,G/), a flow modulus 
Ns,Np, /* = generalized heat-transfer grouping. This factor 
versus Vp defines heat-transfer characteristics of 
surface 
f = Fanning friction factor. This factor versus Np 
defines friction characteristics of surface 
NTU = number of heat-transfer units, a heat-transfer 
. parameter, (AU /wce,) 


Subscripts: 

O = duct conditions upstream of test core 

1 conditions at test-core entrance 

2 = conditions at test-core exit 

3 = duct conditions downstream of test core 
8 

h; 


ll 


ll 


steam-side conditions 
film average conditions 


Miscellaneous: 

Ib denotes pounds mass in distinction to 

# denoting pounds force 
INTRODUCTION 


Until quite recently, the only accurately known basic heat- 
transfer and flow-friction data for application to heat-exchanger 
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design was for flow through circular tubes and over banks of 
circular tubes. The advent of the gas turbine as a promising 
transportation-type prime mover, the development of portable 
oxygen plants, and the continued emphasis on small size and light 
weight in aircraft installations have pointed the need for more 
compact heat exchangers than are practicable utilizing these 
conventional tubular-type surfaces. 

As a matter of definition, the term ‘“compactness’’ refers to the 
area-to-volume ratio characteristic of the surface in question. 
A “compact surface,’ for the purpose of this paper, is one pro- 
viding more than 75 ft? of transfer area per ft* of core volume. 
This compares to the approximately 20 ft?/ft® which can be 
realized from conventional 1-in-diam tubes. 

More compact surfaces can usually be realized by the use of 
fins, and higher heat-transfer coefficients can be obtained 
from surfaces employing various types of boundary-layer inter- 
ruptions. In both cases there are few adequate basic data upon 
which to base even preliminary designs. 

In the design of systems for the exchange of heat between 
liquids, accurate knowledge of the friction characteristics of 
the heat-transfer surface is relatively unimportant because of the 
low cost of pumping high-density fluids. For low-density 
fluids such as gases, however, the cost of friction per mass unit 
of flow is greatly multiplied, and thus the friction behavior of 
the surface becomes as important as the heat-transfer behavior. 
This is particularly true for the gas-turbine-plant heat, exchang- 
ers—the regenerator and the intercooler, and especially the 
former, where the high-temperature, low-pressure exhaust 
gases are concerned. 

It is the purpose of this paper to describe a test apparatus and 
testing technique which are being currently employed for the 
accurate determination of the basic heat-transfer and flow- 
friction characteristics of compact heat-exchanger surfaces in the 
hope that the experience gained in the design and operation of this 
system may be of use to others contemplating similar work. 
The design of this test system was based upon experience gained 
from a similar system at the U.S.N. Engineering Experiment 
Station, Annapolis, Md. (1).* 


Meruops or Trstinc AVAILABLE 


The heat-transfer characteristics of a surface, for application 
to’ fluids, with the exception of the liquid metals, can be ex- 
pressed by the conventional nondimensional relation, Ns,Vp,’/* 
versus Reynolds number. The friction characteristics can be 
generalized using f (Fanning friction factor) versus Reynolds 
number. Air can be used as a test medium, and the relations 
given allow extrapolation to any fluid for which the necessary 
properties are known. 

Since the flow-friction characteristics of a heat-exchanger 
surface, designed for use with gases, are equally as important as 
the heat-transfer behavior, it is obviously desirable for the sake 
of economy to have a test system capable of obtaining both 
characteristics from the same test core. For the compact heat- 
exchanger surfaces of interest, it is generally not practicable to 
measure pressures in the actual flow tubes, as can be seen from 
the typical test core, Fig. 1. Pressures must be measured in the 
ducting leading to and from the test core and the friction factor 
extracted from the total pressure drop by taking into considera- 
tion the flow losses due to the abrupt contraction and expansion 
at the entrance and exit to the core. Since the entrance and 
exit-loss coefficients for complex contractions and expansions are 
not known very accurately, the entrance and exit losses must be 
minimized by the use of long flow lengths, or in effect, as large a 


3 Numbers in parentheses refer to the Bibliography at the end of 
the paper.. 
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magnitude of the ratio (L/4r,), as is consistent with the require- 
ments for accurate evaluation of the heat-transfer behavior. 

Both transient and steady-state heat-transfer testing tech- 
niques have been used for this type of work. A transient tech- 
nique has been developed in which it is necessary to measure only 
the maximum rate of change of temperature of the fluid emerging 
from an initially uniformly heated core, reference (2). This 
method has the advantage that a relatively large (L/4r;,) may be 
employed, and thus the entrance and exit effects can be minimized. 
A further advantage is that it is not necessary to measure wall 
temperatures. This method is especially applicable to the 
determination of the characteristics of closely packed screens 
and other such surfaces as may find use in the regenerative-type 
heat exchanger. However, until this transient technique is further 
refined it is believed that the steady-state methods will yield 
more accurate data over the useful Np range for the surfaces 
considered for this project. 

One steady-state method employs a crossflow test core for 
which the two fluid sides are identical, and equal mass-flow rates 
of air are used. The over-all heat-transfer conductance can be 
deduced from the various average terminal temperatures. The 
unit film conductance of one side can be deduced from the as- 
sumption of equal conductances on both sides. The disadvan- 
tages of this method are: (a) Since the air leaving both sides has 
a temperature varying over the flow cross section, some kind of 
mixer is required. (b) A complicated ducting system is necessary. 
(c) Only surfaces which can be constructed into completely sym- 
metrical test cores can be tested. 

A much simpler steady-state system, without these dis- 
advantages, uses condensing steam on one side of the test core. 
The steam side is at sensibly uniform temperature with a thermal 
resistance of generally less than 5-10 per cent of that of the air 
side. The temperature of the air leaving the test core is essen- 
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tially uniform over the flow cross section and the type of surface 
on the steam side is not too important. A reasonable estimate 
of the steam-side resistance will suffice to determine accurately 
the air-side unit film conductance. However, this method 
suffers from definite limitations on the magnitude of (L/4rp) 
because of errors introduced into the computed results by limita- 
tions of temperature-measurement accuracy. For all the 
methods described, a dimensionless heat-transfer parameter, 
NTU = AU/wcp, is ultimately deduced from air-side tempera- 
ture measurements. For this last method, as will be shown 
Jater, temperature-measurement errors will result in maximum 
accuracy in the over-all conductance, U, if NTU = 1.00; and 
NTU greater than 3, or less than 0.2, will generally result in ex- 
cessive error in U even with excellent instrumentation 
Fig. 14). NTU is related to (L/4r,) as follows 


AU Ae Of Aw (7) 
Pe es Aiea NUN s 


WC, AgaGcs AcuGc. 4r, 


(see 


NTU = 


Thus (L/4r,) is limited by the magnitude of Stanton number. 
However, despite this limitation, this method of testing has been 
chosen here because of its relative simplicity. Accurate data are 
obtained by using test cores constructed so that as large a mag- 
nitude of (L/4rn) as possible is employed with NTU <3. For 
example, Stanton number for air flow in circular tubes at Ne = 
500 is about 0.010. For an NTU of 3, (L/4r;) becomes 75. 
At higher Reynolds numbers, Stanton number decreases so that 
this limitation applies to the lowest Reynolds number of interest. 


DESCRIPTION OF Test APPARATUS 


The various components of the test apparatus are shown in 
Figs. 2 and 3, and diagrammatically in Figs. 4, 5, and6. The 
principal element is an induced controllable-flow air duct with 
a rectangular test section, 83/3 in. X 93/g in. 
surface under investigation is made into test cores which are 
placed in the test section. Air-side instrumentation is provided 
for metering the air, measuring the change in air temperature 
through the core, and measuring the air pressure drop. 

A steam system is provided to supply slightly superheated 
steam to the test core, and instrumentation is provided so that 
the energy loss of the condensing steam may be measured and 
compared to the separately determined energy gain of the air. 
This energy balance provides a continuous partial check on the 
accuracy of the instrumentation. 
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Air System, Figs. 4 and 5. The sheet-metal air duct consists 


of two sections—one rectangular which includes the test section, ° 


the other circular which includes the air-metering orifice. 

» Air is induced through the duct by a centrifugal blower, rated 
5500 cfm at 40 in. of water static pressure. The blower is powered 
by a 3450-rpm induction motor. Flow regulation is accom- 
plished by a manually operated double sliding plate which con- 


stricts the flow symmetrically at the blower intake. With this 
intake flow control, no pulsation difficulty has been encountered, 
and smooth regulation is possible from wide open to shutoff. An 
induced-flow system was chosen to avoid the poor velocity- 
distribution characteristic of a foreced-draft system. 

Referring to Fig. 4, room-temperature air is induced into the 
test duct through a smoothly converging entrance section. A 
16-in. axial-flow fan is placed 40 in. before the entrance section. 
This fan produces a hollow cone of rotating air which encloses 
the entrance section without blowing directly into it. This 
serves to mix thoroughly the intake air to a uniform temperature 
in spite of vertical temperature differences of 2-3 F existing in 
the laboratory. Following the entrance, the air passes through 
an “egg-crate’’ straightening section. The ends of the straighten- 
ing section form trim tabs which were used to adjust the flow 
so that the velocity distribution at the test section was close to 
uniformity for the test range, 400 to 12,000 lb/hr. The results 
of Pitot-tube traverses, demonstrating this uniformity, are shown 
in Fig. 7. 

The ducting between the entrance and the test section con- 
tains, in addition to the straightening section, two 16-mesh wire 
screens to standardize turbulence, a shielded thermocouple, and 
four pressure taps connected by a piezometer ring. The last 
turbulence screen is 18 in. ahead of the test core. 

The ducting on the downstream side of the test section is 
lagged with 11/:-in. magnesia insulation plus a double layer of 
asbestos cloth to reduce radiation errors in the air-temperature 
measurements. The test core is clamped between 1-in-thick 
plastic insulating flanges at the ends of the ducts. Three 
shielded thermocouples and four pressure taps connected by a 
piezometer ring are located in the downstream section. The 
final location of the upstream and downstream pressure taps was 
determined by a pressure survey, the results of which are shown 
in Fig. 8. 

The air next passes through a transition section and into a 
circular duct lagged with 1!/,-in. magnesia. This duct contains 
a straightening section constructed of l-in. tubing and an air- 
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metering orifice with vena-contracta taps. Three orifice sizes 
are used in order to cover the desired flow range. These meters 
are standard units, constructed and installed in accordance with 
the specifications of reference (3), which also provides the orifice 
coefficients for the flow equation. A shielded thermocouple is 
located downstream. 

Steam System, Fig. 6. Wet steam is generated in a boiler at a 
pressure which can be regulated from 30 to 100 psig. Steam 
enters the regulatory system at boiler pressure. It is strained 
and then passes through a #/,-in. automatic regulator where the 
pressure is reduced to between 15 and 30 psig. Most of the 
liquid phase is then removed in a centrifugal separator. The 
essentially dry vapor is further throttled in an air-operated pilot- 
controlled regulator to a pressure of approximately 6 psig, and 
about 10 F of superheat. A small amount of water may be 
injected at this point to provide close control on the desired 3 to 
5F superheat on entry to the top of the test core. This 
small degree of superheat is necessary so that the steam state can 
be fixed by measurements of pressure and temperature only and 
still maintain essentially uniform temperature conditions on the 
steam side. The pilot-operated regulator holds the core steam 
pressure within + 0.1 in. of mercury, and the corresponding 
saturation temperature constant within +0.17 F. 

A considerable excess of ‘“‘blow’’ steam is passed through the 
core to prevent the build-up of a thick film of condensate on the 
transfer surface. The blow steam and condensate leave the test 
core via a header at the bottom. Copper wool in the inlet 
header assures an even steam distribution over the flow cross 


section. Pressure taps and thermocouples are located in both 


headers. 

Directly below the exit header, the blow steam and condensate 
enter a centrifugal separator, and then the dry blow passes 
through a metering orifice before discharge to the atmosphere. 
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The condensate leaves the system by way of a floating-type 
steam trap and a subcooler where its temperature is reduced to 
approximately 100 F to avoid flashing during weighing. It then 
passes into a bucket where the flow rate is measured gravi- 
metrically. The entire system is well insulated to minimize 
any extraneous heat transfer. 

Pressure Instrumentation. Instrumentation is provided for 
measuring the test-core air-pressure differential, air-orifice pres- 
sure differential, gage pressure upstream of the test core and ori- 
fice, steam-header gage pressures, and the blow-steam orifice 
differential. The air pressures are all measured with vertical 
single-leg-type water manometers or inclined draft gages, and 
the steam pressures with mercury manometers. 

For the steam-pressure manometers, liquid water is used to 
transmit the pressure to the manometer. This connection is 
shown in Fig. 9. Condensation and overflow in these “pots” 
maintain a constant water head on the manometer. 

Temperature Instrumentation, Figs. 10, 11. All temperatures 
are measured with single-junction iron-constantan thermo- 
couples (No. 24 gage wire). The system is designed so that 
temperatures may be estimated to within 0.2 F. Junctions 
are formed by an electrowelding process under oil, producing a 
clean unoxidized bead, approximately !/32 in. diam. 

The five traversing-type thermocouples in the air stream are 
mounted in radiation shields as shown in Fig. 10. Together 
with the insulated duct wall, the calculated effects of thermo- 
couple radiation are negligible. 

The pencil-type steam-header thermocouples, Fig. 11, are 
sufficiently long, and the test-core walls well enough insulated 
so that the effect of steam conduction is negligible. 

A reference junction at approximately 80 F is used. It is 
immersed in a bakelite tube filled with mercury, which is in 
turn immersed in a water-filled thermos bottle. The reference- 
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junction temperature is obtained from a calibrated standard 
thermometer, 0.2 F divisions, immersed in the same mercury 
well. 

All thermocouple leads are brought into a single zone box 
which is thoroughly insulated, and, in addition, two !/,-in-thick 
copper plates are placed inside, sandwiching the terminal strip, 
for the purpose of producing an isothermal zone. Copper leads 
then connect the selector switch to an electronic self-balancing 
potentiometer. The potentiometer has a range of 5000 micro- 
volts on a 25-in. scale. The smallest division is 10 microvolts 
and readings may be estimated to +2 microvolts (0.07 F), 
for the single-junction thermocouples. 
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The temperature which is the most difficult to measure with 
the desired accuracy is the bulk average air temperature leaving 
the test core. Nine-point traverses are made with each of three 
thermocouples, and Fig. 12 shows the temperature variation for 
two widely differing air-flow rates for a typical test core. The 
similarity of the temperature variations indicates that they are 
due to nonhomogeneity in the core construction and not to 
instrumentation. The variation from top to bottom can be 
accounted for by the build-up of steam-side resistance. 

All secondary instruments were calibrated against standard 
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(Results for downstream side of typical test core for two air-flow rates.) 


instruments. In addition, three continuous checks are provided 
in the testing procedure, as follows: 


1 Since the condensate plus blow steam in the bottom test- 
core header is in the mixed-phase region, its temperature can be 
determined accurately from the pressure measurement. This 
saturation temperature is checked against the temperature indi- 
cated by the thermocouple in the bottom header. 

2 An energy balance has been mentioned previously. 

3 The three orifices are checked one against another by over- 
lapping the test air-flow rates and comparing the results. Any 
inconsistency in the flow measurement between orifices will then 
show up as jumps in the friction-factor results. 


DescRIPTION OF Test CorEs 


Fig. 13 specifies the test-core dimensions with the exception of 
the air-flow length which must be determined separately for each 
surface to realize satisfactory accuracy in the determination of 
both Ns,andf. The equation for evaluating the Stanton number 
from measurements of steam temperature and air-inlet and outlet 
temperatures, derived from the combination of an energy 
balance, and the heat-transfer-rate equation, is 
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The second equation results from the approximation, U = h, 


Since A; is always greater than A:, temperature-measurement 


errors will have the most pronounced effect on Ay. This effect, 
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Fig. 13 Test-Core OutTLingE DIMENSIONS 


on the Stanton-number determination can be evaluated by 
treating small errors as differentials. Denoting the per cent 
error in Stanton number as «, and the absolute error in A: as 
e, the following obtains from Equation [2] 

eeNTU 


eS PRG ok een ge 


Equation [3] is plotted in Fig. 14 for A; = 150 F and various 
magnitudes of error in A». It should be noted that the minimum 
error occurs when N7’'U = 1.00. The use of this plot in the de- 
termination of the test-core air-flow length and the limitations 
which it imposes have already been indicated. 


TREATMENT OF DATA 


Heat-Transfer Calculations. The effect of the small inlet-steam 
superheat on the hot-side temperature is negligible. The essen- 
tially constant steam-side temperature is evaluated from the 
average steam-side saturation pressure (the steam-side tempera- 
ture variation is 0.17 to 0.34 F due to a pressure drop of the 
order of 0.1 to 0.2 in. Hg). Equation [1] is used to evaluate the 
over-all conductance from the test data. From U, the air-side 
unit film conductance fh can be extracted using the resistance 


equation 
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tui nsA gh, As ni [4] 
Over-all Steam-side Wall Air-side 
resistance resistance resistance resistance 


The steam-side unit film conductance, h,, is required, but as the 
steam-side resistance is generally less than 5-10 per cent of the 
total, a reasonable estimate of h, is all that is necessary. The 
estimate used is based upon Nusselt’s analysis given in refer- 
ence (4). The other terms in the equation are system constants 
with the exception of 7,, the temperature effectiveness of the 
surface (n, = 1.00 if there is no extended surface); 7, is related 
to the temperature effectiveness of the fins alone as follows: 


- A, + nA; 


NTU 


Fic. 14 Error in Stanton NumMBer Resutrinc From TEmMPERA- 
TURE-MEASUREMENT H)RRORS 


For fins of constant conduction cross section and convection peri- 
phery 


« tanh ml 


us ml 
where m = V/ 2h/ké, and I is one half the total fin length. For 
other fin geometries, the information of reference (5) may be 
used. 

All the dry-air properties are taken from reference (6). Np, and 
» are taken as for dry air, but for c, used in Ng,, as well as the 
density in the flowmetering calculations, an adjustment is made 
for atmospheric humidity. 

Friction-Factor Calculations. The core pressure drop as 
measured is considered to consist of the following components: 


1 A pressure drop on air-fiow entrance to the core, APo-1. 

A core-friction and flow-acceleration pressure drop, APoore. 
A pressure recovery on air-flow exit from the core, AP2—3. 
A duct-friction term allowing for the 39-in. length of duct 


mem Ww bd 
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from the core discharge section to the downstream location of the 
pressure taps, and the 2-in. length of duct upstream of the core, 


APauct. 
These components are related as follows 


AP = AP o-1 + IN est AP 2-3 + Neauct Scot Gp © [5] 
The entrance pressure drop can be expressed, from reference 
(7), as 
G? G? 
Ke + 
29p1 2901 


APo-1 = (ro?) aaron [6] 
The pressure recovery at the core exit is evaluated in a similar 
manner. 


Nieses = —kK 


The entrance and exit-loss coefficients, K, and K,, are evalu- 
ated as a function of Nz and the flow-area contraction ratio, using 
the results of analysis and experiment described in reference (7). 
The sum (K, + K,) is considered to be accurate to +10 per cent. 

The small duct loss, neglecting changes in density, is evaluated 
as follows, using a nominal magnitude of f, 

2 Ue 
APauct 4 @ #) o 2902 ovina poo Su oo ogo [8] 

The core pressure drop, which includes the desired friction 
factor, is evaluated by integration of the differential form of the 
dynamic equation for flow in a tube 


where 


Lf 
= vdx 
ea 


Term v» can be evaluated if v is known as a function of length. 
This integration is accomplished by using an arithmetic-average 
pressure, since the pressure drop is relatively small, and the 
temperature variation indicated by Equation [1]. The resulting 
equation for »,, is 


2 i P| 
m = fis AO TD bats C 10 
; (Tip: + Tope) | NTU [10] 


Equations [6], [7], [8], and [9] are then substituted in Equa- 
tion [5] and solved for the friction factor, f. 
_ Reynolds-Number Evaluation. A question arises as to the correct 
value of viscosity to use for the Reynolds number (47,G/z), 
because the temperature, and thus the viscosity, varies with 
flow length and over the cross section. This problem has been 
partially resolved by testing for the friction factors both during 
the heat-transfer tests and by separate isothermal tests. In the 
latter case there is no question as to the correct viscosity. For 
the heating tests, a good correlation for turbulent flow is obtained 
by assuming a film average viscosity based on a temperature 
halfway between the wall and the arithmetic average of the air 
temperatures. A more rational procedure might be to use the 
arithmetic average of wall and logarithmic-average air tempera- 
tures, but for these tests the difference is negligible. Both the 
heat-transfer and friction results are then presented as a func- 
tion of the “film” average Reynolds number. 


ACCURACY AND ERRorS 


No attempt is made to analyze rigorously for all possible 
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sources of error, but rather to estimate the magnitude of the 
more important ones and use these for arriving at an over-all 
estimate of the accuracy of the Ns: Np,?/; and f versus Nr 


characteristics. The errors considered are as follows: 
(a) Errors inherent in the design and performance of the test 
system. 


(b) Instrument inaccuracies. 

(c) Errors introduced by virtue of the idealizations and 
auxiliary data used in the analysis. 

(d) Uncertainties in the determination of the test-core dimen- 
sions. 


Air-Flow Metering. The air-orifice installation is made 
rigorously in accordance with the specifications of reference (3). 
Using the methods of this reference, the estimated probable error 
in air-flow metering is +0.7 per cent. The fact that no dis- 
continuity in the test results is noted when orifices are over- 
lapped further justifies the assumption of this small probable 
error, especially since the friction factor varies inversely as the 
square of the air-flow rate and is thus particularly sensitive to 
this error, 

Heat-Transfer Results. It is believed that the measurements 
of the critical dimensions of the test cores can be made to +1 per 
cent. The maximum temperature-measurement error is intro- 
duced in the determination of: the core downstream tempera- 
ture. Although the point temperatures are believed accurate 
to +0.2 F, it is probable that because of variations in tempera- 
ture over the cross section of 2-4 F, Fig. 12, the 27-point 
traverse yields bulk average temperature results to within only 
+0.5 F. The estimated steam-side resistance is an approxi- 
mation and is probably only accurate to +50 per cent. It 
should be noted, Equation [2], that the Stanton-number de- 
termination is virtually independent of the air-flow rate. A 
miscellaneous error of +1 per cent in Stanton number includes 
the effect of nonuniform core-entrance air velocity. According 
to reference (6), Prandtl number is subject to an uncertainty of 
+5 per cent, due primarily to the uncertainty for k for air. 

In summary, Table 1 gives a typical estimation of uncertainties 
in the heat-transfer test results leading to Ns,Np,.°/? 


TABLE 1 POSSIBLE ERRORS IN HEAT-TRANSFER 
TEST RESULTS 


-——-—Per cent error at-—— 


f 1 NR = 1000 Nr = 10000 
Temperature and dimension measurements... . ae += 2.1 
Steam-side resistance estimate............... + 0.6 += 2.5 
Miscellaneous ic «.csichustecyastie ere Workara e are += 1.0 += 1.0 
Stanton number .scree cule ciesees oe ee + 3.0 athe 3.4 : 
Prandtl number.cnaess once sean een + 5.0 += 5.0 
NN PER O8, i Gl wiege eee a a8 4,80 


Friction Factors. The accuracy of the friction factors will de- 
pend to a certain extent upon the relative importance of the en- 
trance and exit losses in the various test cores. With the pres- 
sure drop measured to +0.5 per cent, a +1 per cent probable 
error in the core dimensions, a +0.7 per cent probable error in the 
air-flow rate, and (K, + K,) accurate to +10 per cent, the 
probable error for a typical test core is +5 per cent. 

Reynolds Numbers. A +1.0 per cent error in the test-core di- . 
mensions, a + 0.7 per cent error in the flow rate, and a further 
+1 per cent error in the air viscosity (from reference 6), indicate 
a probable uncertainty of +1.6 per cent in the Reynolds number 
determination. The temperature upon which the viscosity is 
based is a question of interpretation of results and not of experi- 
mental accuracy. 


TypicaL Resuuts 


To illustrate the quality of data obtainable from this appara- 
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tus, test results for a typical louvered-plate-fin heat-exchanger 
surface are included here. The dimensions of the surface are 
shown in Fig. 15. Table 2 gives the complete test data for a 
series of runs covering a Reynolds number range, 400-8000, the 
practical range of interest for this surface. The Ns,Np, / given 
here does not include the allowance for steam-side resistance. It 
does, however, include the effect of the temperature effectiveness 
of the fins, see Equation [4]. Table 3 gives the results for the 
isothermal friction-factor tests. The data of Tables 2 and 3 are 
plotted in Fig. 15. The recommended friction-factor curve is 
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drawn through the isothermal data. The recommended heat- 
transfer curve results from the correction for steam-side re- 
sistance. It should be noted that there is very little scattering 
of test points and that a very good correlation between hot- and 
cold-core friction factors is obtained. The overlapping of the 
flowmeters is evident by the closer spacing of the data points in 
the regions, Np = 2000 and 4000-5000. The energy balances, 
Table 2, are seen to be mostly on the positive side which is to be 
expected since 100 per cent separation of the condensate from the 
blow steam is not possible and thus some condensate is not 


TABLE 2 HEAT-TRANSFER AND FRICTION DATA—RESULTS FOR A TYPICAL LOUVERED-PLATE-FIN TEST CORE 
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thermal friction-factor tests.) 


metered, making Qsim < Qsir. The negative unbalance at low 
Reynolds numbers (i.e., high N7'U) is due to minor deficiencies 
in the steam and condensate system, since errors of this magni- 
tude in the temperature measurements would give ridiculous 
Ng,Np, /* results. Introduction of a separator between the 
desuperheater water inlet and the core has eliminated this 
difficulty in later tests. 

This test core was tested previously at the U.S.N. Engineering 
Experiment Station, Annapolis, Md., using a very similar tech- 
nique to that described here, reference (1), and at the Harrison 
Radiator Division, General Motors Corporation, using hot water 
instead of condensing steam on the hot side. Fig. 16 shows a 
comparison of these various data. The Stanford results are 
seen to agree closely with those of USNEES, the difference in 
friction factors being due to the use of different entrance and exit 
coefficients. USNEES did not allow for steam-side resistance. 
If they had, their results would run 0-4 per cent higher than 
shown for Nz 3000-10,000. The maximum spread between all 
curves is less than 10 per cent. 


SUMMARY AND CONCLUSIONS 


A test apparatus and technique have been described which will 
yield accurate heat-transfer and flow-friction data for compact 
heat-exchanger surfaces. Such data may be used for prelimi- 
nary design of gas-turbine regenerators and intercoolers, aircraft 
heat exchangers, and many other types of systems where opti- 
mum selection of surfaces will pay a premium in performance, 
weight, and shape. These data are not only useful for design 
purposes, but will be used also for a study of the basic phenomena 
involved in convection heat transfer and flow friction in complex 
flow passages. Such studies may lead to improved heat-ex- 
changer surfaces. 

The experience in the design and operation of this system has 
indicated that accurate résults are obtainable only if the following 
points are given special attention: 


(a) A method must be provided for controlling the air flow to a 
uniform velocity distribution at the entrance to the test core. 

(b) Air temperatures must be measured at a large number of 
points over the flow cross section on the downstream side of the 
test core. This is preferable to using a single reading of some 
sort of an average temperature, obtained by flow-mixing methods 
or averaging types of thermometric primary elements. These 


(H/G Cp)( yep /k)* 


(44,G/u,) 
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Via. 16 Comparison or Test Resutts With Data or OTHER 
INVESTIGATORS 


latter methods do not allow a check on one of the basic idealiza- 
tions of the analysis, namely, that of uniform outlet tempera- 
ture. 

(c) All air-temperature measuring devices must have radiation 
shields, and the duct walls must be insulated to avoid radia- 
tion errors. 

(d) Small temperature-measurement inaccuracies will result in 
excessive error in the heat-transfer results unless the test cores 
are designed to operate in the limited range of NTU, 0.2-3.0. 

(f) Provison must be made for the accurate control of steam 
pressure and steam-inlet state. A water-injection desuperheater 
is satisfactory if care is taken to insure essentially complete 
elimination of the liquid phase before entry into the core. 

(g) Care must be taken to locate the air-pressure taps on the 
downstream side of the test core at a point allowing the maximum 
pressure recovery. This may amount to 20-30 in. from the core. 

(h) The accuracy of the friction-factor tests should be con- 
sidered in the light of the effect of entrance and exit-flow losses. 
Because of the limitations on NTU, the extraction of accurate f 
characteristics from the measurement of core pressure drop re- 
quires accurate exit and entrance-flow-loss coefficients. The 
generally used published data are adequate only for Np > 10,000, 
reference (7). 

(¢) A continuous check on the temperature and flow instru- 
ments should be provided in the testing procedure, as by direct 
calibration and energy-balance comparisons. 


The experience presented here may be used as a basis for 
establishing a standard test code for work of this character, 
Such standardization will have the ultimate advantage of raising 
the level of the accuracy of basic design data so urgently needed 
for new applications of existing surfaces or the development of 
new surfaces. 
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Heat-Transfer and Flow-Friction Charac- 
teristics of Some Compact Heat-Exchanger 
Surfaces | 

Part 2—Design Data for Thirteen Surfaces 


New developments in prime-mover and process equip- 
ment have created a greater need for compact heat-trans- 
fer surfaces. This paper presents basic heat-transfer and 
flow-friction design data for thirteen such surfaces which 
may be described generally as the plate-fin type and finned- 
flat-tube type. In addition to the use of the conventional 
nondimensional correlations, the various surfaces are 
compared on heat-transfer coefficient versus flow-friction- 
horsepower basis. Paper No. 49—A-95. 


NoMENCLATURE 
The following nomenclature is used in this paper: 
English Letter Symbols: 


A = transfer area, ft? 
A, = free-flow area, ft? 
A,;, = frontal area, ft? 


a = plate thickness for the plate-fin surface, ft 
b = plate spacing, in., ft 
Cy = specific heat at constant pressure, Btu/(Ib °F) 
friction power evaluated at certain standard gas proper- 
ties (see caption Fig. 9), hp/(ft? of A) 
f = Fanning friction factor, dimensionless 
G = mass velocity based on A,, Ib/(hr ft? of A,) 
h = unit conductance for thermal convection heat transfer, 
Btu/(hr ft? °F) 
Asta = unit conductance evaluated at certain standard gas 
properties (see caption Fig. 9), Btu/(hr ft? °F) 


K, = contraction loss coefficient for air flow at test-core en- 
trance, dimensionless 
K, = expansion-loss coefficient for air flow at test-core exit, 
dimensionless 
k = thermal conductivity, Btu/(hr ft? °F/ft) 
L = exchanger or test-core flow length, ft, in. 
1 = louver spacing, ft, in. 
rx = flow passage hydraulic radius based on free-flow area, 
A,, (see Equation [1)}), ft 
V = exchanger total volume, ft? 
Greek Letter Symbols: 
a = ratio of total transfer area of one side of exchanger to total 
volume of exchanger, ft?/ft® 
8 = ratio of total transfer area of one side of exchanger to vol- 


ume between plates of that side, ft?/ft* 
p = gas density, lb/ft? 
ratio of free flow to frontal area, dimensionless 


on 
u = gas viscosity, evaluated at bulk average temperature, 
Ib/(hr ft) 
= gas viscosity, evaluated at film average temperature, 
Ib/(hr ft) 
Dimensionless Groupings: 
Ng, = Stanton’s number, (h/Gc,), & heat-transfer modu- 
lus 


Np, = Prandtl’s number, (u,;c,/k), a fluid-properties 
modulus evaluated at film average temperature 
Ns,.Np,/* = generalized heat-transfer grouping; this factor 
versus Vp defines heat-transfer characteristics of 

surface 


NTU = number of heat-transfer units for an exchanger 
Np = Reynolds number, (4ry7G/z), a flow modulus char- 
acterizing type of flow 


Nry = (4r,@/u,), a tube-type-flow Reynolds number 
Nr, = (IG/u), a flat-plate-type-flow Reynolds number 
f = Fanning friction factor based on rz; f — Np plot 


defines friction characteristics of surface 


INTRODUCTION 


The advent of the gas turbine as a promising transportation- 
type prime mover, the development of portable oxygen plants, 
and the continued emphasis on reduced size and weight in aircraft 
installations have served as strong stimuli to the development 
and application of lightweight compact heat-transfer surfaces. 

As a matter of definition, the term compactness refers to the 
transfer area-to-volume ratio characteristic of the surface in ques- 
tion. A compact surface, for the purposes of this paper, is one 
providing more than 75 sq ft of transfer area per cu ft of core vol- 
ume. This compares to the approximately 20 ft?/ft? which can 
be realized at best from 1-in-diam tubes in a shell-and-tube-type 
construction. 

For many heat-exchanger applications, particularly those em- 
ploying liquids, an accurate knowledge is not required for the 
friction characteristics of the surface. However, for low-density 
fluids such as gases, the cost of friction per unit of mass flow is 
greatly multiplied, and the frictional characteristics of the surface 
are of equal significance as the heat-transfer behavior. The flow- 
friction consideration is particularly important for gas-turbine- 
plant heat exchangers—the regenerator and the intercooler. 

The purpose of this paper is to present basic heat-transfer and 
flow-friction design data for thirteen compact surfaces. These 
surfaces may prove to be useful in the gas-turbine and other ap- 
plications where careful design will pay a premium in compactness 
and performance. Heretofore new applications have been in- 
hibited by the lack of availability of such data. 


DESCRIPTION OF SURFACES 


In part, the data presented here supplement the information 
given in reference (1).1_ This reference reports the characteristics 
of seven variations of a plate-fin type of extended surface which 
has been extensively used in the supercharged aircraft-engine in- 
tercooler application. The general features of this surface are 
described in Fig. 1, which also shows the eight plate-fin surfaces 
considered in this paper. The scheme of designating the different 
surfaces in this illustration may be inferred from the following ex- 


1 Numbers in parentheses refer to the Bibliography at the end of 
the paper. 
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planation for the */s-8.7 surface. This surface has 8.7 fins per in. 
and the fin louvers are spaced 3/s in. 

Two of these variations—designated as plain fins 11.1 and 
louvered fins */;-11.1—were reported previously (1). They were 
retested and their characteristics reported here for comparative 
purposes. 

Four of the eight plate-fin surfaces described in Fig. 1 provide a 
systematic variation of fin spacing for the plain-fin type as indi- 
cated in Table 1. The surface designated 3/3.-12.22, Fig. 1, 
Table 1, is representative of the plate-louvered-fin type with a 
very short fin-flow length. Although the so-called plain-fin sur- 
face cores were designed for the study of the characteristics of an 
uninterrupted fin, manufacturing methods required that the fin 
material be cut in 2.5-in. strips. Consequently, these surfaces 
may be considered as a louvered surface with a louver spacing of 
2.5 in. 


TABLE 1 
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Fig. 2 and Table 1 describe five fin-flat-tube-type surfaces use- 
ful for gas-to-liquid heat transfer such as the automobile radiator, 
or the water-cooled intercooler of a gas-turbine plant, or a gas- 
turbine regenerator if a suitable intermediate heat-transfer fluid, 
such as a liquid metal, can be developed. 

‘The surface designated 11.37—.737-S-R has 11.37 fins per in., 
flat tubes 0.737 in. wide, the tubes are staggered (S) and the fins 
are ruffled (R). The significance of the other designations may 
be inferred from the foregoing. The five variations considered 
here allow a study of the effects of staggered versus in-line 
tubes, ruffled versus plain fins, and staggered tubes combined with 
ruffled fins versus in-line tubes and plain fins. Also, the compari- 
sons of 9.29-.737-S-R and 11.32—.737-S-R at least suggest the 
influence of fin spacing on a staggered-tube and ruffled-fin design. 

Table 1, together with the description of Figs. 1 and 2, provides 
all the detailed geometrical information required for applica- 
tions to heat-exchanger design. For all of these surfaces the 
hydraulic radius is defined relative to the flow dimension L, as 


Tr AN: 
cee aU, eth Ree en ee [1] 
L A 

For cylindrical tubes of any cross-section geometry, ie., the 


plate-fin surface, this definition reduces to the conventional result, 
ry equals the flow cross section divided by the wetted perimeter, 


GEOMETRY OF THE DIFFERENT SURFACES 
Area 
a “(Volume be- __ Area Free flow 
Surface Hydraulic ra- Plate spac- Tube or fin Extended tween plates) Core volume Frontal area 
designation Fins per in. dius, rH, ft ing, b, in. thickness, in. Total area B, ft2/ft3 a, £t2/ft® o 
Plate-fin type: 
Plain fins 
5.3 5.3 0.00504 0.470 0.006 0.719 156 
Atel FT 0.00253 0.250 0.006 0.730 334 
14.77 14.77 0.00212 0.330 0.006 0.831 369 
19.86 19.86 0.001495 0.250 0.006 0.833 455 
Louvered fins 
3/3 — 6.06 6.06 0.00365 0.250 0.006 0.623 239 
3/,- 8.7 Siz 0.00299 0.250 0.006 0.687 288 
3/s -11.1 i A 0.00253 0.250 0.006 0.730 339 
3/32-12.22 12.22 0.002941 0.485 0.004 0.862 302 
Fin-flat-tube type: 
9.68-0.870 9.68 0.00295 0.004 0.795 229 0.697 
9.68-0.870-R 9.68 0.00295 0.004 0.795 229 0.697 
9.1-0.737-S 9.10 0.00345 0.004 0.813° 224 0.788 
9,29-0.737-S-R 9.29 0.00338 0.004 0.814 228 0.788 
11.32-0.737-S-R 11.32 0.00288 0.004 0.845 270 0.780 
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For other surfaces, however, where flow cross-section area and 
perimeter are variable along the flow dimension, as, for instance, 
the finned-flat-tube type, the definition Equation [1] is necessary. 

This definition is more readily usable in heat-exchanger design. 
As an illustration, the nondimensional exchanger size factor di- 
rectly relating to the exchanger heat-transfer effectiveness (2), is 
the “number of heat-transfer units’ 


Gc, vA 


where the flow mass velocity G is based on the minimum flow 
cross section, A,. The Gc,A, product has the significance of 
flow stream-capacity rate. 

To facilitate extension of the test results reported here to heat- 
exchanger-design calculations, the interrelations of the surface 
and the core geometrical factors are summarized. The heat- 
exchanger core consists of two surfaces—-one for each fluid side— 
except for the case of the periodic- flow-type exchanger, such as the 
common Ljungstr6m air preheater. 

1 The following geometrical factors are given in Table 1 for 
each surface reported here as part of the basic data 


b, ry, and 8 for the plate-fin type 
ry, a, and o for the fin-flat-tube type 


2 The solution for a particular heat-exchanger core requires 
the following factors for each of the two sides 


A, A,, A;,, L, and 

For the complete core, V and a are also required. In the case of 
the plate-fin surface, the plate thickness (a, ft) between the two 
sides must be specified as an independent variable. 

3 The foregoing surface and core factors are related as follows 
for one side of the exchanger: Subscript | refers to any one side 
and 2 to the other side. Factors without subscripts are common 
to both sides. 


oo Ces (Arg): ] 
j= = - =. E: | 
A 5, 1 A,,L iv JV p [2] 
ij 4 
= eee (plate-fin surface only) 
= = (54) -(=) 
Ay V i A,,L 1 TH 1 3] 
bi Bi 
= —————— (plate-fin surface only 
j pea ont a 


. (a) “ teal zh sige hoard 5] 


The same relations of course apply to side 2 with an exchange of 
subscripts 1 for 2 and 2 for 1. 


EXPERIMENTAL Mreraop aNp AccuRACY OF RESULTS 


The test arrangement, method of analyzing the data, and a con- 
sideration of errors are covered in considerable detail in reference 
(3). Consequently, only a brief summary will be presented here 
for the sake of completeness. 

The test system provided for condensing steam to air heat 
transfer with air flow on the surface of interest. The direct test 
data allowed determination of the over-all heat-transfer coeffi- 
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cient-steam to air, and the air-side-core pressure drop. The 
test-core dimensions were all of approximately 8%/3 X 93/, in. 
frontal area and 5 in. in the flow length on the air side. 

Allowance for the ineffectiveness of the extended surface and 
the steam-side condensate-film resistance permitted the evalua- 
tion of the average unit conductance for thermal convection on 
the air side. The friction factor was extracted from the coré- 
pressure-drop data by allowing for entrance and exit flow-stream 
mechanical-energy losses (4), and for flow acceleration accom- 
panying density changes due to both pressure and temperature 
variations along the flow length. Friction factors were deter- 
mined from isothermal tests and also for runs with core heating. 

Fig. 5 for the plate-louvered-fin surface /3.—-12.22 is typical 
of the consistency of the test results for all the surfaces tested. 
The recommended friction-factor curve is based upon the data 
for the isothermal runs. The recommended heat-transfer fac- 
tor (h/Gc,)Np, /* versus Nr; curve falls above the test points. 
The difference represents the allowance for steam-side resistance. 
The method used here was to fair a curve through the data points 
shown, and then evaluate the steam-side resistance for several 
test Reynolds numbers over the range to determine the correc- 
tion to the faired curve to obtain the recommended curve. 

The test data allowed energy balances to be made, and the ay- 
erage deviation for the series of tests applying to any one surface 
was usually less than 3 per cent. The one exception was for the 
low-Reynolds-number runs for the 5.3 plain-fin surface where, 
due to faulty operation of the condensate weighing system, poor 
balances were obtained. However, the air-side data used in the 
calculations of results are believed to be accurate. An analysis 
of errors similar in detail to that given in reference (3), indicates 
that the probable errors for the basic results presented here are 
less than the following indicated magnitudes: 


Nr; = 2 per cent f += 7 per cent for plain-plate-fin 


type 
Ng, = 3.5 per cent f + 5 per cent for louvered-plate- 
fin type 
Np, = 5 per cent f += 2 per cent for finned-flat-tube 
type 


Ns,Np, /? + 5 per cent 


The difference in the estimated errors for the friction factors re- 
flects the relative contribution of the entrance and exit flow 
losses to the over-all pressure drop. The properties of air—vis- 
cosity » and Np,—used in generalizing the test results to a non- 
dimensional form were obtained from reference (5). 


Basrc Hrat-TRANSFER AND Frow-Friction DrsiaN Dats 
The heat-transfer and flow-friction characteristics of the vari- 
ous surfaces are presented as follows: ; 


1 Figs. 3, 4, and 5 give the nondimensional correlation of fric- 
tion factor f, and heat-transfer modulus, '’ s,V p, /*, versus Rey- 
nolds number, Nr,, for the eight variations of the plate-fin type of 
surface. Fig. 6 gives the same correlations for the finned-flat- 
tube type. In every case here the Reynolds number is based on 
the flow hydraulic-diameter dimension defined by Equation [1]. 

2 Incontrast to the foregoing comparison, Figs. 7 and 8 pre- 
sent the correlations employing a Reynolds number, NR, based 
upon an uninterrupted flow length, or louver spacing, for the 
eight plate-fin surfaces. 

3 Fig. 9 compares the plate-fin surfaces on a heat-transfer 
versus friction-power basis (1). However, unlike reference (1), 
the basis selected, instead of being per unit transfer area, is per 
unit of volume between plates, (Asta8) versus (Hata8). The gas 
properties used as a reference in this comparison correspond to 
air at 1 atm pressure and 500 F. These properties are given in 
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the caption of Fig. 9. Equations [6] give the extrapolation for 
fluid properties differing from the reference conditions. 

4 Fig. 10 gives a similar comparison for the finned-flat-tube- 
type surfaces. Here, however, the total core volume rather than 
volume on one side only is used, (Asta) versus (Hstae). 

5 The co-ordinates Ng,Np,/* and f versus N ry of the recom- 
mended curves are summarized in tabular form, Table 2, for all 
surfaces. 


To avoid confusion, test-data points are given only for the 
*/s2-12.22 louvered-plate-fin surface. The test data for the ap- 
proximately 30 heat-transfer and 30 isothermal runs per surface 
are available elsewhere (6, 7, 8, 9). 


DiscussION AND COMPARISON OF SURFACES 
Plain-Plate-Fin Surfaces, Fig. 1. The illustrations in Fig. 1 
describe the roughly triangular-tube flow cross sections common 
to all of these surfaces. Therefore, as for the ease of circular-tube 
flow, it may well be that a single correlation for heat-transfer and 
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are also shown; see Fig. 2, and Table 1 for geometrical data.) 


another for friction characteristics would apply for a range of 
plate and fin spacings. The data in Fig. 3 are not completely 
conclusive in this respect for the following reasons: 


1 Manufacturing methods required that the test cores be 
constructed with a fin sheet material only 2.5 in. in flow length, 
resulting in the varying 1/4ry magnitudes summarized in Table 
3, ranging from only 10.3 for the 5.3 fins per in. surface to 35 for 
the 19.86 fins per in. surface, 

2 Each of the four test cores had a total air-flow length of only 
5in. The effect of abrupt flow contraction at the entrance to the 
core will partially influence the heat-transfer and friction char- 
acteristics some distance downstream. Only for the 19.86 sur- 
face, with a core-air-flow length of 70 hydraulic diam, is this di- 
mension considered to be great enough to yield data accurately 
descriptive of the long flow lengths that will be encountered in ap- 
plications. 


KAYS, LONDON—HEAT-TRANSFER AND FLOW-FRICTION CHARACTERISTICS 1091 


COMPARISON OF HEAT 

TRANSFER AND FLOW 
FRICTION CHARACTERISTICS, 
NON FIN FLOW LENGTH BASIS 


Fig. 7 Puarn-PLate-Fin SuRFACES 


(Nondimensional heat-transfer and friction characteristics compared on a flat-plate- 
type Reynolds number basis.) 


0.20 jee ert Tt] 

SURFACE 

3/32-|2.22 
joo —{ ++ +o J 
0.08 — MH 
0.06 ae BS SURFACE - 

a 3/8- II.1 

ooa SI 
0.03 SI 


0.02 = 


SURFACE 
3/32 12.22 


Npxl0° (\G“y,) 
02 0.304 |06081.0 2.0 3040 1608) 


Fie. 8 Louverep-Puate-Fin SuRFACES 


(Nondimensional heat-transfer and friction characteristics compared on a flat-plate- 
type Reynolds number basis.) 


ty HH 
3/8-I1.1 
ee 22: 
3/8-6.06 


3/8- 8.7 


Fic. 9 Heat-TRANSFER Versus FricTION-PowbR COMPARISON FOR PLATE-FIN- 
Type SURFACES 

Dimensions are [Btu/hr °F ]/ft? of volume for ordinate and hp/ft? of volume for abscissa. 

aoe or reference fluid properties are pstd = 0.0413 lb/ft, ustd = 0.0678 lb/hr ft, cp(std) 


= 0.2477 Btu/(Ib °F), NPr(std) = 0.671, corresponding to air at 1 atm pressure and 500 
deg F-. See Equations [6] for extrapolation to other conditions.) 


MBER, 1950 


+ 
4 


NOVE 


+ 
4 


ASME 


y 
4 


TRANSACTIONS OF THE 


1092 


a 4 A y 
2590° €9T0* ---- ---- ---- ---- 0$50 €TTO €970° STtO* 00 
$9S0° z7T0* ~--- ---- T€So* €Sto°* 070° OOTO* 9L€0 28600° 00S 
$0S0* LzT0* 69S0° 6€TO* 9L70° 8€T0° Te70* 0%600° Te€o" 19800° 009 
6z70° 80T0* 2L70° 8TTo° z070° 8Tto° 99€0° z€800° 9520" ToL00° 008 
78€0° 89600° 9T70* SOTO" 7S€0° €0TO* €€£0° zLL00° 61z0 00900 000'T 
. . « 
€S€0° 76800" O8e0* 79600" 0z€0* 7€600° 60£0* 42400° 9610 9€$00° 00z ‘Tt 
4 €z€0° 9T300° 97€0° $8800° 730° T€800° 7820° 924900° S410" 4L700* 005 *T 
06z0° 6€400° STEO* z0300° L7z0° 92L00* $520" $1900° 9STO 42700" 000% 
6920° 06900° 620° TSL00° €ez0* 95900° 8€zo° €LS00° €7T0° Tr700° 00s *z 
€$20° $$900° 08z0* zTL00° 90z0° 80900" 820° €7500° €€TO* $0700 000‘¢€ 
. . ‘ 
z€z0° z0900° 1920" 09900" €8T0° 6€500° LTz0°* 86700* zeTo $8€00° 000‘? 
8Tzo* £9500° L720° 0z900* L9T0°* €6700° 80z0° 39700° LTTOo° 69€00 000%s 
L020° €€500° 9€z0° 06500" 9STO° 09700° Tozo* $7700° €TTo° 4S€00° 000*9 
26T0* 98700° 61z0* 97S500° z7T0° LT700° T6T0° zT700° 80TO* 6£€00° ooofa 
O8TO* €5700° 9020" 7TS00° €€T0* 68€00° €8T0* 06£00° 90TO* 9z€00 006‘0T 
re 1d,98,, at “Id4s, ae. “Ia 7s, Te “fia, Es “Ady ISy ies 
q euen ; ae 3 ee g cate cp * 
S = LEL* = ee"Tt us - Zéz* = S=- LL" - 1S a = L387 = "99 3° - 39S 
“SHOVAMNS GaN I-LTTa-CaNNTA 
=e Sa oc =—s0 ages cscs <== =weo 007 L4S$70° €TTO° ——~ —s- a= = ae pee 007 
OET* $0z0* 96L0° OLTO* €6L0° 69TO* $SL0° 09To* 005 2L€0° 09600° €070°  g6300° OS€O*  — O7g00° ---- ---- 00S 
etl" 26T0* 0040° 9STo* 0040° 67T0° 2690° 77T0° 009 7TEO*  7€g00° 97€0°  T6L00° 7620° ~— €€L.00° 6620° TSg00° 009 
2760" TLTo* z3S0° S€To* $8S0° 9eTO°* 43S0° 7eT0° 008 z720* 2z4900° 7L20°  £€9900° 8%Z0* 6600" 8%Z0" gzL00° 003 
9¢80° 9STO° €1S0° Teto" $TSo° 2TT0* z€S0° @TTo° 000‘T 46T0* —L9S00° T€zO* SgsSo0* 06TO* $TS00° 68T0* S900" 000‘ T 
z$L0* 97T0° 6970° TtTo° 270° €0T0° 9670° 70TO* 002‘T 29T0° 6700° c0zo* = g¢s00° 69To* TL700° 29T0* 90900" 002 ‘T 
0890° €€T0° €z70° ZOTO° 0€70° 1S600° 1970° 04600* 00S ‘Tt z7T0° = €7700° €4T0* $6700" 670° — 77700° 9710" ZLSo0° 00S‘T 
2090° 6Tt0° SLeo° 0€600° 76€0° $8800° 9z70° 00600° 000z €2T0*  OTv00° 470° 9$700° T€To° 9€700° LzTO* 76500" 000£z 
0950° 80TO* 97€0° 19800" 7LEO° S€800° 9070° 67800° 00S ‘z 2TT0’ $6€00° €€T0° SE700° 6TT0° 7¢700° $TIO0* SESo0° 00S ‘z 
0€S0° TOTO" 9z€0° TT800° 6S€0° 76L00° 76€0° $0800° 000‘¢ 7010’ zg¢o0° €zT0* — LT700° eTtO* 2T%00° 80T0" STS00° 000‘ ¢ 
4870° €0600° 00€0* €6400° O7E0* LEL00° SLE0° 8€L00° 0007 24600° — €9€00° 2T10* 6800" €0T0" 06£00° 84600° LL700° 000‘7 
8570° 8z800° €820° 98900° 870° 43900° €9€0° 06900° 000s T€600° — g7E00° 90TO* L9€00° 16600" zz€00° €T600° 37700" 000‘¢ 
0770" 04L00° tzo° $7900° 6TE0" 07900° 7S€0° TS900° 0009 00600°  LE€£00° TOTO* zs¢o0* T4600* —- 9S€00° 04800°  zz400° 0009 
€T70° 83900° €Sz0° 88500" 90€0° €8500° O7€0° €6500° 000‘g TS800° ozéoo* $S600° 9z¢€00° €z600° €€£00° 90800°  96€00° 000g 
76€0° 62900° z720° 87S00° 4620° %7S00° TE€0* TSS00° 000‘0T ---- ---- 0%600° — OTE00* 84800° 7TE00* 79L00° —€L€00° 000‘oT 
r- “ad tS_ a qd4S, Baar “Hi3s_ ere “His. ie a “4s, oe “2,48, rari “3d, 45, 4 “3d95_ Tae 
Ps NN Ps NN  § N"N Ps NN N 
c/e c/e c/z c/z 2 chee ? tea - ees - c/n ® Z 
eet - eee TT - et "8 - a/c 90°9 - Bt sat Int Tt Ce 
SdOVAUNS NTA-aL VId-GauaANOT SaovVauNS NI 
VLIVG NOLO ANY YHASN VUL-LVaH OISV€ JO AUVINWOS z ATAVL 


Raises 


KAYS, LONDON—HEAT-TRANSFER AND FLOW-FRICTION CHARACTERISTICS 


1093 


Fie. 10 


3 
oEgtp, HP/ft. 
4.0 | 60/80 100 


200 


Heat-TrRANsFER VeRSUS FRicTION-PowrER COMPARISONS FOR FIN- 


Frat-Tuse-Tyre Surraces 


(Standard or reference fluid properties are pstd = 0.0413 lb/ft, ystd = 0.0678 lb/hr ft, | 
cp(std) = 0.2477 Btu/lb °F, NPr(std) = 0.671, corresponding to air at 1 atm sai 
and 500 F. See Equations [6] for extrapolation to other conditions.) 


3 The aluminum furnace brazing technique of core construc- 
tion produced filleted corners and a somewhat roughened surface. 


Fig. 3, which brings out the similarities to tubelike flow, em- 
ploys a Reynolds-number abscissa based on the flow hydraulic 
diameter. In contrast, Fig. 7, using an Np based on the fin flow- 
length dimension /, emphasizes the similarities to flow over a flat 
plate. 

The results, with the exception of those for the 5.3 surface for 
heat transfer, correlate quite well on a tube-type Reynolds-num- 
ber basis (within 12 per cent for heat transfer and 18 per cent for 
friction). A transition from laminar to turbulent flow in the 
approximate range 1200 < Nr, < 2500 is common to all four sur- 
faces. 

The foregoing considerations suggest that the f and Nz, Np, /? 
versus Nr, characteristics of the 19.86 surface are the best single 
set of correlations to use for a variety of fin and plate spacings 
within the follow restrictions: (a) Fin spacing 7—25 fins per in.; 
(b) 1/4ry > 25; (c) plate-to-fin spacing 2.5-5; (d) the core flow 
length to hydraulic diameter greater than 50. 

In distinction to the previous tube-flow-basis comparison, con- 
sider Fig. 7 which emphasizes the similarities to flat-plate flow. 
The flat-plate heat-transfer characteristics were derived from 
the friction-factor behavior using the friction-heat transfer 
analogy 

NgNp,/* = /2 


With respect to heat transfer, only in the fully developed turbu- 
lent-boundary-layer flow, Nr, > 50,000, does close similarity ex- 
ist between the four surfaces and the flat-plate characteristic. 
Unlike the tube-flow comparison in Fig. 3, the different surfaces 
exhibit transition flow at differing Reynolds numbers, Vz, and 
do not correlate at all with each other in the Jaminar-boundary- 
layer-flow regions. 

The excellent agreement of the 5.3 surface behavior with that 
of the flat-plate-flow system, especially with respect to heat trans- 
fer, is significant. Evidently, because of the wide fin spacing and 
small 1/4r,, a fin has a relatively minor effect on the flow over a 
neighboring fin with the resulting similarity to flat-plate flow. 

The foregoing discussion is of restricted generality because of 
various factors not under experimental control, primarily the un- 
interrupted flow length /, and the surface roughness. A more 
complete understanding of the behavior of these surfaces will re- 
quire the testing of additional cores of a fixed 1/4rq on the order 
of magnitude of 35 to 50. 

Lowvered-Plate-Fin Surfaces, Fig. 1. The average thickness of 
the laminar sublayer is reduced by interrupting the fin surface 
with louvers (1). Consequently, the resistance to thermal] con- 
vection heat transfer is decreased and the film coefficient h, in- 


creased. While the friction factor f is also made larger by this 
expedient, it is often possible to operate with a smaller friction 
power expenditure as compared to the plain-fin surface, since 
lower flow velocities may be used. 

The interpretation of the behavior of the louvered surfaces in 
terms of tubelike and flat-platelike behavior is not as valid as in 
the case of the plain-fin surfaces because of the more complex 
flow geometry. For the three 3/;-in. louvered surfaces, described 
in Fig. 1, the curvature of the fins produces minus accelerations 
with resulting tendencies toward flow separation and eddy for- 
mation. For all four louvered surfaces, wake effects at the lead- 
ing and trailing edges and flow impingement on the blunt leading 
edges provide additional flow turbulence. The prime surface, ac- 
counting for 14 to 38 per cent of the total, Table I, has a markedly 
different geometry from the louvered fins. The junctions, louver- 
to-fin and fin-to-plate, introduce more flow complexities. Never- 
theless, the tube-type-flow and flat-plate-type-flow comparisons 
employed for the plain-fin surfaces yield usable correlations, Figs. 
4, 5, and 8. 

The sequence of three */;-in. louvered surfaces have their char- 
acteristics presented on a tube-type Np basis, Fig. 4. The close 
correlation of the heat-transfer behavior suggests that any one of 
these curves may be used with good accuracy for a range of fin 
spacings from 5 to 15 fins per in., maintaining the */s-in. louver 
spacing. Note that all three surfaces exhibit a flow transition in 
the range 1500 < Nr; < 3000 as for the case of the plain-fin sur- 
faces. 

No satisfactory explanation has been evolved to explain the 
poorer friction correlation, especially for Nr, > 2000, Fig. 4. In 
terms of the contribution of the unlouvered prime surface one 
would expect a less rough-flow characteristic for the 3/3 — 6.06 
surface as compared to the #/s-11.1 surface, Fig. 1. This is not 
supported by the test results which show a higher f for 6.06-fins- 
per-in. surface especially for the higher Nr, range. Possibly the 
closer fin spacing reduces flow-separation effect thereby reducing 
the form drag component of the friction factor without a material 
alteration of the heat transfer, which is associated with the skin- 
friction component. An additional possibility is that the closer 
fin spacing serves to reduce the scale and intensity of the turbu- 
lent eddies, much in the manner of a fine screen. 

Until more complete data are available, it is recommended that 
the three f characteristics in Fig. 4 be used for interpolation and 
possibly a small extrapolation to other fin pitches in the range 5 
to 15 fins per in. 

The characteristics of the short-louvered surface */3.—12.22 are 
given on a tube-flow Reynolds number basis, Fig. 5. No dis- 
cernible flow transition appears in either the f or N,N p,/* char- 
acteristic. Comparison with Fig. 4 reveals that the */3.-12.22 
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surface, as compared to the */s-11.1 surface, has a 12 to 25 per 
cent higher heat-transfer characteristic and 50 per cent higher f 
characteristic. 

Fig. 8 contrasts behavior of the */s:-12.22, the */s-11.1, and 
the 11.1 plain-fin surfaces on a flat-plate-type basis, with the 
louver dimension, as given in Table 3, entering into the Reynolds 
number, Nz. Considering the marked lack of geometrical simi- 
larity between the flat plate and the three test surfaces, the 


TABLE 3 COMPARISON OF PLATE-FIN SURFACES 


No. of fins Hyd, diam. Louver spac- 

Designation per in. 4ry, in. ing, J, in. l/4rgq 

Pla, 5.3 0.2419 2.5 10.3 
ilar see 0.1214 2.5 20.6 
14.77 14.77 0.1017 2.5 24.7 
19.86 19.86 0.0718 2.5 35.0 

vered: 

ys 6.06 6.06 0.1752 0.375 2,14 
3/s— 8.7 8.7 0.1436 0.375 AGH 
3/s-11.1 iii 0.1214 0.375 3.0. 
3/32-12.22 12.22 0.1411 0.0937 0.663 


agreement with respect to heat transfer is remarkably good. This 
has been observed by others, notably by Norris and Spofford in 
their pioneer work on “high-performance fins” (10). The fric- 
tion characteristics for the test.surfaces, however, are only in very 
general agreement with each other and are substantially higher 
than the flat-plate characteristics. For the #/3;-12.22 and 3/3 
11.1 surfaces, f is roughly twice that for the flat plate with the 
sharp leading edge, demonstrating that about one half the fric- 
tion power expenditure is a form drag effect, not contributing to 
heat transfer. In spite of the higher parasitic loss, the louvered 
surfaces still yield a higher h, for a given friction power expendi- 
ture, Z hp/ft, as compared to the plain-fin surfaces, because of the 
higher Ny,Np,’/* characteristic. This aspect will be elaborated 
on shortly. 

Finned-Flat-Tube Surfaces, Fig. 2. The characteristics of 
these surfaces are summarized in Fig. 6, using a tube-type-Reyn- 
oldsnumber. The dotted curves give the behavior of the 19.86 
plain-plate-fin surface for comparative purposes. 

The close agreement of the 19.86 plain-fin and the 9.68-.87 
finned tube surface emphasizes their common tubelike flow be- 
havior. The agreement’ with respect to heat transfer is remark- 
ably good, the spread being less than 5 per cent. For friction, 
the spread in f is not more than 25 per cent at the higher Nr, 
range, and much less for Nr; < 1000. 

The effect of staggering the tubes but maintaining the plain- 
fin surfaces is striking. This is revealed by the comparison of 
the 9.68 —.87 and 9.1 — .737 —S surfaces, Fig. 6. For the whole 
Reynolds-number range, there is an increase of Ng, of from 


15 to 50 per cent and a roughly proportional increase of f. Main- 


taining an in-line tube arrangement but ruffling the fins, surface 
9.68 — .87 — R versus 9.68 — .87 (see Fig. 2), produces like in- 
creases in Vs, and f, but relative to the staggered-tube plain-fin 
geometry the improvement in Vg; is less, and, in general, the fric- 
tion is higher. Consequently, from a friction-heat transfer point 
of view, staggering alone is more advantageous than ruffling 
alone. In these comparisons the small difference in single-tube 
dimensions and the variations in fin spacing are not considered as 
significant. sah 

The influence of both staggering the tubes and ruffling the fins 
over these expedients carried out singly can be determined by the 
comparison of the characteristics for surfaces 9.68 — .87, 9.68 — 
COMmeY, O30) — 9,8 and 919.29) 137-0 — ae Or cal 
Nr, > 4000, for heat transfer, the effects of staggering and ruf- 
fling are almost directly additive, giving about a 50 per cent in- 
crease in Ng, over the in-line-tubes plain-fin arrangement. The 
friction curve is also higher than either the staggered or ruffled 
arrangement, being of the same shape as the ruffled arrangement 
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but 15-30 per cent higher over the whole Reynolds number 
range. For Nr, < 2000 there is no significant gain of the S-R 
over the staggered arrangement with respect to heat transfer, and 
a decided loss with respect to friction. 

The only significant change of fin spacing exists for the com- 
parison 9.29 — .737 - S-R versus 11.32 — .737 — S-R, where there 
is a 22 per cent increase in fin pitch. The test results demonstrate 
both a lower friction and a lower heat-transfer performance for the 
closer fin spacing, on the order of 7-12 per cent over the Nr, 
range 400 to 10,000. This relatively small difference may not 
be fundamental, but due, rather, to uncontrolled variations of 
test-core geometry, such as surface roughness introduced by the 
solder-dip method of fabrication. 

From the point of view of moderate extrapolations to other fin 
spacings, say, in the range 7-12 fins per in., it is the authors’ opin- 
ion that the characteristics of the ruffed and/or staggered ar- 
rangements, 9.1 — .737 — S, 9.68 — .87 — R, and 9.29 — .737 - 
S-R, will apply for the respective tube-and-fin surface geometry 
described in Fig. 2. A precaution to be observed, however, is 
that changes in the cross-sectional dimensions and spacing of the 
flat tubes may have a strong influence for the staggered arrange- 
ments, and that variations of the ruffled-fin geometry may also be 
significant for both staggered and in-line tubes. 

For the plain-fin in-line-tube types, it is believed that the tube- 
like flow behavior of the 9.68 — .87 surface may be extrapolated 
over a range 6 — 20 fins per in. within an uncertainty of +10 per- 
cent on heat transfer and +20 per cent for friction. This recom- 
mendation arises from the agreement in behavior of this surface 
with the 19.86 plain-plate-fin geometry, Fig. 6. 

Heat-Transfer Coefficient Friction-Power Considerations, Figs. 9 
and 10. These comparisons are descriptive since, in some meas- 
ure, they compare the relative sizes of exchangers incorporating 
the different surfaces. The abscissa is the friction horsepower 
per unit volume, Ha or EB, hp/ft*, and the ordinate is the heat- 
transfer power per unit volume and a unit temperature potential, 
ah or Bh, (Btu/hr)/(ft? °F). For a given friction-power expendi- 
ture these ordinates are inversely proportional to the relative vol- 
ume requirements. This method of presentation evolved from 
the work of references (11), (1), and (12). 

For the finned-flat-tube surfaces, the core volume is used as a 
basis and for the plate-fin surfaces the volume between plates on 
one side only isemployed. This leads to the use of ah versus Ea, 
and 6h versus 8 for Figs. 10 and 9, respectively. The reason for 
this difference in treatment results from the fact that, for the 
plate-fin surface, the flow geometries on each of the two sides of 
the core may be selected independently of one another, i.e., 3/3 — 
11.1 surface with 1/.-in. plate spacing on one side and a plain 
19.86-fins per in. surface with !/:-in. plate spacing on the other 
side. No such freedom exists for the finned-flat-tube type. 

The curves, Figs. 9 and 10, were derived for a fixed set of fluid 
properties corresponding to dry air at 1 atm pressure and 500 F, 
as given in the captions. These “standard” or reference proper- 
ties and the resulting h and H magnitudes are designated by the 
subscript std. For any other fluid properties condition u, Gay Ps 
Np,, the co-existing heat-transfer and friction-power coefficients 
may be evaluated from 


: 2/3) 
h = haw | &p || E | Ae 
Cp std Mstd Np, | 
si 2 i 2 Fa Sse 
E = Ena\ — } | — | 
p Mstd ) 


This extrapolation is founded on keeping Reynolds number and 
flow geometry constant. 
The advantage of louvering the fins of the plate-fin surfaces is 
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quite evident from Fig. 9. For instance, for a given friction- 
power expenditure the */s-11.1 surface has, roughly, a 45 per 
cent greater transfer coefficient per unit volume than the 11.1 
plain-fin surface. Increasing the transfer area per unit volume 
by closer fin spacing is also advantageous. The */s~11.1 surface 
shows a 45 per cent greater h than the */3-6.06 surface because 
of this effect. The expedient of closer fin spacing can be em- 
ployed instead of louvering to realize high performance as seen 
by comparing the 19.86 plain fin and the 3/s-11.1 surfaces. 
The latter surface, however, will produce the lighter weight heat 
exchanger. 

It may be that decreasing the louver spacing below °/s to 1/4 in. 
is not advantageous as demonstrated by the comparison of 3/35 — 
12.22 surface behavior with the better flow friction-heat transfer 
power characteristic of the %/s-11.1 surface. This point is also 
suggested by the data of reference (1) in the comparison of lou- 
vered-plate-fin surfaces all with 11.1 fins per in. but louver spac- 
ings of 8/15, 1/4, and 3/s in., respectively. 

Fig. 10 strikingly illustrates the advantage of staggering the 
tubes alone over ruffling the fins for the finned-flat-tube surface. 
Staggering and ruffling together prove advantageous only for the 
higher aHsta range, corresponding, roughly, to the air side of re- 
generator or compressor intercooler operation as examples. The 
improvement of the 11.32-.737 —S-R over the 9.29 - .737 - 
S-R surface is due solely to the increased area per unit volume, a. 

An important point to keep in mind when making these heat- 
transfer-friction power comparisons is that core ‘‘volume’’ re- 
quirement is only one aspect of compactness of the final heat-ex- 
changer design and that “shape’”’ is exceedingly important (2). 
As a consequence, to realize a satisfactory shape, it may be nec- 
essary to employ other than the optimum surfaces as defined in 
Figs. 9 and 10. 

Comparison With Results of Other Experimenters. The plate- 
fin test cores plain 11.1, 3/s—11.1, */s—8.7, and °/s-6.06- were 
previously tested at the U.S.N. Engineering Experiment Station, 
Annapolis, Md. The results for the plain 11.1 and louvered 3/s— 
11.1 surfaces were reported previously (1).. The other surfaces 
are covered in reference (12). The.results of the two sets of ex- 
periments agree within a maximum of 7 per cent for both heat- 
transfer and friction for the louvered-fin sequence. For the plain- 
fin core, while the heat-transfer behavior is in accord, the f results 
differ by 11-20 per cent. In this core, unlike the others, en- 
trance- and exit-flow losses are substantial, amounting to as much 
as 30 per cent of the total pressure drop. The USNEES results 
are higher with respect to both N s, and f. 

The discrepancies on f can be largely accounted for in terms of 
the different exit and entrance-flow loss coefficients. The coef- 
ficients used by USNEES are the conventional information in the 
hydraulics literature which apply with reasonable accuracy only 
to high Np flow, while the Stanford treatment used test deter- 
mined coefficients (3) and (4). These comparisons emphasize 
the importance of having accurate information on these flow fac- 
tors for work of this character. 

The disparity in Ns, while not so serious, cannot be explained. 
The fact that the Stanford results include an allowance for steam- 
side resistance should tend to make them somewhat greater than 
the EES results for Nr; > 3000. This is not the case. 


SuMMARY AND CONCLUSIONS 


The foregoing discussion leads to the following conclusions: 


1 The data presented here are of sufficient accuracy for pre- 
liminary design calculations for new applications of these sur- 
faces, 

2 No optimum surface can be specified from these results 


alone. The designer must select the best surface for a given ap- 
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plication giving consideration to such factors as cleanability and 
fouling characteristics, weight, size, and shape. 

3 The nondimensional eerrel Non between the variations of. a 
type of surface are sufficiently good so as to suggest that the re- 
sults reported here may be interpolated and extrapolated to some 
extent to other modifications. 

4 Plate-fin surfaces exhibit both tubelike and isfatiliiee? flow 
characteristics depending to some extent upon the length-to-hy- 
draulic diameter ratio of the surface. 

5 In general, the heat-transfer characteristics are more de- 
scriptive of the boundary-layer flow than f.. The reason for this 
is the large contribution of form drag effects. 

6 Since the form drag effects are largely parasitic, in that they 
do not contribute to the heat transfer, as more information is ac- 
cumulated superior surfaces from a heat-transfer-friction power 
point of view may result. 

7 The surfaces reported here with one exception are now being 
used only for relatively low-temperature applications. Design 
studies for such high-temperature applications as the gas-turbine 
regenerator (2), may reveal that an effort should be made on the 
part of the industry to learn how to fabricate these — for 
high-temperature service. 
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Discussion 


D. Aronson.? The work here reported is a valuable addition 
to our knowledge of convective heat transfer. In the specific 
application of the performance data to the design of gas-to-gas 
heat exchangers there are some differences in viewpoints be- 
tween the authors and the writer, largely as regards which 
factors deserve prime emphasis. Compactness is a consideration 
in gas-turbine design but usually is secondary to shape require- 
ments. As a rule the compressor and turbine are first laid out 
roughly and then, in whatever convenient space can be found, a 
regenerator is fitted in. The choice to be made is then not of 
the most compact surface but of one which will give the balance 
between required NTU and pressure drop which will result in 
the best gas-turbine cycle. 

This condition was vividly demonstrated to the writer when 
he first attempted to design a cross-flow regenerator for a loco- 
motive gas turbine. At that time his company had on order 
heat exchangers for an oxygen plant. These exchangers used 
the 3/s.-12.22 fin which is shown in Fig. 9 of the paper to be 
about the most compact pattern. Since space is a most im- 
portant consideration in a locomotive, this particular surface 
appeared to offer excellent possibilities. Calculations, however, 
quickly revealed that such a surface would be entirely unsuitable. 
Amazingly enough, the 5.3 plain fin, which is indicated as the 
least compact surface in Fig. 9, proved to be the one which would 
give the required N7’U of about 2 without exceeding the allowa- 
ble pressure drops. The following is a comparison of the 
dimensions required for the two cores: 


aa ——Length, ft-—————— Volume, 
Gas flow’ Air flow No flow cu ft 
3 /s9-12.22 finer 3/4 3/4 80 45 
Plain—5.3 fin......... 3 7 é 147 


In terms of actual core volume the compact surface is truly 
more compact, but if the volume of distributing sections and inlet 
and outlet manifolds are added, the total volume comes out 
higher than for the less compact plain-fin pattern. Obviously, 
the compact surface cannot be used on a locomotive installation. 

One can state a general rule for selection of core structures for 
gas-turbine regenerators, The more compact surfaces are suita- 
ble for small air flows and the less compact surfaces for large 
_air flows; also, the more compact surfaces are the better for 
high values of N7'U and the less compact surfaces for low values 
of NTU. The availability of the test’ data presented by the 
authors in this and previous papers is of considerable aid in mak- 
ing the optimum selection. | For design work it would have been 
helpful to have included plots of 7/f versus Nre and plots of h 
versus H, friction power. 

For oxygen plants, while compactness is important, a more 
significant factor is the cost. The authors mention that these 
surfaces have been used in portable oxygen plants. However, 
at present many of the companies manufacturing these extende |- 
surface structures are interested in their use in tonnage oxygen 
plants where heat exchangers represent a significant part of the 
total cost. The most compact surfaces are probably made with 
pin fins or wire screening having very fine diameter wires. Such 
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surfaces would require fairly small passage heights in order to 
maintain high fin effectiveness. 

However, such a design would not necessarily represent the 
lowest cost. A major part of the cost is in forming the fin ele- 
ments and assembling them into passages between separating 
plates. Therefore it is desirable to have as high a passage as 
possible. 

There are many blank spaces remaining to be filled between 
test-core data and large-scale performance. Future programs 
might include investigation of such factors as the following: 


1 Effect on regenerator performance of complex flow pattern 
of air discharge from compressor or turbine into regenerator. 

2 Effect of flow unbalance in passages which produces a ma- 
terial unbalance between cold fluid and hot fluid. This is of 
particular significance in heat exchangers of high NTU, The 
effect is not shown when testing with steam because of the un- 
limited amount of heat available from the condensing steam. 

3 Effect of variations in manufacture on heat-exchanger per- 
formance—such as wear of dies. 


If a test code is adopted as suggested by the authors, it might 
be advisable to arrange for a better check on pressure drop. This 
could be done by building a separate core for pressure-drop 
measurements. The “pressure-drop” core could be built to the 
same dimensions as the other core but arranged with all pas- 
sages flowing in the same direction. This would give an area 
ratio at entrance and exit very close to unity. If such an arrange- 
ment is not possible, then a longer flow path could be used when 
testing for pressure drop. While there will always be some 
question as to whether the “heat-transfer’’ core and the pres- 
sure-drop core are of identical construction, the uncertainty 
can be reduced by suitable fabricating procedures. Also, since 
there are some fifteen to twenty-five individual passage sec- 
tions there is a reasonably good averaging of fin variations. 


J. J. Dinan.’ The information and data presented by the 
authors in these papers help to fill a need which exists in the 
field of heat-exchanger design. The paper takes the initiative in 
recommending a test apparatus and technique for obtaining 
accurate basic heat-transfer and flow-friction data for heat- 
exchanger surfaces. Also, it reports additional data which may 
be extrapolated to designs of compact heat exchangers. 

Undoubtedly, the authors have put considerable thought into 
the design of the test apparatus reported herein. The estimated 
over-all accuracy of the data obtained and the excellent heat 
balances attest to this. Fig. 15, Part | of this paper, provides a 
check on the accuracy of the authors’ methods. Comparison is 
made between data reported by the authors and that obtained by 
the U.S. Naval Engineering Experiment Station. Since the two 
test setups are, in general, similar, convincing evidence is pro- 
vided for the reproducibility of test data if the authors’ recom- 
mended technique is employed. 

The friction-factor characteristic of the surfaces reported in 
this paper is defined by the friction factor f versus the Reynolds 
number, Evaluation of f is based upon the Fanning equation 
for flow in tubes. The application of this analogy to the plate- 
and-fin type of surface reported herein appears justifiable. One 
might expect the analogy to break down when applied to flow 
over the flat-tube type of surface. The curves in Fig. 6, Part 2 
of this paper, do not bear this out since the frietion-factor curves 
for the ‘finned, flat-tube” surfaces are similar in shape to the 
“plate-and-fin” surface designated as 1986. However, extension 
of the analogy to all heat-exchanger surfaces cannot logically be 
done. Test of a “plate and pin-fin” core at the Engineering Ex- 
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periment Station, showed that the analogy to flow over banks of 
tubes is applicable. 

In comparing the heat-transfer and friction characteristics of 
different surfaces, the most significant comparison would seem 
to be a plot similar to Figs. 9 and 10, Part 2 of this paper. These 
figures make the comparison on a bulk or volumetric basis. 
Another comparison can be made purely on a heat-transfer-area 
basis. Possibly the plot might be extended to include the 
weight factor. 


Crypr Spweeraar.‘ This paper, together with the individual 
project papers on the various surfaces tested at Stanford Uni- 
versity laboratory, contributes materially to the literature on 
interrupted fin surfaces. 

The authors suggest that it may not be advantageous to de- 
crease louver spacing below 3/3 to !/, in. While certain of the 
data appear to bear this out, there is another directly associated 
condition, namely, the distance between in-line surfaces, which 
is not evaluated. In this it should be considered that the effect 
of spacing in the louvered-fin design which incorporates a surface 
configuration is probably different from that for a plain flat strip. 

To consider then, only the uncontoured strip fins such as those 
tested and reported in the original paper of Norris and Spofford, 
while the heat-transfer coefficient may increase with decrease in 
strip width, the coefficient may also decrease with decrease in 
distance between trailing and leading edges of the in-line strips 
so that the latter effect may substantially nullify the former. 
Both of these conclusions appear to be supported in the original 
paper mentioned, in which note should be made of the fact that 
without a modificatioi of the definitive geometry (D,), the per- 
formance of strip fins staggered by three’s was substantially 
better than the performance of strips staggered by two’s. 

The strip-fin design identified as %/;.-12-22 in the present 
paper was tested in the Modine laboratory using a test core with 
a single air-side pass 6 in. high X 3 in. in air-flow length. Heat- 
transfer tests of this sample correlated with those of the larger 
core tested at Stanford to within about 1 per cent. In order to 
verify what we have termed the “proximity effect’’ of in-line 
surfaces, an identical core was built except that in each channel 
fin alternate pairs of strips were removed at their base, increasing 
the distance between in-line surfaces from 3/32 to °/s2 in. 

Tests of this core showed a gain in the Stanton-Prandtl group 
of 14 per cent at an Np, of 1000, and 6 per cent at an Nr, of 
10,000. Norris and Spofford showed an increase of 11 per cent 
in heat transfer for stagger by three’s versus two’s at an air flow 
of 1000 fpm. Other tests which were made indicated that this 
effect is significant over a wide range of distance between trailing 
and leading edges. 

It appears possible, therefore, to obtain the advantage of the 
use of narrow strip fins if these are staggered by three’s or four’s 
so that the distance between strips is increased beyond the 
severely critical range. To correlate the performance, a Reyn- 
olds number based upon either the hydraulic radius or fin strip 
width or perimeter is not completely definitive and an “effective 


4 Chief Research Engineer, Modine Manufacturing Company, 
Racine, Wis. Mem. ASME. 
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Reynolds number” should be used which would take into con- 
sideration the “proximity effect’’ of in-line surfaces. 


AuTHoRS’ CLOSURE 


The authors’ objectives in presenting this paper were to make 
available accurate basic heat-transfer and flow-friction data for a 
number of compact heat-exchanger surfaces which might find ap- 
plication in numerous systems where compactness is desired, in- 
cluding the gas-turbine heat exchangers. Whether or not any of 
these surfaces aresuitable or desirable for the gas-turbine regenera~ 
tor is for the regenerator designer to determine. The basic data. 
presented here are not definitive and will only assist in this deci- 
sion. It was not the objective of this paper to provide the de- 
signer with any criteria for the selection of an optimum surface for 
any particular application. In this regard the authors fail to see 
any “differences in viewpoints” between themselves and Mr. 
Aronson simply because the authors did not in this paper present: 
any viewpoints on how gas-turbine regenerators should be de- 
signed, 

Mr, Aronson’s remarks regarding the shape problem when us- 
ing low-density fluids are very well taken, and this aspect is dis- 
cussed at some length by the authors in reference (2). However, 
he infers that for a given gas-turbine plant there is something of a 
definite physica] limitation in the over-all compactness of the re- 
generator, and attempts to devise more compact units are doomed 
not to meet with success. The authors feel that such generaliza- 
tions are not warranted at this time. 

The effect of such things as complex flow patterns and flow un- 
balance in the passages can best be determined by tests of actual 
operating systems. It is hoped that manufacturers will make 
such data generally available. 

A pressure-drop test core having an entrance and exit area ratio 
close to unity and long flow passages would be very desirable al- 
though, of course, adding considerably to the cost and time of the 
test program. 

Mr. Dinan objects to the use of the Fanning friction factor f 
for other than tubular surfaces. Asa matter of fact, it does not 
make any difference how the friction factor is defined provid- 
ing that the same definition is used in the application and providing 
that it is applied to the same surface or to a geometrically similar 
surface. The only advantage of one method of presenting the 
friction characteristics of a surface over another occurs when at- 
tempting to generalize a correlation to cover variations in geome- 
try. No such generalization was attempted in this paper. The 
friction factor and hydraulic radius were defined in the same man- 
ner for all the surfaces as a matter of convenience in applying 
these data. This definition was also used by Norris and Spofford 
in their pioneer paper, reference (10). 

There are undoubtedly many improvements which can be made 
in the performance of heat-exchanger surfaces such as discussed - 
by Mr. Simpelaar. The authors are presently conducting an in- 
vestigation of the basic mechanisms of heat transfer and flow fric- 
tion in complex flow passages with the hope that a better under- 
standing of the basic mechanisms will lead to the development of 
more effective surfaces. 
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Calibrations of Six Beth-Flow Meters at 
Alden Hydraulic Laboratory, Worcester 
Polytechnic Institute 


By L. J. HOOPER,! WORCESTER, MASS. 4 


Six Beth-Flow tubes were calibrated by means of a volu- 
metric tank at the Alden Hydraulic Laboratory to deter- 
mine their suitability as flow-metering elements. Four 
of the six meters tested had practically the same coeffi- 
cients with flow in either direction. The flow coefficients 
were constant above a Reynolds number of 100,000. Fur- 
ther tests are necessary to determine manufacturing toler- 
ances and the effects of disturbed flow due to various types 
of piping arrangements. 


HE purpose in calibrating the six Beth-Flow meters, dis- 
cussed in the paper, was to determine their operating 
characteristics as a preliminary survey of the usefulness of 

this type of meter. 


APPARATUS 


Cross sections of the six meters tested are shown in Figs. | to 6, 
inclusive. It is noted that the meters differ from each other with 
respect to their upstream-throat diameter ratio and in the piezome- 
ter arrangements. Three of the meters were designed for in- 
stallation in a 6-in. pipe and three in a 4-in. pipe. These and 
further details of the meter designs can be seen in the illustrations. 

The calibration tests were performed in the lower basement 
of the main building of the Alden Hydraulic Laboratory. A 3-ft 
diam tank served as distribution center to reduce velocity effects 
at the entrance to the test section. The 12-in. supply from the 
laboratory pipe was connected near the top of the tank. To this 
was bolted an 8-ft length of 12-in. pipe. The test section of pipe, 
either 4 or 6 in. diam, was connected to this 12-in. pipe by means 
of a reducing flange. The approach pipe to the meter was 
approximately 25 ft long. The discharge from the meter was 
conducted to a switchway near a volumetric tank. This volu- 
metric tank was 3 ft wide, 6 ft deep, and 22 ft long. It was cali- 
brated carefully, immediately before the test, by means of a weigh- 
ing tank. The details of the piping arrangement can be seen in 
Fig. 7. 

The differential pressures developed by the flow meters were 
measured with three types of differential manometers, according 
to the pressure range required. Differential pressures from 2 ft to 
25 ft were measured with a barometric type of mercury manome- 
ter which was calibrated by a water column prior to the test. 
Differential pressures from 0.2 ft to 4 ft were measured with a 
water-and-air manometer, which had a well connected to one 
side so that the deflection occurred in one manometer leg. Small 
differential pressures were measured with a micromanometer in 
which the deflection was measured in water columns 2 in. in diam. 


1 Professor of Hydraulic Engineering, Worcester Polytechnic In- 
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Point gages brought up underneath the water surface indicated 
the water levels in the customary manner for hook gages. The 
difference in elevation between the two point gages was measured 
with an Ames dial gage, reading to 0.0001 in. The upper limit 
of deflection with this manometer was approximately 4 in. 


PROCEDURE 


In preparing a meter for a test it was first carefully cleaned 
with carbon tetrachloride and clean wiping rags, to be sure that 
the interior surfaces were entirely free from grease. The up- 
stream flange joint of the meter was made tight with a thin film 
of grease so as to avoid the possibility of a gasket sliding in the 
pipe and disturbing the flow in any manner. After the meter was 
bolted in place the line was filled with water, and all air pockets 
were blown out by means of suitable blowoffs both in the line 
and in the piezometer connections to the manometer that was in 
use. The proper operation of the manometer was checked by 
being sure that a zero deflection occurred on the manometer with 
zero flow. This static check was repeated frequently during the 
course of a test. 

In preparation for a particular test the desired flow was first 
set and allowed to run to waste for 5 or 10 min to insure steady 
test conditions. When everything was in readiness, a measuring 
run was started on the volumetric tank by switching the discharge 
into the tank and simultaneously starting a calibrated stop 
watch. An observer on the manometer took readings of the 
deflection continuously throughout the discharge-measuring run. 
These readings were recorded on an adding machine which made 
it possible to secure from 40 to 100 readings of deflection for each 
test run. When the volumetric tank was nearly full the dis- 
charge was switched to waste, and the timer stopped. The length 
of the timing run varied from approximately 500 sec at the low 
flows to about 100 sec at maximum discharge. After the run was 
completed, the flow was adjusted at the next test value, and the 
test data were computed. 

After a complete calibration curve had been obtained on the 
meter with the flow in the forward direction, the meter was taken 
out of the line and was reinserted so that the meter was in the 
reverse direction. A second complete calibration was then made 
under these conditions. 


CoMPUTATIONS 


In computing the coefficients of the meters the actual dis- 
charge, as measured by the volumetric tank, was divided by the 
theoretical discharge computed from the meter deflection. The 
actual discharge was computed as follows: 


Q actual = volume divided by test time in seconds 
The theoretical discharge for all of the meters was computed 
using the nominal dimensions of a meter, thus 


Oltheoreticalye Ay\/ fou, ea) 47 Ri 1 

In the case of meter SK No. 1, the theoretical discharge was 
computed from the relationship 

Q actual = K X H?-476 
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where K includes the discharge coefficient as well as all constant 
terms. 


ReEsuuts 


The results of these tests are shown in Figs. 8 to 12, inclusive. 

Two of the meters, namely, No. 2 and No. 6, were not given a 
final calibration, and the results have not been included. These 
two meters did not show the same coefficients with reverse flow. 
Time was not taken to determine the reason for the differences 
inasmuch as this work could be better investigated along with 
other factors in a more complete investigation. 

As may be seen from the curve sheets, the other four meters 
have practically the same coefficients for the flow in either direc- 
tion. In all four cases the coefficient reaches a constant value 
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with a Reynolds number of approximately 100,000, based on the 
throat velocity. This corresponded to a throat velocity of very 
nearly 6 fps. 

The coefficient continued constant to as high a value of throat 
velocity or Reynolds number as could be reached with the test 
setup. In the case of flow tubes No. 1 and No. 3, this was 2.3 
cfs. In the case of No. 5, a discharge of nearly 3.2 cfs was reached. 

In the case of flow tube No. 5, a poor set of readings was ob- 
tained on one test setup. In searching for the trouble with this 
particular calibration the question arose as to the stability of the 
point of separation in the exit tube. Two calibration curves were 
run, one with the entire inner surface of the tube very lightly 
greased by rubbing the surface with greasy hands. In the second 


test the inner surface was cleaned with carbon tetrachloride. 
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As may be seen in Fig. 12, the nature of the surface had a distinct 
effect in the higher ranges of discharge. With the greasy surface 
the coefficient gradually decreased from a normal value of 1.452 
to 1.392, a difference of 4.1 per cent. This test was of interest 
in that it indicated the nature of the flow in the downstream 
section of the tube. In so far as accuracy of the tube is concerned, 
the test is undoubtedly of greater interest from a laboratory 
point of view than that of a commercial installation. In the 
laboratory the meter is normally calibrated very soon after it has 
been installed and the possibility of obtaining a partially greasy 
surface is very good. In commercial operations the tube is nor- 
mally being used continually for the measuring of a single fluid, 
i.e., either water or oil, and the possibility of a lowered coefficient 
is practically negligible. 

It must be remembered that the purpose of these tests was to 
determine the possibilities of these flow tubes as flow-measuring 
elements. This report therefore is of a very preliminary nature 
and indicates that these tubes do possess possibilities as flow- 
measuring devices. It is realized that considerably more research 
must be done with these tubes to determine the manufacturing 
tolerances and the effects of disturbed flow which attend various 
types of installations. It is presumed that the results of such a 
research program will be made available in the near future. 


CoNCLUSIONS 


As a result of these calibration tests, certain designs of Beth- 
Flow tubes have been found to possess a constant coefficient 
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over a range of Reynolds numbers from approximately 100,000 
to approximately 800,000. These meters were found to have the 
same coefficient for flow in either direction through the meter. 
Further research is necessary to determine manufacturing toler- 
ances and effects of installation on the meter performance. 


Discussion 


M. M. Borpen.? It may be of interest to note the differences 
of throat diameters for conventional Venturis (with approximate 
coefficient values as noted) and the Beth-Flow tubes with 
their coefficient values taken from the flat part of the curves in 
the paper. 

Hach tube of a given size is equated for a common (Q) quantity 
and differential head produced by it, as given in Table 1. 

The relatively small differences of diameter of the throat con- 
strictions given in Table 1 seem not to warrant the added cost 
of the Pitot bodies, as in sketch Figs. 4 and 6 of the paper, with 
the possible stoppage of their impact openings, or of the un- 
certainty of the effects of a change of velocity curve (with up- 
stream roughness) upon the others. 

The difference in head loss for a given size of constriction would 
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TABLE 1 CONVENTIONAL VENTURIS AND BETH-FLOW TUBES COMPARED 
Assumed Size Equivalent v Difference Vent 
SK Co Beth-Flow, in, B Venturis, in, assumed B aout and Beth- Vw 
throat, in. 
1 0.86 4X 35/s 0.906 4 X 3.556 0.96 0.889 —0.069 
3 1.3 4X 23/4 0.688 4 X 3.051 0.975 0.763 +0.301 
4 0.92 6X 31/4 0.542 6 X 3.153 0.9825 0.526 —0.097 
5 1.46 6 X 31/2 0.583 6 X 4.129 0.9825 0.688 +0.627 


surely be favored by the action of the diverging Venturi cone. 
If this be omitted, the loss of head need not be seriously greater 
than with a belled outlet from the Venturi throat. 

It would appear that the use of a Pitot opening in a constric- 
tion could be better applied by placing the Pitot opening as far 
from the wall of the constriction as is convenient so it would be 
definitely located in the flat part of the velocity curve and in a 
region where least affected by upstream roughness or whirling 
flow. 

Fig. 13, herewith, illustrates a type of Venturi-Pitot com- 
bination which has been used by the writer’s company. 

The curve showing relation of Venturi throat—Pitot differen- 
tial to the normal main and throat differential are as shown in 
Fig. 14. With such a Pitot combination it is also possible to 
revolve the Pitot tube for removal of an obstruction; or to re- 
move it for inspection; or to rotate it through such an angle as 
would produce a slight change of differential—all while deliver- 
ing both differentia] pressures from a central piece. 
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Fig. 14 Curve SHOowING RELATION oF VENTURI THROAT—PITOT DIFFERENTIAL TO NoRMAL MAIN AND THROAT DIFFERENTIAL 


W.S. Parpoxr.* This discussion is in no way a criticism of the 
author and the Alden Laboratory at Worcester Polytechnic In- 
stitute. The writer has the highest appreciation of the work and 
ideas of this laboratory but it is written in response to the 
author’s suggestion of further studies and in answer to a state- 
ment in an article published in The Engineering News-Record 
of August 18, 1949, entitled, “New Flow Meter Cuts Costs, 
Simplifies Installation Problems,” by R. E. Tarring, as follows: 

“Tts short length permits insertion in complicated pipe systems 
and at the most advantageous. point on the hydraulic gradient. 
Accuracy is not lost and expensive revamping of the system is 
avoided. Straight pipe-runs before or after elbows, tees, crosses, 
or other fittings—are not required;” also, “The streamlined 
interior of the meter-Low main-to-throat (high Beta) gives 
negligible unrecovered pressure loss.”’ Other claims have been 
made, but these will suffice. 

Fig. 15 of this discussion is a schematic sketch of the Hydraulic 
Laboratory of the Civil Engineering Department of the Uni- 
versity of Pennsylvania in Philadelphia, Pa. It consists of a 
sump, pumps, cast-iron pipe system, 5-ft 6-in-diam stand pipe, 
test pipe lines, test meter, and two 16,000-lb weighing tanks. 
The maximum pumping and weighing rate is 12 cfs (5400 gpm. ). 

Fig. 16 shows the three differential gages; the first, a 3-in. 
hook gage measuring up to 0.6 ft reading to 0.0001 ft. 


Professor of Hydraulic Engineering, University of Pennsylvania, 
Philadelphia, Pa. 


The second is a direct-reading air gage used from 0.6 ft to 
4.5 ft. 

The third is a direct-reading mercurial gage used for heads 
greater than 5 ft. 

Fig. 17 shows the 8 X 10 in. Beth-Flow tube. 

Fig. 18 is a cross section of a test of a 6-in. Gentile multiple 
Pitot tube showing a log-log head—(velocity in 6-in. pipe) curve 
the empiric equation of which is V = 4.3 h°-4875, Note that all 
the points fall on the line due to the very small scale. 

Fig. 19 shows the same data put in terms of Cin V = C+/2gh 
and the velocity in the 6-in. pipe. Note the scatter of the points 
being plus and minus 0.6 per cent; the lost head is 21 per cent of 
the working head. The laboratory has an error of plus and minus 
0.1 per cent as cam be seen in Fig. 20, which is a test of a 12 X 
81/, in. (8 = 0.69) Venturi meter. Note that the lost head 
equals 10 per cent of the Venturi head; if 8 were 0.75 the lost 
head would be less. 

Fig. 21 is a log-log throat velocity—Venturi head curve for 
Mr. Gentile’s information. The Gentile tube shows a scatter 
of points six times that of the Venturi meter tested in the same 
setup in the presence of both the manufacturer and the customer. 
This must be attributed to the location of the multiple Pitot 
tubes which pick up fluctuations of velocity due to turbulence 
and minor vortexes near the wall. The manometers showed 
much wider fluctuations and surges than those of the Venturi 
meter. 

Fig. 22 shows a traverse in a 4-in. pipe, and Fig. 23 shows a 
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traverse in an 8 in. pipe immediately following a series of flanged 
decreasers from 24 in. to 8 in. diam. It is evident these traverses 
would have a profound effect on the coefficient as the Pitot tubes 
are acted on by the velocity near the wall. Fig. 22 should give a 
high coefficient due to the low head, and Fig. 23 a low coefficient 
due to a high working head if the mean velocities are equal. ) 

The effect of an eccentric traverse such as occurs after elbows 
oe ———— } ; should increase the working head and decrease the coefficient due 

Yj ey YY to the fact that the square of the mean velocity is less than the 
mean of the squares of the individual velocities. 

With these ideas in mind the writer seized the opportunity (of 
the presence in his laboratory of an 8 X 6-in. Beth-Flow tube sent 


in for test by the city of Philadelphia) to make the following tests 
Fie.17 Test or8 X 6-In. Betu-Fiow Tuse of the “effect of installation on the coefficient of the 8 X 6-in. 
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Beth-Flow tube,”’’and compare them with similar data for the 
Venturi meter of similar proportions. 

Fig. 24 is a log-log head-discharge curve for this 8 X 6-in. 
Beth-Flow tube. Again, note how all the points fall on the line 
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with the following equation: efs = 1.47 h®-*!. These curves 
are very deceptive. 

Fig. 25 gives the same data plotted as coefficient C against 
throat velocity. Note again the scatter of points, and the log- 
log curve gives no hint of the form of this coefficient curve. The 
lost head equals 12.1 per cent of the working head. Also, the 
setup has no straightening vanes. The average of ten values of 
the coefficient at 10, 20, and 100 per cent of the integrator range 
is 0.9392. 

Fig. 26 shows the same setup with a 32-in-long cross-straighten- 
ing vane 20 ft ahead of the Beth-Flow tube, the average co- 
efficient being 0.9539 or 1.54 per cent above Fig. 25. This setup 
has been used as a basis of comparison for all the others. Note 


that the normal turbulence and slight vortexes always present in 
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piping systems produce an error of 1.54 per cent. It looks as if 
this meter extends from the lower end of our pump suctions 
through the pumps and cast-iron piping system into the stand- 
pipe through the 24 in. to 8 in. reducers and 20 ft (30 diam) of 
8-in. pipe, that is, it is very sensitive to the small disturbances in 
the flow. 

_ Fig. 27, a cross-straightening vane 24 in. was added immedi- 
ately ahead of the meter giving a coefficient of 0.9411, being 1.34 
per cent less than Fig. 26. This latter vane evidently flattened 
the pipe traverse at the meter. 

Setups in Figs. 25, 26, and 27 would all produce the same co- 
efficient with an 8 X 6 in. Venturi meter, see Fig. 39. 

Fig. 28, the Beth-Flow tube was placed immediately after 
the 24 in. to 8 in. flanged decreasers; this gave an average co- 
efficient of 0.9095 or minus 4.65 per cent. The coefficient of the 
Venturi meter under a similar setup decreased 0.098 per cent 
(see Fig. 29). 
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In Fig. 30 the Beth-Flow tube was placed after a 90-deg 
short-radius elbow, thus passing an eccentric traverse into the 
tube; the average coefficient was 0.8529 or minus 10.6 per cent. 
In Fig. 31 a piece of 8-in. pipe 8 in. long was placed between the 
elbow and the meter. The average coefficient dropped to 0.8381 
or minus 12.1 per cent. 

Fig. 32 indicates the 8 X 6 in. Venturi meter would be plus 
1.78 and 1.09 per cent, respectively. 

In Fig. 33 the Beth-Flow tube was placed immediately after 
two short-radius 90-deg, 8-ft elbows in planes at right angles. 
The average coefficient was 0.8366 or minus 12.3 per cent. 

In Fig. 34 an 8 in-long piece of 8-in. pipe was inserted be- 
tween the second elbow and the Beth-Flow tube; the average co- 
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REYNOLOS NUMBER Rqs E22 efficient was 0.8642 or minus 9.4 per cent. Fig. 35 shows the cor- 
responding values for the 8 X 6 in. Venturi meter to be plus 0.22 
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4 and 0.07 per cent, respectively. 
In Fig. 36 the Beth-Flow tube was placed immediately after 
8B 


a 6-in. to 8-in. flanged increaser. The coefficient was 0.9333 or 
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added between the enlarger and the Beth-Flow tube; the average 

ay aoe oaths Biles coefficient was 0.9136 or minus 4.23 per cent. From Fig. 38 the 
passa4 corresponding values for the 8 X 6 in. Venturi meter were plus 
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7.80 and 3.75 per cent, respectively. 
In order to bring out the effect of a rough upstream pipe, one 
layer of 1/s-in. mesh #18” wire in the form of a cylinder 8 in. OD 
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and 36 in. long was placed immediately before the Beth-Flow 
tube as shown in Fig. 39. The average coefficient rose to 1.0297 
or plus 6.9 per cent; the coefficient varied from 0.98-1.09. No 
similar test was made on the 8 X 6 in. Venturi meter. 

Fig. 40 shows the effect on the Venturi meter of a cross- 
straightening vane after two elbows in planes at right angles. 
At six diameters we get the normal coefficient, therefore they do 
not affect the Venturi meter; see Fig. 27. 

Fig. 41 is a collection of the foregoing data for comparative 
purpose. 

The writer feels that if the Beth-Flow tube had been invented 
first what an earth-rocking invention Clemens Herschel’s Venturi 
meter would have been. 


ViIncENT GENTILE, JR.‘ Calibration of the 6 * 31/, in. type 
D flow tube at the Alden Hydraulic Laboratory, covered the 
following ranges: 


Quantity....... 0.0249 cfs—2.517 cfs (100-1) 
Velocity. 2... . 0.437 fps—44.0 fps (100-1) 
Headrest ict 0.0473 in. water—375 in. water (7900-1) 
Reynolds No.... 7800-970,000................ (124-1) 


The coefficient of discharge, computed on the square-root basis, 
varies from approximately 0.925 at 970,000 to 0.90 at 100,000. 
Below that, its value drops off more rapidly. 

Calibration of the 8 X 6 in. tube of the same type, at the 
University of Pennsylvania, covered the following ranges: 


Quantity....... 0.196 cfs—6.03 cfs (31-1) 
Velocity....... 1 fps-31 fps (31-1) 
ead! avons os ... 0.203 in. water—-196 in. water (965-1) 
Reynolds No... 40,000-1,300,000............. (31-1) 


Using the same basis as in the foregoing, the coefficient varies 
from 0.95 at 1,300,000 to 0.925 at 100,000, and 0.96 at 50,000. 
It should be noted, however, that when differentials are plotted 
versus capacity on log paper, all points lie on straight lines, 
indicating that over the entire ranges covered by these tests, the 
discharge coefficients remain constant if differentials are ex- 
pressed to powers of velocity corresponding to slope of curves, 
Figs. 42 and 43 of this discussion. 

Head meters, in general, do not, even for limited ranges, follow 
the square-root law exactly. On the other hand, practically any 
primary device will show a constant coefficient, if head is ex- 
pressed to the proper exponent, over a range far in excess of the 
requirements of commercial metering, and broad enough to 
satisfy the most exacting demands of laboratory test work. 
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The head developed by a primary device can be expressed by 
the equation 


H = Kh,R*, 
in which 
K = calibration constant 
h, = velocity head V?/2g 
R = Reynolds number VD/Z 
x = experimental exponent 
By a simple transformation the formula for discharge becomes 


CA(2gH)* ZG-2") 
od Da-2n) 


in which 


C = discharge coefficient = 1/K” 


A = area 
Z = kinematic viscosity 
D = diameter 
1 
n= 
2% o 


For a meter of a given size, the formula can be simplified to 
Q = C'A(2gH)" Za-2) 
and for a given meter and fluid the expression finally reduces to 
Q = C"A(2gH)" 


The exponent n appears to vary with the type of primary 
device, with the D/d ratio, and probably with other factors that 
we know nothing at all about. It is slightly greater than 1/, for 
the type D flow tube, the nozzle, and the Venturi, and slightly 
less than '/2 for the orifice, and for the V and VD flow tubes. 

If these test data are analyzed in this fashion, the type D flow 
tube has a demonstrated range of 30 to 1 in one case, and 100 to 1 
in the other. The upper limits were governed in each case by 
the maximum flow capacity of the laboratory. From the direc- 
tion of the log plots, it can be seen that the coefficients would 
have continued constant considerably beyond these ranges. It is 
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important to note that, on this basis, the coefficient of the 6 X 
31/,in. tube is virtually constant for all Reynolds numbers above 
11,000 (lowest point on log plot), while on the square-root basis, 
the coefficient is only approximately constant for Reynolds 
numbers above 100,000. Thus the effective range of a meter 
is considerably increased by the simple expedient of expressing 
head to the proper power of velocity. 

Logarithmic plots are useful, not only for furnishing a more 
rational basis for the study of fluid flow, but also to indicate 
obvious errors of measurement and observation. 

The essential difference between the flow tube and other head 
meters is that total pressure differentials are used instead of 
static pressure differentials. It is submitted that this basis is 
more direct and less subject to error. The static pressure at 
a given section is equal to the total pressure minus the effective 
velocity pressure. But the effective velocity pressure varies 
with velocity distribution across the section and with the magni- 
tude of rotative and translative components. Thus it is possible, 
under certain conditions, to obtain different static pressure read- 
ings for the same average flow across a section. In some cases 
the difference is small, in others it is appreciable. In the flow 
tube the static pressure cancels out whatever its value and what- 
ever the factors contributing toward it. In the V and D tubes, 
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and even in modified designs of the VD tube, all readings are 
taken at the same section, the static pressure drops out of the 
equation, and the differential becomes a function of axial- 
velocity components, which, in turn, are proportional to mass 
flow. Moreover, since all readings are taken at the throat, where 
the velocity distribution is relatively flat, the effect of disturbed 
flow due to fittings is minimized. Further, since readings are 
taken all around the periphery, a high reading on one side will 
be partly compensated for by a correspondingly lower reading on 
the other. There is of course a theoretical error due to the fact 
that the average of the squares is not equal to the square of the 
average, but tests indicate that this is small and well within the 
required accuracies of commercial installations. 

Tubes with a high D/d ratio will be least affected by installa- 
tion. Also, the type D tube, due to straightening effect of 
streamlined nozzles, will perform more consistently than the 
others. Figs. 44 and 45, herewith, show head-capacity curves for 


Frc. 44 Ca LiBRATION or 6 X 31!/¢In. Type D Frow Tusge ror In- 
STALLATION 


Fig. 45 CaLrBRaATION or 6 X 3!/-In. Typp VD Frow Tuner ror 
INSTALLATION 


1110 


the 6 X 3%/s in. type D, and the 6 X 3!/: in. type VD tubes 
(SK4 and SK5, respectively, in the paper), downstream from a 
compound elbow with a reducer between one elbow and the 
other. Even under these extreme conditions, there is no ap- 
parent change in coefficient. It is not concluded from this that 
straight-run calibrations can be used indiscriminately for any 
application, but rather that a flow tube of proper design will per- 
form satisfactorily near an elbow or other fitting, if previously 
calibrated in a piping arrangement simulating the actual in- 
stallation. 


C. G. Ricnarpson.® The writer served on the first Fluid 
Meters Committee. After 6 years of discussion, Part I of the 
committee’s report was published. Later, a new committee 
produced Part III, dealing, in part, with the influence of installa- 
tion on various types of commercial meters. It would seem that 
it has been amply proved that there is a great variation in the 
value and character of the Beth-Flow coefficients under approach 
conditions which have little, if any, effect on a standard Venturi 
tube. One does not see how the performance of the Beth-Flow 
can possibly be predicted unless it is volumetrically tested in a 
piping assembly duplicating the size, arrangement, and flow 
range of the final installation. 


I. R. Scawartz.6 An important criterion in evaluating any 
primary device of the head type is the pressure differential pro- 
duced with a given flow for operating the secondary instrument. 
A simple analysis indicates that the Beth-Flow tube of the type 
with little or no contraction should produce much lower heads 
than any of the standard methods, viz., Venturi tube, nozzle, 
and orifice, for 6 ratios below about 0.8, and compares increas- 
ingly less favorably as the @ ratio is decreased in the latter. For 
high enough initial velocities the Beth-Flow tube could provide 
adequate working-pressure differentials with almost no friction 
loss, but under these conditions would show little advantage over 
a simple Pitot meter. Both require individual calibration, in 
itself a rather serious drawback. 

For low initial velocities it would seem necessary then to use a 
type with some contraction. Here the Beth-Flow tube should 
yield somewhat higher pressure heads than the standard device of 
the same contraction, but its friction loss is now comparable to 
that of the latter. 

From these standpoints the writer fails to find wherein the 
Beth-Flow tube is superior, if not indeed inferior, to the usual 
more simple primary devices. 


AUTHOR'S CLOSURE 


The discussions of this paper add to the knowledge of the per- 
formance of Gentile-Flow tubes and are greatly appreciated. 
Professor Pardoe’s test work in particular is a material contribu- 
tion to the performance of one Gentile-Flow tube for flow condi- 
tions departing from the ideal. There are one or two points of 
his discussion that can be clarified slightly. 

In Professor Pardoe’s test results the performance of the two 
types of metering elements are compared on the basis of equal 
pipe diameters between the disturbing element to the inlet flange 
of the meter. ‘This ignores the fact, that the Gentile-Flow tube is 
much shorter than the Herschel Type Venturi Meter. If the 
comparison of performance were to take this into account the 
Gentile tube should be credited with the difference in length of 
the meters taken up with straight approach pipe between the dis- 
turbing element and the inlet flange of the meter. If this were 
done it would tend to reduce the magnitude of the deviations for 


5 Vice-President, Builders Providence, Inc., Providence, R. I. 
6 The Bristol Company, Waterbury, Conn. 
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the Gentile Tube indicated in Professor Pardoe’s table and make 
the comparison with the Venturi meter more favorable. 

In test No. 11, the effect of pipe wall roughness on the perform- 
ance of the flow tube is indicated, with a blank indicated for 
the performance of the Venturi. In our opinion the introduction 
of the screen wire along the wall of the pipe for several diameters 
upstream simulates to a degree the roughness effects that can be 
produced by tuberculation. The effect of pipe wall roughness 
on a Venturi coefficient was shown in one instance in a paper 
presented by Prof. C. M. Allen and the author, entitled, ‘Venturi 
and Weir Measurments.”” This paper was printed in Mechanical 
Engineering for June, 1935. It was shown at that time that the 
average Venturi coefficient for a 36 X 16 in. Herschel type meter 
started at .975 for a 36 X 16 in. Venturi meter when the penstock 
was clean. As the penstock and meter became more rusty the 
coefficient of the Venturi gradually dropped off to .954 in a period 
of 12 years. In 1934 a mossy growth was found developing in the 
penstock starting 25 ft upstream from the meter. The presence 
of this mossy growth dropped the coefficient from .954 to .945. 
Washing the moss from the penstock without disturbing the 
tubercles brought the coefficient back to the previously cited 
value of .954. 

In the discussion of this paper Professor Pardoe cited the effect 
of tuberculation on a 12 X 6 in. Venturi meter in his own labora- 
tory where the coefficient de¢reased from .976 with a clean pipe 
to approximately .962 for a tuberculated pipe after a period of 
approximately six years. It is seen therefore that there is some 
effect on a Venturi meter due to pipe wall roughness extending 
upstream. In this case, as in most of the other cases cited by 
Professor Pardoe, the effect on the Venturi coefficient is considera- 
bly smaller than the effect on the flow tube. 

With respect to Mr. Gentile’s use of the log-log plot of the de- 
flection versus discharge for a flow tube, such a plot is customarily 
used to check an exponential formula. As Mr. Gentile points 
out, it is frequently found in hydraulics that by using a decimal 
power slightly different than a square or a square root, a formula 
is obtained in which the coefficient remains constant. The objec- 
tion to this approach is that a formula involving a decimal power 
is usually less convenient to handle than one employing an even 
power. That, of course, is a matter of personal convenience and 
opinion, A log-log plot has a further advantage in that the re- 
sults are presented with a constant accuracy, that is to say, a 10 
per cent deviation from the curve at the lower range looks just as 
large as a 10 per cent deviation in the upper range which would 
not be true where deflection is plotted against discharge in rectilin- 
ear co-ordinates. Plotting the coefficient of the Venturi formula 
against throat velocity or Reynolds number also provides a curve 
in which deviations are shown with uniform accuracy over the 
range. In Professor Pardoe’s presentation of coefficient values a 
space of one-half inch is customarily used to indicate a difference 
in coefficient of 1 per cent. To have a log-log plot of deflection 
against discharge indicate deviations with the same clarity would 
require a base length of 50 in. per cycle. It is seen, therefore, 
that where the presentation of results is to be made with a given 
constant accuracy the coefficient against throat velocity is a 
much more compact method than the log-log plot. 

In closing, the valued discussions presented confirm the state- 
ment in the conclusion of the original paper that many more 
tests should be made before the coefficient of a Gentile flow tube 
can be predicted for various installation conditions. At the 
present time we quite agree with Mr. C. G. Richardson that the 
performance of a flow tube must be based upon a calibration 
duplicating the flow conditions of the final installation. Once 
calibrated, however, a Gentile-Flow tube should maintain its 
operating curve subject only to the effects of roughening of the 
pipe wall as stated above. 


Latest Technique for Quick Starts on 
Large Turbines and Boilers 


By J. C. FALKNER,! D. W. NAPIER,? anp C. W. KELLSTEDT,? NEW YORK, N. Y. 


The first quick starts made on the 1200-psi 900 F top- 
ping turbines at the Waterside Station were described in 
a paper‘ presented in June, 1947. The purpose of the 
present paper is to review the high lights of the earlier 
presentation and to relate the developments since then. 


TYPICAL Consolidated Edison System daily winter 
load cycle is represented in Fig. 1. It shows late evening 
winter peaks of about 2,500,000 kw, and minimum loads 

of approximately 700,000 kw during the 12 to 8 watch. The 
system load factor for 1948 was 53.1 percent. The extreme 
variation in generation and also the high rate of pickup in the 
morning hours from 5 to 9 o’clock will be noted. While many 
systems have topping units similar to those on the Consolidated 
Edison System, few, if any, have this great difference between 
maximum and minimum daily loads, and are faced with the 
necessity of shutting down some toppers nightly. By 1952 
there will be a total of ten topping units on the system; six at 
Waterside, two at Sherman Creek, one at Hell Gate, and one at 
Hudson Avenue, with a total generating capacity of over 1,000,- 
000 kw, including the power generated by their exhaust steam. 
Furthermore, the number of toppers which are now shut down 
nightly will be greatly increased in the early 1950’s by the instal- 
lation at East River Station of two 120,000-kw, 1450-psi, 1000 
F General Electric condensing machines, one of which at least 
will run 24 hr a-day. 


Quick-STart PROCEDURE 


The principle of the quick-start procedure is simple and con- 
sists of admitting steam into a turbine at a temperature equal to 
or slightly higher than the metal temperature of the turbine 
steam chest. With the turbine generator operating at a turning- 
gear speed of 3 rpm, the turbine can then as a matter of routine 
be brought up to speed and synchronized to the bus with absolute 
safety in 12 to 15 min. The present practice is to load the unit 
in such a way that the rate of increase in the turbine steam 
chest metal temperature will not be over 100 F per hr. 

To determine metal temperature changes in the turbine struc- 
ture during the starts, thermocouples were installed over various 
sections of the turbine shells. The isometric sketch given in 
Fig. 2 shows the locations of the thermocouples installed on 


1 Manager, Electric Production Department, Consolidated Edison 
Company of New York, Inc. Mem. ASME. 

2 General Superintendent, Waterside Station, Consolidated Edison 
Company of New York, Inc. 

3 Assistant General Superintendent, Sherman Creek Station, Con- 
solidated Edison Company of New York, Inc. 

4“Quick Starting of High-Pressure Steam-Turbine Units,” by 
J. C. Falkner, R. S. Williams, and R. H. Hare, Trans. ASME, vol. 70, 
1948, pp. 201-209. 

Contributed by the Power Division and presented at the Spring 
Meeting, Washington, D. C., April 12-14, 1950, of Tar Amurican 
Socrery or Mecuanicat Encineers. This paper was also presented 
at a meeting of the ASME Metropolitan Section on May 12, 1949. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those of 
the Society. Paper No. 50—S-l. 
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No. 6, Westinghouse 65,000-kw unit at Waterside Station. 
Fig. 3 shows a comparison of steam and metal temperature 
changes in this machine during a quick and a normal start. 
Note, by observing thermocouple No. 1, how the quick start 
has practically eliminated the cooling which takes place during 
the normal or slow-start method. Fig. 4 shows another isometric 
sketch of No. 7 General Electric 65,000-kw unit with the locations 
of the thermocouples. Fig. 5 gives the comparative metal tem- 
perature change in No. 7 unit during a quick and a normal start. 
Again, notice in the quick start the absence of the cooling which 
takes place during the normal start. 

Since the presentation of the first paper the practice of quick- 
starting topping units has been continued with improved tech- 
nique, due mostly to better synchronizing of the operators’ 
moves on the boilers, turbines, and high board. As of April 
19, 1949, the number of quick starts made on the Waterside four 
topping units are as follows: 


66 starts on No. 4—Westinghouse 53,000-kw unit 
49 starts on No. 5—General Electric 53,000-kw unit 
36 starts on No. 6—Westinghouse 65,000-kw unit 
37 starts on No. 7—General Electric 65,000-kw unit 
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THERMOCOUPLE 
NUMBER. POINT OF INSTALLATION 
1 STEAM INLET-PRIMARY VALVE 
2: VALVE CHEST-ON PRIMARY 
VALVE. 


TURBINE METAL TEMPERATURES 
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Fig. 2 (left) Diagram SHowrne THERMO- 

COUPLES PEENED ON TURBINE CASING OF 

Hicu-Pressure Unit No. 6, WATERSIDE 
STATION 


WATERSIDE STATION 
H.P. UNIT NO.6 


COMPARISON OF QUICK 
AND NORMAL STARTS 


3—— TOP CASING-OVER EIGHTH 
STAGE. 
4: ON EXHAUST PIPE. 
5: TOP CASING-HEAD END. 
6: TOP FLANGE-RIGHT SIDE. 
7. BOTTOM FLANGE-RIGHT SIDE. 
8. BOTTOM CASING-HEAD E@ND. 
4 9: TOP FLANGE-LEFT SIDE. 
10 BOTTOM FLANGE-LEFT SIDE. 
Ve BOTTOM CASING-UNDER 
EIGHTH STAGE. 
13 12: ‘TOP CASING-EXHAUST END. 
13. BOTTOM CASING-EXHAUST 
END 
900 
z 
1 w 
850 g 
INTERNAL ConpiTION OF Toppine Untr Arrer 32 QUICK STARTS : 
Since the advent of quick-starting of topping units in April, red ’ 
1946, the first opportunity which presented itself to observe 
the internal condition of one of these units occurred in 1948. 
It was brought about by an overhaul of No. 5 Unit at Waterside, a, 
a 53,000-kw General Electric machine which, when removed 
from service, had had 46,000 hr of operation between November, 
1942, and August, 1948. During this interval, No. 5 turbine 
. 7 
underwent a total of 32 quick starts, 74 water washes, and 4 ny 
caustic washes. The inspection showed the spindle, buckets, ‘ 
nozzles, and diaphragms to be in exceptionally good condition. Es 
There was some evidence of very light spindle-shroud rubs on <a s 
the leading edge, and the brightness of the rubs indicated them 3 


to be of recent origin. The thrust-bearing clearance was normal 


or 0.015 in., but the bearing fit which supports the thrust-bearing eg 
housing was worn and permitted an additional 0.017 to 0.020 
in. axial movement of the spindle. Without a doubt, this wear 


together with the practice of water-washing caused the light $50 
rubs previously mentioned on the leading shroud edges. All 

nozzles, buckets, shrouding, and spindle were magnetically 

tested and no cracks were found. The spindle shaft, checked 500 
for truth, was within 0.001 in. From this inspection it was 

satisfactorily established to all concerned that the practice of 

quick starts and water-washing did not produce any detrimental 450 
effect on any part of the machine. 


Quick Starts Improve AxtAL DIFFERENTIALS hiss 


Fig. 6(a) shows the location of thermocouples on No. 5 high- 
pressure turbine. 
Fig. 6(b), besides showing thermocouple temperature changes 


THERMOCOUPLE 

NUMBER: POINT OF INSTALLATION 
STEAM INLET-RIGHT SIDE 
STEAM INLET-LEFT SIDE 
TOP CASING-HEAD END-AT GLAND 
TOP CASING-HEAD ENO-ABOVE GLAND 
BOTTOM CASING-HEAD ENO-UNDER GLAND 
BOTTOM CASING-HEAD END-ABOVE VALVE 
CHEST 
VALVE CHEST-BOTTOM CASING-HEAD END- 
RIGHT SIDE. 


TOP CASING-OVER SEVENTH STAGE. 

s BOTTOM CASING-UNDER SEVENTH STAGE. 
| t._—— _ ON EXHAUST PIPE. 

TOP CASING-EXHAUST END 

TOP FLANGE-LEFT SIDE. 

BOTTOM FLANGE-LEFT SIDE 

TOP FLANGE-RIGHT SIDE. 

BOTTOM FLANGE-RIGHT SIDE. 
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Fic. 4 (left) Dracram SHowine THER- 
MOCOUPLES PEENED ON TURBINE Cas- 


VALVE CHEST-TOP CASING-HEAD END-LEFT SIDE ING OF HicH-PressurE Unit No. 7, 


WATERSIDE STATION 
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Fig. 6 (a) (right) Diagram 
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SHOWING 
TURBINE 
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Fic. 5 Comparison oF Quick anp NorMat Starts or Hicu- 
Pressure Unit No. 7 


during a recent quick start on No. 5 unit, also shows another 
very important factor in the quick-start procedure which could 
not be brought out in the initial presentation‘ because of lack of 
instrumentation at the time of the earlier trials. On recent tur- 
bine installations the General Electric Company has furnished a 
differential-expansion recorder. The sensing element of the in- 
strument consists of two magnetic coils mounted rigidly on the 
internal surface of the high-pressure-turbine exhaust-bearing 
pedestal with the pole faces of the coils set at given air gaps from 
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16 1614 


POINT OF INSTALLATION 

STEAM INLET-RIGHT SIDE. - 
STEAM INLET-LEFT SIDE. > 
VALVE CHEST-RIGHT SIDE. 

VALVE CHEST-LEFT SIDE. 

ON EXHAUST PIPE. 

BOTTOM CASING-UNDER SEVENTH STAGE. 
TOP CASING-EXHAUST END. 

TOP CASING-OVER SEVENTH STAGE. 

|. ——— BOTTOM CASING-EXHAUST END. 

TOP FLANGE-LEFT SIDE. 

{|_———_ BOTTOM FLANGE-LEFT SIDE. 


(2. TOP FLANGE-RIGHT SIDE. 
13. BOTTOM FLANGE-RIGHT SIDE. 
4. TOP GASING-HEAD END-AT GLAND. 
15 BOTTOM CASING-HEAD END-AT GLAND. 
16. TOP CASING-HEAD END-ABOVE GLAND. 
17. BOTTOM CASING-HEAD END-ABOVE GLAND. 
8 TOP CASING-HEAD END-AT TOP OF CASING 
19. BOTTOM CASING-HEAD END-AT BOTTOM OF 
CASING. 
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“Fig. 6 (6) Tursrine Merat TEMPERATURES AND DIFFERENTIAL 


Expansion Between HicH-PRESSURE SPINDLE AND CYLINDER 
Durine A Quick Start, HicH-Pressure Unit No. 5, WaTERSIDE 
STATION 


the vertical faces of the solid coupling. With the spindle fixed 
axially in the front pedestal of the machine at the thrust bearing, 
the instrument records the relative change of internal axial clear- 
ances between spindle and cylinder during any operation. Be- 
cause of its lighter mass and higher rate of heat absorption, the 
spindle length responds much faster to temperature change than 
does the heavy cylinder mass. Therefore, when a rapid cooling 
occurs, there is a possibility of rubbing on the entry side of the 
spindle blading. On No. 5 unit at Waterside Station, the differ- 
ential-expansion recorder was installed in recent months and its 
magnetic coils were set with a governor-side air gap of 0.100 in., 
and a generator-side air gap of 0.150 in. With these settings 
the governor-side clearances of the first and last-stage wheels are 
0.020 in. and 0.058 in., respectively. Note, in Fig. 6 (6), that 
there is absolutely no change in the axial relationship of spindle 
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ELAPSEO TIME - HOURS 


and cylinder, thus proving beyond question that the quick- 
starting method of handling the turbine after an overnight shut- 
down is superior to the older slow-start procedure. 

Fig. 7 shows what happens to the axial clearance during an 
overnight water wash and slow start. Note that the governor 
side, or forward clearance, decreases continuously as the machine 
cools down, and then begins to increase as the cylinder starts to 
cool and shrink, thereby bringing the axial clearance toward nor- 
mal. The latter part of the differential expansion line shows what 
would happen to the clearances of the machine if it were started 
after an overnight shutdown with the slower-starting method, 
namely, the forward clearance first increases and then gradually 
decreases as the cylinder approaches spindle temperature. 


WATER-W ASHING 


To digress a moment on the subject of turbine water-washing; 
the machines at Waterside Station foul up over a short period of 
time because of the large make-up needed to replace the steam 
sent out to the New York Steam Corporation. For several years 
it was the practice to shut down a topping unit on week ends when 
its capacity had dropped 5000 to 6000 kw, and water-wash the 


Fic. 8 (right) Superposep Tur- fi 
BINE-GENERATOR Unit No. 9, 
SHERMAN CREEK STATION 
(50,000-kw, 3600-rpm, 1600-psig, 950 
F total temperature, 200-psig back 
pressure.) 


turbine blading at 400 to 500 rpm. Later it was found that a 
good wash result could be obtained by taking the units out of 
service overnight and injecting water while the machine was roll- 
ing at approximately 1000 rpm, gradually bringing the steam 
down to a saturation temperature, holding it saturated for 1 or 
2 hr, and then gradually shutting off the water, bringing the ma- 
chine up to speed, and increasing the steam temperature at a rate 
of 100 F per hr. 


TRIALS AT SHERMAN CREEK 


Success of the quick starts at Waterside Station led to further 
trials at Sherman Creek, where two 50,000-kw, 1600-psi, 950 
F high-pressure units Nos. 9 and 10 are in operation. No. 9 
unit is a Westinghouse machine which was installed in 1948, and 
No. 10 unit is a General Electric machine which was put in serv- 
ice in 1947. Each is supplied by a single boiler, rated at 
1,000,000 Ib of steam per hr. 

All the quick starts made up to the present time at Sherman 
Creek have been on No. 9 unit, the first one being made on 
April 23, 1948. Since that time there have been 25 quick starts 
on this unit. No quick start has been made to date on No. 10 
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unit because of boiler ignition difficulties. Experience at Water- 
side and the initial start at Sherman Creek indicated that it :; 

was not necessary to record any other temperatures but those of cm a oh 
the steam tenlperature entering the turbine and the tempera- SHERMAN CREEK STATION /| | [| i} 
ture of the outside metal of the governing valve chest ahead of NO. 90 BOILER til as I 
the turbine nozzles. This latter point—point No. 2—is shown in eee | 
Fig. 8. 

Fig. 9 shows a section of No. 90 boiler. The steam passes from 
the superheater-outlet header to the turbine with only the tur- 
bine throttle in the circuit. Note the location of thermocouple 
No. 1 which gives the temperature of the steam entering the tur- 
bine and of the size of the drain line ahead of the throttle valve. 

The boiler is tangentially fired with pulverized coal from three 
mills, each mill supplying one burner in each corner so that the 
four bottom burners are supplied by one mill, the four middle 
burners by the second, and the four top by a third. ~ 

Quick-starting of the single boiler unit at Sherman Creek intro- 
duced a different problem from that experienced at Waterside. 
The steam flow required to roll the topping turbines at full speed 
at Waterside is approximately 200,000 Ib of steam per hr, and, 
at Sherman Creek, it is approximately 250,000 lb per hr. How-  4_OIlL_BURNERS 
ever, Waterside has had very little difficulty in obtaining a steam 
temperature at the start equal to that of the metal at the inlet of 
the turbine, because only one of the two boilers per unit is used at 
that time, and full-speed-no-load steam flow represents approxi- 
mately 40 per cent of the full load rating of the Waterside boilers 
However, at Sherman Creek, the full-speed-no-load steam flow is 
only 25 per cent of the full load rating of the boilers. This 
means that during the rolling period the superheater-outlet steam 
temperature at Sherman Creek is much lower than that obtained 
with the same flow on the smaller boilers at Waterside. 

Fig. 10 shows the results of a slow start on No. 9 unit after a 
4-hr shutdown. The rolling time after such a shutdown was 1 
hr, and it can be seen that, after the throttle was opened and dur- 
ing the initial rolling period, the steam-chest metal temperature _10 TURBINE 
dropped during the first 35 min from 825 F to 570 F, or a total 
of 255 F, or again at a rate of 486 F per hr. It is also to be 
noted that the temperature fall was reversed 12 min after it had 
crossed the throttle-steam-temperature curve and rose from 
then on at approximately the same rate that it had fallen. 

The quick-start procedure first used at Sherman Creek was 
similar to that at Waterside, but the firing of the boiler prior to Fic. 9 No. 90 Borter, SaprmMan Creek Sration 
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the rolling of the turbine was purposely made intermittent in 
order to avoid a sudden increase in boiler pressure, which would 
have resulted in a saturation-temperature rate of rise in excess 
of 100 F per hour which, according to the boiler manufac- 
turers, would produce objectionable stresses in the walls of 
the boiler drums. The mill supplying the upper burners was 
used in order to obtain as high a gas temperature as possible 
entering the superheater. 

Results of the first quick start made on this unit are shown in 
Fig. 11. The steam-chest temperature dropped 106 F from 
676 F to 570 F in the first 10 min of the rolling period and then 
increased from 255 F to 825 F in the following 35 min. This 
was an improvement in the magnitude of the temperature drop, 
partly because of the fact that the steam temperature at the start 
was 675 F or 150 F lower than on the afore-mentioned normal 
start, but there was no improvement in the temperature rise, this 
being still at the rate of 437 F per hr. This indicated the 
necessity for altering the procedure so that the steam tempera- 


ture would be increased as rapidly as possible until the steam- 
chest temperature was on the upward trend, and then doing 
everything possible to keep this temperature rise at a slow rate 
after reaching that point. This was achieved by deliberately 
lowering the temperature of the steam leaving the boiler before 
the unit was taken off the line to obtain a lower turbine steam- 
chest temperature for the next start, and then using high excess 
air in order to obtain a larger volume of gas at a higher tempera- 
ture entering the superheater before the throttle was opened. 
In order to slow down the temperature rise after the throttle was 
opened, the air flow was decreased and the mill supplying the 
lower burners was started, in place of the one supplying the upper 
burners, after the steam-chest temperature had begun its upward 
turn. 

The improvements resulting from this procedure are shown in 
Fig. 12, which is the result of another start where the initial tem- 
perature of the steam chest was 650 F and the temperature reduc- 
tion was only 40 F to 610 F after the throttle was opened. 
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The temperature rise was 105 F in the first 20 min and only 
200 F in the first hour. This of course was still not an ideal 
start, as it would have been preferable to have the temperature 
of the turbine at the time of its shutdown closer to its normal 
operating temperature. Then, if the initial steam temperature 
could have been brought up to this higher turbine-metal tempera- 
ture at the start, the turbine-metal temperature change, from 
shutdown to load, would have been at a minimum. However, it 
had not been possible to obtain starting steam temperatures much 
above saturation up until this time. 

It is felt that, due to the superheater design which is of the 
pendant type, steam condenses in the superheater elements dur- 
ing the bottled-up period, with the result that all but a few of the 
elements are full of water when it is time to start the unit. The 
steam drain provided in the main steam lead is too small to per- 
mit sufficient mass steam flow through the superheater to blow 
out the accumulated water and permit the superheater elements 
to act as designed, rather than as evaporating elements. As a 
result, the boiler pressure rose rapidly and soon reached a point 


ELAPSED TIME~ MINUTES 


where the turbine throttle valve had to be opened, although the 
steam temperature was not yet equal to the turbine-metal tem- 
perature. 


EXPERIMENTAL BURNERS ADDED TO No. 90 BorLeR 


In an effort to increase this initial steam temperature, advan- 
tage was taken of openings which had been provided originally 
in the upper part of the furnace of No. 90 boiler for additional coal 
burners but were never used. Four oil burners were installed 
here, and these are shown in Fig. 9. It was thought that much 
higher steam temperatures would result and that the evapo- 
ration rate in the furnace walls would be cut downif the oil burn- 
ers were used at the start rather than normal coal firing. Tests 
were made using these oil burners alone before a quick start was 
made and disclosed that a steam temperature of 900 F could be 
obtained with a steam flow of 220,000 lb per hr. 

The results of a typical quick start using the oil burners are 
shown in Fig. 13. Here the initial steam-chest temperature was 
allowed to be much higher than had been the usual practice, or 
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720 F, and the rolling time was cut down to 10 min. The tur- 
bine metal temperature drop was from 720 F to 670 F or 50 F, 
and the rise was 100 F in 23 min and only 150 F in the first 
hour. As can be seen on the chart the steam temperature at 
the start was still only about 20 F above saturation, despite 
the use of the oil burners, and this temperature increased rapidly 
only after the throttle was opened, rising 105 F in the first 
5 min. At the present time an additional by-pass around the 
turbine is being designed so that the superheater will be cleared 
of water, and the desired steam temperature will be obtained be- 
fore opening the throttle. When this is installed the problem of 
steam-temperature control during starting will have been 
solved. 

Fig. 14 shows the comparison of quick starts with and without 
the auxiliary front-wall oil burners. 

Before closing the subject of quick starts on topping units, it 
must be emphasized that the rapid machine accelerations advo- 
cated in this paper apply only when the metal temperature of the 
high-pressure sections of the turbine have not fallen below the 
minimum of the range of the boiler steam-temperature control. 
In other words, after extended shutdowns the rolling time should 
be controlled by the time required to bring the temperatures of 
the high-pressure sections of the turbine up to the minimum 
steam temperature obtainable from the boiler at the rate of 100 
F per hr. It is only when this condition of metal and steam 
temperature is fulfilled that the unit can be accelerated in approxi- 
mately the same manner as practiced for quick starts. In the 
extreme case where a machine has been shut down for such a 
length of time that all its component parts have reached room 
temperature, this preheating must be done slowly on account of 
the large temperature differential existing between the turbine 
parts and the incoming steam. This initial heating may take 
several hours. 


SHORTENING STARTING TIME ON LOw-PRESSURE CONDENSING 
UNITS 


After the success of quick starts on topping units, consideration 
was given to shortening starting time on low-pressure condensing 
units all of which operate at throttle pressures between 400 psi 
and 200 psi. 
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A very complete paper® on the subject of short starting of con- 
densing units was reported in 1948, by H. P. Dahlstrand of the 
Allis Chalmers Company, to the Committee on Power Gen- 
eration of the Association of Edison Illuminating Companies. 
In this paper the author summarized the requirements for short 
starts on condensing units as follows: 


1 Keeping steam temperature as close to the normal as is prac- 
tical during the removal of the load until the closing of the throttle 
valve. 

2 Having the turning gear in operation during the whole of 
the shutdown period. 

3 Maintaining temperatures of the turbine structure as close 
to shutting-down temperatures as practical until the unit is 
again started. 

4 Checking the temperature at the inlet and the exhaust of 
the turbine structure. 

5 Temperature of steam from the boiler should be about 100 
F above the temperature of the cylinder at the inlet point. 

6 Condensing equipment should be started before steam is 
admitted and cooling sprays in exhaust started at the same time. 

7 Open the throttle valve and bring the turbine up to speed, 
synchronize, and put 10 to 25 per cent load on. During this time 
bring the vacuum up as fast as possible. The actual time for 
this operation should be determined with relation to the increase 
in steam temperature. 

8 Increase the load at the specified rate and at the same time 
maintain the specified rate increase in steam temperature. 


Mr. Dahlstrand showed actual starting time on an 80,000-kw 
reheat unit of 30 min and stated that this starting time was limited 
by the time required to obtain the necessary vacuum. The 
authorsums up his paper with the sentence, ‘“The starting time after 
short shutdowns is largely dependent upon the control of inlet 
steam temperature and vacuum, which means that any starting 
procedure for a given steam-turbine generating unit must be 
worked out with full consideration of the boiler and condenser 
characteristics.” 

The first Consolidated Edison Company low-pressure condeps- 


; 5“Frequent Starting and Shutting Down of High-Temperature 
Steam Turbines,” by H. ?. Dahlstrand, February, 1948. 


NO. 4 UNIT - EAST RIVER STATION 2 — 
160,000 -KW., 24- STAGE TANDEM-COMPOUND i ee C1) - METAL TEMPERATURES 
DOUBLE- FLOW STEAM TURBINE Ve < 
/ ~ Ws - STEAM TEMPERATURES 


] aif | yy 
yee vee \ 
/ 1 \ 


ER 


t/t 


Wa ’, inn 
4 SN 


a 

SSS 
Yl 
Wax SE 

= 


VAN, hel RA, : 
SS WV) lh: ts Bi > oe tats if is 2G 


ae 


os EK 


Fic. 15 160,000-Kw, 24-Srace Tanppm-Compounp Dovusip-FLow STEAM TurBINE, No. 4 Unit, East River Station 


FALKNER, NAPIER, KELLSTEDT—QUICK STARTS ON LARGE TURBINES AND BOILERS 


1119 


= 


LOAD - mw 
e 
2° 


ON, TURNING GEAR 


EAST RIVER STATION — 


= i 2. : forces Hours ——|__J | 


z 
3 4 
routing RE ~ ROLLING 


b 
2 
ne 
7) 


UNIT NO4~- METAL TEMPERATURES 
21/2 HOUR- START 
FEB. 25,1949 


THERMOCOUPLE NUMBERS 


w@m— THERMOCOUPLE NUMBERS 


\4 
600 3P pes 
Se 
~ cate! 

* 500 tee wee - eer 
w 
= 
2 
z 400 iz +. 
w 
a 
= 
w 
r 300 7S — 

200) 5 = SS SS = = = 

4 bee 
6-7 k j 
100) : esos I 
C fe | J 
OF ae) 3084.05) 16 7 8 t) wo Wt 12 


ELAPSED TIME - HOURS 


Fic. 16 Merat Temperatures, 21/2-Hr Srart, Unit No. 4 


fy HOURS 


LOAD~ Mw 
= 
0858 


SE: E 
ote 


RE- oes 


ROLLING 


Ad 
SHUTOOWN 


EAST RIVER STATION 
UNIT NO. 4 


22 HOUR-START 
FEB, 25 1949 


| Sesa 


20 300 


a 


n 
a 
° 


| 
SAT. STEAM TEMP, CORRESPONDING 
TO VACUUM 


TEMPERATURE — *F 


VACUUM — INCHES OF Hg 
x 


cae si ah oe 
— Aa iA am 
(Loalalleall ! anh 
METAL TEMP, BN coef: 
TEMP. OF SEEAM LEAVING EAS nee waeete ts i OF CONDENSER NECK SNE 
Solel ss : ata 
7 “TY 
CONDENSER VACUUM . Node. 
t | 
i i ig | 
1 2 3 4 5, 6 if 8 9 bo w 12 
5 
ELAPSED TIME- HOURS 
Fig. 17 2'/2-Hr Srart, Unix No. 4 


ing machine on which quick-start trials were made was the No. 4, 
160,000-kw, tandem-compound, General Electric unit at Hast 
River Station. Fig. 15 shows the location of thermocouples 
throughout the machine. Note particularly the thermo- 
couples which are located in the path of the steam exhausting 
from the last wheels of the unit, because, in later illustrations, the 
temperatures recorded at these points are of considerable interest. 
In the early history of this machine which was initially operated 
in September, 1929, before the advent of turning gears, the prac- 
tice was to take 21/2 hr to start, even after an overnight shut- 
down. While this practice is no longer in vogue since the instal- 
lation of a turning gear, a test start run was made recently to 
learn what temperature changes took place throughout the ma- 
chine during a 2!/:-hr start. Fig. 16 shows that, under this early 
starting method, the rates of temperature changes at the high- 
pressure end of the unit were very gradual. The sudden increase 
and decrease in temperature on point 6 while the machine is being 
loaded after about 10 hr of elapsed time is due to the high-pres- 


sure gland leak-off being connected to the bleed piping at a point 
between the 21st stage bleed in the cylinder and the bleed valve. 
This sudden rise in temperature is due, therefore, to the pressure 
building up in the high-pressure packing as load increases on the 
machine and hot steam flowing from the packing into the bleed 
belt with the bleed-valve shut off. The sudden drop occurs when 
the bleed valve is opened, and the leak-off steam is diverted to 
the heater. 

The shutdown indicated in the rolling period in Fig. 16 was a 
part of the Consolidated Edison procedure to preheat some of its 
generator fields before bringing these machines up to speed. 
During the brief shutdown period, the centrifugal force which 
locks the field coils is relieved and these coils are permitted to ex- 
pand freely to their desired length. This has the double ad- 
vantage of eliminating the possibility of stressing the coil ma- 
terial beyond its elastic limit in the coil sections embedded in the 
field slots and of reducing field end-turn distortion. Recently 
this procedure was changed on this machine, and the present 
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practice consists of doing all the preheating while the unit is on 
turning gear before starting. 

Fig. 17 shows the extreme temperature changes which occurred 
during the starting cycle under the original starting procedure, 
due to the low vacuum and the reheating of the steam in the ex- 
haust by windage from the large exhaust wheels, which on this 
machine have a tip speed of 1015 fps. In the early days it was 
the practice to build up the vacuum slowly as shown by the 
vacuum curve. Note the two sudden decreases in vacuum when 
steam is admitted to the turbine. As the spindle accelerates, ob- 
serve that the temperature of steam entering the condenser rises 
rapidly, reaches a temperature corresponding to condenser vac- 
uum, and then begins to be reheated, finally reaching a maxi- 
mum temperature of 340 F. The temperature of the exhaust 


steam 1!/2 in. away from the last stage wheels reaches approxi- 
mately a maximum of 890 F. These maximum temperatures are 
followed by very sudden decreases in temperature at a rate of 
about 800 F per hr as the vacuum is rapidly established, after 
the machine has been synchronized and sufficient steam flow 
passes through the turbine to cool the buckets. With this rapid 
cooling it is surprising that no casing cracking had been experi- 
enced under the induced thermal stresses, when considering that 
the exhaust sheils are made of thin cast-iron sections and very 
heavy flanges. Perhaps modern-day limitations of 100 F tem- 
perature change per hr as suggested by some manufacturers are 
overconservative. 

After a turning gear was installed on No. 4 at East River in 
November, 1939, to keep the spindle turning during shutdown 
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and assure a minimum eccentricity at time of start, the starting Fig. 20 shows the temperature changes which take place in the 


time was reduced to 1/2 hr. Fig. 18 shows the high-pressure- high-pressure element during a 3/,-hr start to be quite gradual. 
él cylinder temperature changes during this shorter start. Note Note that point 6 shows no sudden rise and fal]] in temperature as 
the same occurrence of a sharp rise and fall in the bleed-belt tem- in the case of the 21 /o-hr and 1!/.-hr starts, owing to the bleed 
perature as reviewed in the figures covering the 2'/.-hr start. heater being in service during all of the rolling and loading period. 


Points 2 and 3 show a somewhat more rapid rise in temperature Fig. 21 shows the temperature and vacuum changes at the 
at the high-pressure end of the machine than in the 2'/ hr start, exhaust end of the unit. The exhaust temperature again rises and 
due to more rapid loading for a short period. falls rapidly but takes place during a shorter time interval. 


Fig. 19 shows the exhaust-end condition for the 1’ /-hr start. | However, it is to be noted that the peak temperature reached is 
Again, note the reheating of the steam, which reaches a maximum approximately 30 to 40 F lower than in the case of the 2'/2-hr 
of 365 F with the machine at full speed just prior to loading. As _ start. 


in the case of the 2!/2-hr start, there is cooling of the exhaust end Fig. 22 shows the temperature changes in the high-pressure 
at the high rate of 800 F per hr. cylinder during a '/:-hr start. Again, there are no excessive 
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in temperature of point 6 on the 21st stage os 
bleed belt while the companion point 7 re- 
mains relatively constant. During this start, 
the 21st-stage heater was out of commission 
for repairs, and the high-pressure packing 
leak-off is reheating the steam in the 21st- 


stage bleed belt. Consideration is being 
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Fig. 23 shows the low-pressure-end condi- 
tions during this half-hour quick start and, 
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again, there is the pronounced rise and fall 
in temperature of the last-stage buckets. 
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Fig. 24 shows a comparison of the ex- 
haust-end heating and cooling characteristics " 


during all of the starts, and the gradual fall- Cit 
ing of the peak temperatures at the last-stage 
buckets as the starting time is shortened. 
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It has been calculated that if quick-start- 
ing could be reduced to 15 min or less on all 
topping and condensing machines on the 
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Consolidated Edison System, an annual saving 
of approximately $250,000 would result. This 


saving is made up of auxiliary power, stack 
and river losses, and fuel fed to the furnaces. 

In addition to the operating saving just 
mentioned, there are many practical operat- 
ing advantages which result from quick- 
starting. A notable instance occurred on 
August 27, 1948, when the Manhattan Cooper 
Square network was de-energized because of 
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failures of generator cables in Waterside No. 2, 


causing a simultaneous outage of three out of Sean 


the four topping units in this station. As 
soon as the first generator cables were tem- 
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porarily repaired on unit No. 4, this machine 
was brought up to speed and was generating 
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power in less than 15 min, and the network 
re-energized. If the old original 3-hr start had 
still been in vogue at the time, the network 
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would have remained out of service at least 
2'/, hr longer. 


VACUUM~ INCHES OF HEIGHT 


On April 18, 1949, with simultaneous forced ae Oars 
outages of the two topping units at Sherman 
Creek, No. 9 unit was restored to service in 
22 min, after having been shut down for 11 
hr. 

To a certain extent, the short starting time relieves the 
problem on the turbine-room floor of each station in the early 
morning. 

At that time it is customary to have two or three machines in 
the process of slow rolling preparatory to their going on load. 
With the quick-starting technique perfected it would be possible 
to put machines in service one after the other. Fewer men could 
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focus their main attention on only one machine, instead of several. 

It is fully expected that the starts discussed in this paper ulti- 
mately will be reduced to 5 min or less and will be followed by 
faster rates of loading in the first few minutes, thus reducing the 
heating and cooling of the exhaust ends. Work is now in progress 
on quick-starting of all the various types of condensing machines 
on the system. 


4 


Supplement 


As stated in the previous papers,® the principle of the quick- 
start procedure is simple, and consists of admitting steam into a 
turbine at a temperature equal to or higher than the metal tem- 
perature of the heavy section of the machine. The purpose of 
matching these temperatures is to eliminate or minimize prac- 
tically all of the thermal shock coincident with the start of a 
turbine generator. The degree of success obtained in this direc- 
tion is shown in Fig. 25 of this supplement, in which the data for 
quick starts, transposed from Figs. 3 and 5 of the paper, are com- 
pared with the most recent data obtained on units Nos. 6 and 7 
at Waterside Station. It can be seen that with experience and 
better co-ordination of sequential operations during the start, an 
even closer matching of the temperatures of the incoming steam 
and of the turbine shell is now realized. 

The first 15-min quick start was made on No. 4 Westinghouse 
topping unit at Waterside on June 25, 1946. Since that time 


5 The original paper on quick starting of boilers and turbines was 
delivered before the ASME Semi-Annual Meeting, Chicago, IIl., June, 
1947, as paper No. 47—SA-18. (See Trans. ASME, vol. 70, 1948, 
pp. 201-209.) A second paper, which was a review of the prog- 
ress made since the first one was written, was presented at an 
ASME Metropolitan Section Meeting in May, 1949, and again at the 
1950 ASME Spring Meeting, as paper No. 50—S-1. The material 
contained in the supplement was not available for inclusion in the 
preprint for the 1950 ASME Spring Meeting and has been added in 
the final publication. 
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and up to March 15, 1950, over 1000 quick starts as shown in 
Table 1 have been performed without the slightest indication of 
trouble. . 


TABLE 1 RECORD OF QUICK STARTS ON TOPPING AND CON- 


DENSING MACHINES 


No. of 
‘ 1 quick 
Unit Station Manufacturer Description starts 
Topprina Units 
No.4 Waterside Westinghouse 53 Mw 1200 psi 925 F 106 
No.5 Waterside General Electric 53 Mw 1200 psi 925 F 79 
No.6 Waterside Westinghouse 65 Mw 1250 psi 925 F 76 
No. 7 Waterside General Electric 65 Mw 1250 psi 925 F 53 
No. 9 Bherinan Westinghouse 50 Mw 1600 psi 950 F 53 
reek mares 
Total number of quick starts on topping machines......... 367 


ConpDENSING UNITS 
General Electric 60 Mw 185 psi 500 F 74 
General Electric 60 Mw 185 psi 500 F 106 
General Electric 60 Mw 400 psi 725 F 78% 


No. 14 Waterside 
No. 15 Waterside 
No.1 East River 


No.2 East River General Electric 60 Mw 400 psi 725 F 892 
No.4 East River General Electric 160 Mw 400 psi 725 F 270 
No.1 Hudson Ave. General Electric 50 Mw 265 psi 611 F 6 
No.4 Hudson Ave. Westinghouse 80 Mw 425 psi 725 F 26 
No.5 Hudson Ave. Westinghouse 110 Mw 425 psi 725 F 47 
No.6 Hudson Ave. Westinghouse 110 Mw 425 psi 725 F 57 
Total number of quick starts on condensing machines...... 753 
Total number of quick starts on topping and condensing i290 
NEPLEDS a ousie tChahe lu ees MaRS contre aye dierie gris ural chars aeeaninieNos ae veo aE TR y 


7 Jn addition to the 15-min starts listed for units Nos. 1 and 2 at Hast 
River Station, there have been 617 and 552 30-min starts, respectively, 
since July 17, 1947. 


Since the 1947 paper,® ten machines have been added to the 
list of those on routine of quick starting after overnight shut- 
downs. All of the units listed are started in 15 min with the ex- 
ception of No. 4 tandem-compound 160,000-kw condensing unit 
at East River Station which is now started in 20 min. Reducing 
the quick-start time of this large tandem-compound unit from 
the 30 min, as given in the present paper, hasstill further improved 
its starting-up operation. 

The decision to shorten the rolling period of a unit is not taken 
arbitrarily. On the contrary, data including the shell-metal 
temperature gradient, expansion, vacuum, and the operator’s 
observations on the normal long-ro]] start are first carefully 
studied. If there is nothing in the data that shows it would be 
detrimental to shorten the starting time, instructions are issued 
to make the next start in 10 to 15 min less. Again, the record of 
the shorter start is analyzed and a second shortening of time is 
made. This procedure is repeated until the time is finally re- 
duced to 15 min. 

We limit the starting time to 15 min because it is felt this is the 
minimum which still gives the operator a comfortable period to 
observe the machine as it accelerates. Fundamentally, in so far 
as the unit is concerned, it is believed that it could be accelerated 
as fast as dry steam can be supplied to it. 

The first application of the quick-start procedure on one of our 
cross-compound machines was made on No. 6 Westinghouse, 
110,000-kw, 425-psi, 725 F condensing unit at Hudson Avenue 
early in 1950. Fig. 26 shows a cross section of each element 
together with the location of the test thermocouples. The ma- 
chine receives its steam from a common header system, which is 
an ideal arrangement for quick starting because the steam tem- 
perature at the start is at all times above that of the metal parts of 
the front end of the high-pressure turbine, assuming, of course, that 
one or more boilers are operated in the station throughout the 
night. The high-pressure element of this unit is also well suited for 
quick starting because of its double-shell construction. In this 
type of machine only the nozzle block or steam bowl is exposed to 
high temperatures during starting. The main cylinder structure 
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is in contact with steam which is at a relatively low temperature 
after having expanded through the impulse section. Hence the 
temperature of the governor end of the high-pressure cylinder, as 
indicated by points 3, 4, 5, and 6 in Fig. 27, shows no appreciable 
change in the long slow roll period so that nothing is being ac- 
complished in so far as expansion or contraction of the high-pres- 
sure cylinder is concerned. Points 11, 12, 18, and 14, the former 
two in the exhaust shell and the latter two in the steam path 
immediately adjacent to the exhaust of the last-stage wheel, indi- 
cate peak temperatures in the metal of 195 F and in the steam 
path of 335 F. 

Fig. 28, which shows the comparative temperature conditions 
during the 15-min quick start, indicates even less change in high- 
pressure shell temperatures than occurred during the long slow 
roll, and the peak temperatures previously referred to in the low- 
pressure element have been lowered to 165 F and 290 F, respec- 
tively. 

While the common header system lends itself to quick starting 
by delivering steam which is always hotter than the turbine shells, 
such is not the case on unit systems because the steam tempera- 


ture leaving the superheater of our unit boilers is always lower 
than desired until sufficient mass gas flow and gas temperature 
can be attained at the superheater. In this respect it is well to 
remark here that one of the fallacies in the thinking of many 
operators is that little or no metal stress develops in the turbine 
when the unit is started immediately after an accidental shut- 
down. Test has demonstrated that even after a shutdown of a 
few minutes, the turbine temperature may be several hundred 
degrees hotter than the entering steam on restarting. Under this 
condition the turbine spindle with its higher rate of heat transfer 
cools off faster than the turbine shell, and a possible tOrW Ar 
axial rub may result. 

By the summer of 1950 we shall have installed on all of our 
single-boiler single-turbine topping units, turbine by-passes so 
that steam will be introduced into the turbine only when it 
reaches a temperature 50 F to 100 F hotter than the turbine shell. 
This design feature, besides taking care of the temperature rela- 
tion on quick starting, will also handle the operating condition 
of restarting immediately after a brief outage of a few minutes. 

In 1949 Messrs. Stanford Neal of the General Electric Com- 
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pany and V. 8. Renton of the Public Service Electric and Gas 
Company of New Jersey presented’ the results of extensive tests 
made on a new 100,000-kw condensing unit installed in the Essex 
Station of the Public Service Company of New Jersey. It has 
been encouraging to find in the authors’ discussion a confirma- 
tion of our belief that the quick-starting procedure imposes less 
strain on the turbine structure than does the starting method 
commonly practiced in the industry today. It is our hope that 
tests of this sort by other operators, as well as the endorsement 
given by Mr. Dahlstrand of the Allis-Chalmers Manufacturing 


7 “Operating Characteristics of the 100,000-Kw Essex Turbine 
Generator,” by Stanford Neal and V. 8S. Renton, Trans. ASME, vol. 
72, 1950, p. 267. 


Company, will add to the present knowledge of quick starting and 
faster loading of turbines. 


Quick STaRTING or TuRBINES AFTER WEEK-END SHUTDOWN 


All of the turbine quick-starting investigations which we have 
made to date and reported in our previous papers® have been 
based on starts after overnight shutdowns. 

Recently, after a week-end shutdown we had an opportunity to 
observe the changes which occurred in No. 9 turbine at Water- 
side while quick-starting its boiler. 

Fig. 29 shows a cross section of this 50,000-kw, 1600-psi, 950-F 
Westinghouse topping turbine, together with the locations of the 
thermocouples used during this quick start from cold test. 

Fig. 31 shows the turbine metal temperatures, pressures, speed, 
and differential-expansion readings obtained. Relatively low 
rates of metal-temperature rise occurred in the turbine metal 
structure during the rolling period. However, as the load was 
increased at the rate of 1 mw per min above 13,000 mw, the im- 
pulse chamber pressure and temperature rose very rapidly; the 
latter temperature, represented by point No. 9, increased at the 
rate of 450 F per hr. Point No. 8, located on the outer skin 
of the massive horizontal flange of the main cylinder joint in line 
axially with point No. 9 in the impulse chamber, shows an extreme 
temperature lag. Very high compression stresses occur at the 
inner main-joint surfaces as the result of this marked tempera- 
ture gradient across the joint face, and the manufacturer is 
studying the problem. 

The differential-expansion curve shows that the axial clearances 
between the cylinder and spindle increased by only 50 mils during 
the rolling period. As the unit was loaded, the exhaust-end tem- 
perature dropped rapidly, causing the clearances to reduce 
gradually toward the normal running values. 


SHurrinc Down AND Srartinc or HicH-PrRessuRE BoILers 


Now that we have the turbine and boiler procedure for quick 
starting after overnight shutdown satisfactorily solved, we are 
looking into the problem of starting boilers and turbines after 
shutdowns when the boiler pressure is reduced either to zero or to 
a very low value. This boiler-starting condition is entirely dif- 
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ferent from that of a boiler which has been bottled up near oper- 
ating pressure for an overnight shutdown. In this latter case 
the boiler is brought up in only a few minutes more than the 15 
min required for the turbine. 

We have always felt that the present starting time from the 
cold condition, as recommended by the manufacturers of boilers, 
is much too long to fit into our operating cycle. Therefore we 
have made studies to determine temperature changes which occur 
in high-pressure boilers during such cycles and for that purpose 
installed thermocouples as shown in Fig. 30, on Waterside No. 90 
Combustion boiler which is designed for 1,000,000 Ib of steam per 
hr at 1800 psi and 950 F. 

From the data obtained it was observed that during an over- 
night shutdown of No. 90 boiler when the drum pressure was 
purposely allowed to fall to 300 psi, a large temperature differen- 
tial occurred between the top and bottom of the boiler-drum 
metal. In Fig. 32, which represents one of these tests, it will be 
noted that this differential attained 130 F for the 60-in. drum 
and 50 F for the 54-in. drum. 

On another shutdown prior to a 3-day outage for boiler repair, 
during which the cooling of the boiler was accelerated by running 
the induced-draft fans, a spread of 170 F was noted in the metal 
temperatures at the top and bottom of the 60-in. drum. 

However, in all our tests it was consistently observed that no 
appreciable drum-metal temperature differential was created 
during the starts of No. 90 boiler. 

After reviewing these observations, the manufacturers indicated 
more concern about the drum stresses in shutting down than in 
those which might be induced by a proposed faster-starting cycle. 
They also agreed with our opinion that the reason the bottom of 


the 60-in. drum was cooling faster than the top was due to the 
introduction of feedwater which is cooler by several hundred 
degrees than the on-line feed temperature after the mills were 
cut out, due to loss of heat from the economizer and the turbine 
bleed heaters. To reduce this metal difference between the top 
and bottom of the drum to less than the manufacturer’s recom- 
mended 100 F, it is now the practice to fill the drum immediately 
after firing ceases. 

With the assurance that only minor drum-metal temperature 
differences exist in a normal start, as shown in Fig. 32, it was 
then decided to quick-start No. 90 boiler which had cooled to 
room temperature after a 3-day outage. This decision was 
reached after further reasoning that: 

(a) There was no likelihood of rolled joint leakage in starting 
because the thin wall tubes expand faster than the heavier header 
and drum walls. 

(b) There was no danger of superheater elements overheating 
because the nondrainable superheater tubes trap water which 
acts as a cushion by evaporation and keeps the superheater tubes 
cool during the initial period of the start. 

The first quick-start test was run on February 5, 1950, and the 
starting time from cold was reduced from 7 hr to 3!/2hr. Fig. 33 
shows the pressures and temperatures obtained during this quick 
start. 

In this test, normal firing rate was increased on the basis of 
raising the drum pressure at a rate that would increase saturation 
temperature at approximately 150 F per hr. As can be seen 
from Fig. 33, the maximum drum-metal temperature differential 
never exceeded 35 F. The superheater-metal temperatures did 
not reach excessive values and, as a matter of fact, the tem- 
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peratures of the hot gases (not shown on the illustration) surround- 
ing the superheater tubes were found to average 850 F which is 
lower than anticipated and within safe values. 

After every stop and start we are obtaining new information 
that leads us to believe that boilers can be started from cold 
much more rapidly than has been the practice in the past, and 
more rapidly than is at present recommended by the boiler manu- 
facturers. We believe the quicker starts impose no greater strain 
in the boiler structure than the slower starts. 

A potential cause of boiler extended outages ever-present in our 
system is due to the frequent shutting down of high-pressure units 
at night. As a result of these repeated shutdowns, leakages 
occasionally occur at the tube rolled joints in the bottom-wall 
header. We feel that this type of trouble could well be elimi- 
nated on new boilers by welding stub-end tubes into the header at 


the factory. The number of header handholes would thereby be | 


decreased by 75 to 85 per cent aud would greatly reduce the pos- 
sibility of gasket leaks. This is of importance to us because one 
leak may cause the outage of a 1,000,000-lb-per-hr boiler for 24 to 
36 hr. Additional original shop or field construction, if any, to 
obtain welded stub design, therefore, would amply pay for itself 
by preventing a few outages. 


CoNCLUSION 


The conclusion in the present paper enumerates the benefits 
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accruing to the Consolidated Edison System as the result of quick 
starting after overnight shutdowns. 

There now can be added to these the time gain of 3 to 4 hr on 
every occasion that a high-pressure boiler is removed from service 
and its pressure relieved for inspection and maintenance. 

Our investigation of reducing the starting time of boilers from 
a cold condition has been conducted for a relatively short period, 
but we have every reason to believe that starting can be done at 
a much faster rate than that now advocated by the manufac- 
turer. 


Discussion 


A. A. Casry. On the topping turbines at Waterside and 
Sherman Creek Stations the temperature-control problem ap- 
pears to be at the head end where there was rapid cooling of the 
steam-chest metal by the steam admitted for rolling, and subse- 
quent heating of the metal as the speed was increased and load 
was applied. In contrast, on the condensing turbine reported on 
at Hast River Station, there was little change in metal tempera- 
ture at the head end during the rolling period. The problem of 
control of temperatures on this turbine appears to be at the ex- 
haust end where the steam leaving the last row of blades was re- 
heated by friction from the large exhaust wheels. As pointed 
out by the authors, steam leaving the last row of blades is re- 
heated during the quick-starting, but the peak temperature is 


8 General Superintendent of Steam Power, The Cleveland Electric 
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lower, and the time interval is shorter. As a result, there is less 
heating of metal at the exhaust end. 

Of special interest is the effect of the number and size of 
boilers supplying the steam for starting. Low steam temperature 
at Sherman Creek with one boiler per turbine presented a differ- 
ent problem from Waterside with two boilers of smaller size per 
turbine. In addition, the use of oil burners at Sherman Creek 
and the comments on steam condensation in the pendant-type 
superheater emphasizes that boiler characteristics must be taken 
into account in developing quick-starting procedures. It would 
be interesting to know what the boiler-drum and superheater 


metal temperatures were during the quick starts. 


The calculated annual savings possible with quick starting is 
$250,000. Was this calculation based on operating data taken 
during normal and quick starts? A division of this total into the 
various costs would be informative. 

The recent Prime Movers- Committee report on Turbines, 
Condensers, Auxiliaries, etc., for 1946-1947 in the section on 
statements by operating companies shows that, in addition to 
Consolidated Edison Company of New York, some quick starting 
is used or is being tested by the following: Pennsylvania Power 
and Light Company; Public Service Electric and Gas Company; 
Wisconsin Electric Power Company. , 
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B. J. Cross.® Arate of increase in pressure, corresponding to a 
temperature rise of not greater than 100 F per hr has been the rec- 
ommendation of boiler manufacturers in bringing a boiler in serv- 
ice. Actually, the concern is not so much the rate of temperature 
rise as the uniformity of temperature throughout the boiler as it 
is brought up to operating pressure. 

This 100 F per hr rate is set as a safe figure that would not 
be expected to result in temperature differences which would 
produce undesirable stresses in the boiler parts, and particularly 
in the drum structure. It is admittedly an arbitrary figure 
and in the absence of reliable information was set to provide a 
safe margin in consideration of differences in design and operat- 
ing conditions. 

The observance of this limit of temperature rise would require 
a minimum of about 5 hr to bring a high-pressure boiler in service 
froma cold condition. 

When boilers are taken out of service only infrequently, this 
time limit does not affect the operating economy of a station 
seriously. In fact, a similar time limit has also applied to tur- 
bines. 

With a load pattern such as that of the Consolidated Edison 
Company, it is highly desirable that the time period be reduced. 
As pointed out by the authors of this paper, a substantial saving 
in operating expense may be effected and also by the advantage 
of quicker availability an improvement in customer service will 
result. 

The greatest difference in drum temperatures occurs during the 
shutdown period. The cause of these large differences has been 
determined and corrective measures taken. In putting a boiler 
in service at successively shorter periods, no difficulties have 
developed, and a case may possibly be made for an improvement 
in conditions at the shorter periods. 

In the start-up after a short or overnight shutdown, the critical 
factor is steam temperature. A supply of steam at or above the 
temperature of the turbine steam chest is required. Actually, 
this degree of superheat is required before there is any flow of 
steam. This dilemma will be solved by the provision of the tur- 
bine by-pass. 

While the protection of the superheater elements from over- 
heating has not proved any great problem, the turbine by-pass 
also will provide favorable conditions for the superheater and will 
permit firing rates necessary to produce the early superheat re- 
quired. 

The problem of leaks in rolled-tube joints and handhole-plate 
seats may be eliminated by the welding procedure suggested by 
the authors or, less expensively, by seal-welding rolled joints and 
handhole plates. Both techniques have been developed and used. 

The authors of this paper and their co-workers are to be highly 
commended on their very thorough study of this problem. The 
progress reported in this and previous papers represents many 
years of hard work and intensive and systematic study. 

The information they have made available will be of great 
value to the whole industry. Even with what may be termed a 
normal load pattern of a public-utility station, there are still 
many advantages in the quick-start procedure that has been de- 
veloped. One of the major items of expense in maintenance is 
the loss of service of the equipment, and a few hours gained at 
each shutdown represents a worth-while yearly saving. 

In their final conclusion the authors state that they believe the 
starting of boilers may be done at a much faster rate than that 
advocated by the manufacturer. 

The writer believes that the industry will agree with that con- 
clusion. However, because of differences in design and arrange- 
ment and also variation in operating conditions, the details of 
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procedure in coming-off and going-on load may be different for 
each boiler. We would strongly recommend that the minimum 
starting period and the safe procedure for both shutting down 
and starting up be established by a program of temperature 
measurement such as the authors have described. 
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H. P. Dauusrranp.” In this paper the authors have reported 
further studies of this vital question first reported by J. C. 
Falkner, R. 8. Williams, and R. H. Hare in 1947. It is indeed 
gratifying, and the authors should be congratulated for proving 
the soundness of their ideas in developing a practical method for 
the control of the various conditions which will in all cases result 
in maximum reliability and economy of the equipment during the 
starting period. 

In commenting on the original paper the writer fully agreed 
with the authors on the conclusions reached. The first paper 
covered large topping turbines only, whereas the present paper in- 
cludes condensing units as well. In both cases the problem is 
the same, except that the control of vacuum in the latter case be- 
comes of considerable importance in determining the length of 
the starting period. 

Of special interest is the addition of auxiliary oil burners in the 
boilers for raising the steam-inlet temperature closer to the metal 
temperature, as well as the proposed by-pass around the turbine 
for draining the superheater of water. It indicates that an ex- 
haustive study has been made in order to obtain the ideal condi- 
tion which not only will shorten the starting period but also, which 
is more important, will add greatly to the reliability of the steam- 
turbine units because of the decrease in differences between the 
steam and metal temperatures. This will be of greater impor- 
tance as higher temperatures are adopted using materials with 
larger coefficient of expansion and lower heat conductivity. 

Commenting on the quick starting of a large condensing unit, 
it is shown that the shorter the starting period the lower will be 
the exhaust-steam temperature. There is naturally a certain 
limit depending upon how quickly full vacuum is established. 
In reducing the starting time from 21/2 hr to 45 min, the exhaust- 
steam temperature was materially reduced. The question 
might be asked, “If full vacuum had been obtained at the start 
of the rolling period, what would the exhaust-steam temperature 
have been?” It is important that this temperature does not ex- 
ceed a certain limit, as stresses in the last row are higher than in 
any other blades of the unit. There is also the danger of loosen- 
ing the blades in the grooves and breakage of shroud and lacings 
due to expansion of the blade structure. 

All large steam-turbine units, 1800 rpm and 3600 rpm, built by 
our company in the past several years have been provided with 
steam-sealed glands only. With this type of gland, it is possible 
to obtain full vacuum in the condenser with the unit operating at 
turning-gear speed. The advantage of this type of gland has 
been mentioned previously.!!_ It will also result in much lower 
exhaust temperature during the starting period, as indicated in 
the curves, Fig. 34, herewith. These curves show the conditions 
during the starting period when the unit is started from cold. 
The tip speed of the last row of blades is 1140 fps. Starting time 
for a cold unit is limited by how fast the various parts absorb the 
heat without excessive distortions, whereas units with short shut- 
downs, in which the metal temperature of the high-pressure ele- 
ments approach that of the operating temperature, can be started 
relatively quickly, provided the steam-inlet temperature ap- 
proaches the metal temperature and a high vacuum is obtained in 


10 Director of Steam Turbine Engineering, Steam Turbine Depart- 
ment, Allis-Chalmers Manufacturing Company, Milwaukee, Wis. 
Fellow ASME. ; 

11 “1949 Port Washington Experiences,’’ Combustion, vol.21, Janu- 
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the condenser to prevent excessive heating of the iast rows of 
blades. In the curves shown, Fig. 34, the vacuum in the con- 
denser is 21 in. at the start of the rolling period, resulting in a 
maximum exhaust-steam temperature of 170 F. This tempera- 
ture would have been considerably lower if a vacuum of 29 in. had 
existed. Therefore, to shorten the starting period of a condensing 
unit after a short shutdown, both the control of the steam-inlet 
temperature and the vacuum is of vital importance. 


W.R. La Morte.” For years it has been the practice among 
conservative operators of turbine generators to require long roll- 
ing periods to “gradually warm up the machine.” If a particular 
unit appeared to start rough, then the invariable answer was to 
start even more slowly. 

The work at Consolidated Edison is particularly valuable for it 
is an effort to put the starting procedure on a rational basis and 
to provide the operator with a clear measure of what he is ac- 
complishing. 

Quite naturally, the writer’s company is interested and has 
done some work along these lines, as reported in a paper by Neal 
and Renton.’ 

The writer would like to report on another matter, however, 
which may be helpful to other operators who may be contem- 
plating experimental work on their own turbines. Last spring, 
when a 125,000-kw, 1250-psi, 950-F, cross-compound turbine was 
opened, the horizontal joint was found to be out of true and many 


12 General Superintendent of Generation, Public Service Electric 
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man-hours of labor were required to bring it back into shape. 
During the outage, 32 thermocouples were installed on the high- 
pressure cylinder and steam chests. These showed clearly that 
opening of the secondary and tertiary valves increased the tem- 
perature at the inner edge of the horizontal joint much more 
rapidly than at the outer edge or the bolts. Asa result, there is - 
a time during the loading cycle when the temperature difference 
across the flange is 250 to 300 F. The inner edge of the joint 
is crushed and there is eventual leakage. 

A remedy suggested by the manufacturer is installation of a 
manifold through which live steam may be admitted to the 
annular space around each main flange bolt, thus keeping the 
bolts and outer portion of the flange up to temperature. Such a 
manifold is being built but is not yet installed, hence a report on 
its effectiveness cannot be made at this time. 

This is brought to the authors’ attention with the suggestion 
that the horizontal joint be included in the thermocouple installa- 
tion. 


R. L. Reynoups.!? Of particular importance are the discus- 
sions in this paper of the following additional aspects of the 
quick-starting problem which were not covered in the previous 
presentation :® 


(a) Inspection of a superposed unit after having been subjected 
to several ‘quick starts.” 

(b) Application of the quick-start method of operation to a 
turbine supplied by a single boiler. 

(c) Application of the quick-start method to a condensing-type 
turbine. 


From a turbine-engineer’s point of view, the determination of 
the proper starting cycle depends primarily upon the following 
conditions: ; 


(a) Change in axial and radial clearances between stationary 
and rotating parts, particularly blades and sealing strips. 

(6) Stress in bolts and flanges. 

(c) Ability of boiler to follow changes in turbine steam demand. 


Inspection of one of the Waterside superposed turbines, after 
several quick starts and, in addition, several water and caustic 
washing cycles, shows that the use of this method of starting has 
caused no distress to the turbine. Therefore this method ap- 
pears to be fundamentally sound and worthy of continued study 
and application. 

In order to obtain more information on the effect of starting 
and loading units, we have installed thermocouples in the flange 
and bolts on a turbine quite similar to the Waterside No. 6 unit 
referred to in the paper. 

Readings taken on these thermocouples during a start, where 
full-temperature steam was used for heating, indicate that in the 
throttle valve, where the steam sweeps past the inner wall surface 
at fairly high velocity, and where the covers are bolted to the 
body with studs, the metal temperatures in the flange and bolt 
follow each other quite closely and build up to nearly the steam 
temperature quite rapidly. In the steam chest, the flange and 
bolt temperatures do not build up quite so rapidly but do follow 
each other quite closely. 

However, in the main turbine cylinder where the steam remains 
stagnant in some chambers during the starting cycle, the metal 
temperatures respond much more slowly. Of even greater im- 
portance is the fact that the temperature differential between the 
flange and bolt becomes quite large. This large differential re- 
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sults in high compressive stresses at the sealing surfaces of the 
flange joint and in high tensile stresses in the bolt. 

Part of this differential is probably due to the type of bolt used, 
this being the through-type with clearance space between the 
bolt and flange. With this type of bolt, heat is conducted from 
the flange to the bolt through the seating surface of the nut and 
thence through the nut into the bolt along the thread engage- 
ment. This means that heat is transmitted from the flange to 
the bolt along only a comparatively short length of the bolt, ex- 
cept for the relatively slow radiation of heat across the clearance 
space between the flange and bolt. 

These measurements dictate the need for further study of this 
problem to devise means for making the bolt temperature and 
expansion conform more nearly to flange temperature and expan- 
sion. As an approach to this problem, means can be provided 
to circulate steam through the clearance space around the bolts 
or to coat the bolts with some material] to increase heat emissivity. 

During the opposite cycle of shutting down or reducing load, 
the flange will tend to cool at a faster rate than the bolt, thus 
causing the bolt tensile stress and the flange compressive stress 
to decrease. This reduction in stress is not harmful to the bolt 
and flange material but, if the temperature differential becomes 
great enough, it will cause the joint to leak steam. This is 
naturally objectionable but will not damage the joint surface, 
provided the leak occurs in the high-temperature region where 
the superheat of the steam is in excess of 100 F. 

From the standpoint of blade and seal strip clearances, these 
must be determined on each installation to insure against rubs he- 
tween stationary and rotating parts during the starting cycle. 
During the shutdown period the rotor is kept straight by rolling 
with the turning gear. However, the stationary casing tends to 
“hump” because of the upper half cooling off at a slower rate 
than the lower half. As a result, radial clearances at the bottom 
become smaller, and provision must be made to make these clear- 
ances sufficiently large to avoid rubs. Also, starting procedure 
should be arranged to straighten the casing to reduce the possi- 
bility of these radial rubs. 

Axial clearances also must be determined during the starting 
and loading cycles to avoid rubs. The paper describes means for 
doing this and inspection showed that no axial rubs of any conse- 
quence had occurred. 

The time required to bring a unit up to speed after a shutdown 
depends primarily on the following conditions: 


(a) Length of shutdown period. 
(b) Temperature of steam used for starting. 


The length of shutdown will determine, to a great extent, the 
temperature of the metal] in the throttle valve, steam chest, and tur- 
bine casing. It also will affect, to some extent, the amount of cylin- 
der “humping” due to unequal cooling of the top and bottom halves. 

As the authors have pointed out, the temperature of the steam 
used for rolling the unit should be only slightly higher than the 
metal temperature. In order to do this at times it may be neces- 
sary to make special provisions in the boiler to control the steam 
temperature as required. 

While sufficient information is not yet available to make definite 
recommendations, we do know that the starting time should not 
be set at some fixed value, such as 15 min, under all conditions, 
but will be influenced by the length of shutdown and by the rela- 
tion of the steam temperature to the metal temperature. 

While the 15-min cycle appears to have been satisfactory for 
overnight shutdowns, where steam temperatures could be main- 
tained at from 50 to 100 F above metal temperature, the safe 
time after a longer shutdown, where steam temperature cannot 
be so controlled, should be considerably more than 15 min. 

Regarding the question of controlling throttle temperature 
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during the load-reduction and shutdown period, it has been th 

practice of some operating companies to reduce throttle steam 
temperature before starting to remove load. This accentuates 
the drop in turbine-stage temperatures and, therefore, may pro- 
duce more severe starting conditions than if the throttle tempera- 
ture could be maintained at a higher level during the load-removal 
period. Determination of the method of shutting down will de- 
pend upon the means for controlling steam temperature during 
the subsequent starting cycle. With the unit system, where the 
steam temperature is usually considerably lower than the metal 
temperature, a reduction in steam temperature during the shut- 
down cycle is advisable. However, if a header system is used, 
which is kept hot because of supplying a substantial steam flow 
to other units, it appears desirable not to permit the turbine to 
cool off more than necessary during the shutdown period. In 
fact, if means could be provided to increase, rather than decrease, 
initial steam temperatures while load is being removed, the stage 
temperature drop will be minimized, and the effect on metal tem- 
perature will be comparatively small. The turbine will thus be 
better suited to a quick start with high-temperature steam. 

On condensing turbines, the problem of exhaust temperature 
during the starting cycle may become quite serious. Because of 
this, it appears advisable to maintain as high a vacuum as prac- 
ticable during this starting period. In many cases steam seals 
can be used to seal the glands'at speeds too low for effective water- 
sealing. The quick start helps to keep this exhaust temperature 
within desirable limits and thus should be beneficial in the low- 
pressure end of the turbine. 

In conclusion, we feel that the authors have made a worth-while 
contribution in their studies and experiments on the starting 
phase of operation. Unquestionably, this not only will lead to a 
substantial saving in time and expense but also will subject the 
turbine to less severe treatment than when following the some- 
what. arbitrary rules applied in the past. While this has not been 
too important during the past few years, when it has been neces- 
sary to operate almost continuously at heavy loads to meet the 
load demand, the time is coming when economical operation will 
necessitate week-end and, in many cases, overnight shutdowns. 
This method of operation demands that units be returned to 
active service in the shortest possible time consistent with proper 
treatment of station equipment. 


C. U. Savoyr.'4 The limitation of 100 F per hr metal- 
temperature change has been given, in power-plant operation, an 
authority which cannot be upheld. Some of us in the boiler busi- 
ness are responsible in a measure for this illicit development, so it 
seems necessary to explain our contribution and to clarify the 
original intent. 

In the late 1930’s the writer’s company built its first 2200-psi 
boiler for an industrial power plant. Thedrum platein the heaviest 
section was 85/s in. thick. Concern over metal-temperature dif- 


ferentials during the starting-up and the shutting-down periods 


led us to the installation of thermocouples in the drum sheet at 
four depths. The data obtained during the early operations 
showed temperature differentials between the outside and the 
inside of the sheet to be approximately 60 F for a rise in satu- 
ration temperature of 200 F per hr, and 18 F for a rise-in 
saturation temperature of 20 F per hr. 

Consideration of these results, together with data obtained on 
thinner drums, led us to the following conclusions: 


1 Ifeach part of a drum of any thickness is held to within 100 
F of any other part, the maximum stress in the drum will remain 
within the allowable limits. 
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2 With a given drum there is a loose relationship between its 
rate of temperature rise during starting-up and the temperature 
differentials between one and another parts of the drum. Past 
practice indicated that no overstressing of drums up to 4 in. thick 
was experienced when the starting-up time was extended to at 
least 4 hr, or to a rise in saturation temperature of approximately 
100 F per hr. This 100 deg is an entirely different one from 
the 100-deg differential between two parts of a drum sheet. Its 
use as a Starting-up “Tate” was quite attractive, because it paral- 
leled, roughly, the allowable limit of heat application to super- 
heater tubes before full steam flow through them was established. 

3 A high rate of temperature rise during starting-up does not 
dictate a high stress—unless the rate is continued long enough to 
produce high differentials in the metal. 

For instance, a 600-deg per hr rise for 1 hr could produce a 
metal temperature differential of 600 F and, therefore, a damag- 
ing stress. The same 600-deg per hr rise for 10 min, however, 
could produce no more than 100 deg metal-temperature dif- 
ferential, and therefore the stress could be acceptable. 

4 A starting-up rate of 100 F per hr saturation-tempera- 
ture rise appeared to be good practice for the predominance of 
plants where the many advantages in this conservatism would 
not be counteracted by costly losses because of wasted time. 
Where rates exceeding 100 F per hr became attractive from 
an economic standpoint, drum-metal temperature differentials, 
as registered by thermocouples, were expected to be used as guides 
in establishing the new rates. 


Suggested operating instructions issued later recommended the 
100 F saturation-temperature starting-up rate—simply a 
rule of thumb—for standard practice in the many diversified 
plants throughout the country where our products were expected 
to go. This has become confused with the 100 F metal-tem- 
perature “‘differential’’ which, with correct premises, is 2 measure 
of stress. 

Starting-up rates, therefore, have no technical standing in 
themselves, but only as they are reflected in temperature differen- 
tials between parts of the structure. 

Separate and distinct from the problem of clarifying a mis- 
understanding, and simply as a matter of general information, 
our field data indicate that a starting-up rate of 100 F per 
hr rise in saturation temperature will produce a temperature 
gradient through a normally insulated boiler drum of approxi- 
mately 43/, F per in. of drum thickness; and (extrapolating 
the data) that a starting-up rate of 460 F per hr will produce 
a temperature gradient of approximately 10 F per in. of drum 
thickness. 

The latter part of the authors’ supplement covers some data 
on the starting up and shutting down of high-pressure boilers. 
Two explanations are given with which it is necessary for the 
writer to disagree. 

The first deals with the reason why the bottom of the 60-in. 
drum cooled faster than the top. The curves indicate that the 
bottom followed saturation temperature very closely and dropped 
only 12 F below saturation at the point of maximum devia- 
tion, while the temperature at the top of the drum registered 118 
F above saturation at the same time. The effect of cold feed- 
water might account for the 12 F subsaturation temperature 
at the bottom, but it cannot account for the 118 F superheat at 
the top. 

Superheating at the top of a steam and water drum during the 
shutting down of a modern boiler under normal water-level con- 
ditions is a common and natural occurrence. 

In starting up or in raising steam pressure, the heat absorbed 
by the boiler and waterwalls generates steam which collects in the 
drum. That portion of the steam in direct contact with the 
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drum metal heats it through condensation. The temperature of 
the inner surface of the drum in the steam space is therefore, in 
effect, geared directly to saturation temperature. The lower 
portions of the drum in contact with the boiler water are heated 
very close to saturation temperature by the circulating boiler 
water. ‘ 

In shutting down, the submerged parts of the drum are main- 
tained close to saturation temperature by the boiler water because 
its temperature follows saturation on falling pressure the same as 
it does on rising pressure. The steam in close contact with the 
upper part of the drum, however, does not ordinarily condense on 
falling pressure, because as soon as the saturation temperature 
drops, the drum metal with its stored heat finds itself hotter than 
the steam in close contact with it and it therefore superheats this 
steam. The rate of heat dissipated from the upper part of the 
drum through radiation and through conduction is usually small 
as compared with the cooling rate of the boiler water in the tubes 
and, in turn, the cooling rate of the submerged portion of the 
drum. The temperature of the top of the drum consequently 
drops at a, slower rate than tbat of the bottom. The superheat 
at the top therefore increases, even though both top and bottom 
temperatures are falling at their different individual rates. 

Filling the drum to overflowing, as recommended by the boiler 
manufacturer, will, of course, re-establish the direct relationship in 
temperature between the top of the drum and saturation and 
thereby make it permissible to increase the cooling-down rate to 
the point where it approaches the limiting starting-up rate. This 
filling-up procedure does demand the making of provisions for 
overcoming a number of important operating objections. 

The second point of disagreement deals with the cooling of 
nondrainable superheater tubes. There may be some very spe- 
cial cases in which the steam resulting from the evaporation of the 
condensate in nondrainable superheaters contributes materially 
to the cooling of the tubes, or to protecting them against overheat- 
ing from relatively high gas temperatures, before they are cleared 
of condensate and before a through-flow of cooling steam from the 
boiler has been established. In the overwhelming majority of 
cases within our experience, however, it has been necessary to 
consider that those portions of the superheater tubes which are 
above the level of the accumulated condensate, and at the same 
time are in the path of the heating gases, should be considered as 
uncooled metal which is at the mercy of the gases. Until a 
throughflow of steam is established, by boiling out or by blowing 
out the condensate, we are convinced that the temperature of the 
gases entering those parts of the nondrainable superheater, which 
might be above the level of any trapped condensate, should be 
kept below the point at which uncooled tubes can be damaged. 
Many of the nondrainable units today are placed in service suc- 
cessfully without any special attention given to the gas tempera- 
ture at the superheater entrance. Thisis made feasible by a num- 
ber of fortunate relationships and by the 100-F rule-of- 
thumb starting-up rate. The power to do damage is present, 
nevertheless, and those who plan to increase their starting-up 
rates to 200, 300, and 400-F rise in saturation temperature 
per hour would do well to reckon with it. 


A. R. Weismantiz.!5 The principle of the quick start is 
simple and consists of admitting steam into a turbine at a tem- 
perature equal to or slightly higher than the metal temperature of 
the steam chest, and then increasing this metal temperature 
at a rate of not over 100 F per hr. The descriptions of the 
various trials made and the expedients resorted to by the authors, 
in order to accomplish these ends, clearly show us that they can- 
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not be attained without considerable complexity in operation of 
conventional steam-generating units. 

On systems where quick starts are imperative, steam-generating 
units considerably more flexible than conventional units as to con- 
trol of steam temperature should be used. This flexibility must 
include not only the usual control of temperature at constant 
level over a wide load range but also the ability to vary steam 
temperature from saturation up to the full design temperature over 
the same range. The positive contro] of steam temperature 
provided by such a unit at any temperature level throughout the 
load range makes it possible to fulfill the requirements of the 
quick-start procedure with ease and simplicity. Withsuch units 
there is no need for special starting techniques which would differ 
between the various power teams in the system and require revision 
in accordance with the length of time a turbine was shut down. 

Steam-generating units which provide this flexibility of steam- 
temperature control have been designed and built for many 
years. One unit of such design, known as the Foster Wheeler 
twin-furnace unit, is shown in Fig. 35, herewith. This unit con- 
sists of two furnaces and gas circuits which are arranged in paral- 
lel and completely separated up to the economizer inlet. From 
that point on the arrangement of components is conventional. 
One furnace is completely water-cooled, and the gases leaving 
this furnace pass over the boiler surface before reaching the 
economizer. The other furnace is partially water-cooled and 
partially steam-cooled, and the gases leaving this furnace pass 
over the superheater before reaching the economizer. By dif- 
ferential firing of the two furnaces it is possible to deliver to the 
turbine either saturated steam or steam with any amount of 
superheat up to the full temperature for which the unit was de- 
signed. Thus, for a quick start, this type of unit permits deliver- 
ing steam initially to the turbine at a temperature equal to or 
slightly above the metal temperature of the steam chest and then 
it allows increasing the temperature at exactly the maximum rate 
permissible. The control of turbine metal temperatures is posi- 
tive and is very simply obtained by differentially firing the steam 
generator. Those engineers associated with systems where quick 
starts are to be made with topping turbines, straight-condensing 
or even reheat units should not overlook the important ad- 
vantages offered by steam-generating units of this type. 

The evolution of procedures for quick starts of the No. 9 unit 
at Sherman Creek, as described in the paper, is quite interesting. 
The authors explain that a by-pass is now being designed so that 
the superheater will be cleared of water and the desired steam 
temperature obtained before opening the throttle. This un- 
doubtedly will prove a simple means for providing steam for ad- 
mission to the turbine at a temperature equal to or slightly higher 
than the metal of the turbine steam chest. However, unless 
steam-chest temperature happens to be high, it would appear 
that excessive rates of temperature rise could still occur during 
the rolling and initial loading period. In order to avoid this, a 
simple spray-type desuperheater, located in the circuit between 
the superheater outlet header and the turbine throttle, could be 
installed and used for contro] during this period. Could the 
authors tell us whether they have yet been able to obtain any re- 
sults with the by-pass on the No. 9 unit? 

Referring to Fig. 25 of the authors’ Supplement, it can be seen 
that even though they were able to match steam and chest-metal 
temperatures initially, thus eliminating the initial temperature 
shock, the rates of temperature rise during rolling and initial load- 
ing period are still high. It appears that the metal temperature 
increased at the rate of 420 F per hr and 750 F per hr on 
Waterside No. 6 and No. 7 units, respectively. Fig. 28 shows a 
quick start of No. 6 unit at Hudson Avenue, from a common 
header system, and it appears that the throttle-valve metal tem- 
perature increased at the rate of 930 F per hr during the roll- 
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Fig. 35 Foster WHEELER TWwIN-FURNACE UNIT 


ing period, with this setup. These items only serve to emphasize 
further that (a) steam-generating units considerably more flexible 
than conventional units as to control of steam temperature should 
be used for quick starts of unit systems, and (b) even though steam 
and metal temperatures are initially matched, excessive rates of 
temperature rise can occur during the rolling and initial loading 
periods when conventional boilers are used, unless some desuper- 
heating control is added. . This latter statement also applies to 
quick starts of machines from a common header system. 

_ The authors have included a section on shutting down and 
starting up high-pressure boilers While the data given on this 
subject are not too complete, it is most gratifying to observe that 
they are not reducing time arbitrarily, but only on the basis of 
results obtained by real investigation. 

The time for starting up or shutting down steam generators is 
usually based upon three main considerations, namely, (a) pre- 
venting excessive stresses in drums and headers, (6) avoiding the 
overheating of superheater-tube metals, and (c) eliminating ther- 
mal shock at joints or stresses in parts. 

Excessive stresses in drums and headers can occur because of 
circumferential or transverse temperature differentials encoun- 
tered in the start-up or shutdown procedures. It is well known 
that approximate heat-transfer coefficients in Btu/hr/sq ft/deg 
are on the order of 2000 for condensing vapors, 600 for heating or 
cooling water, and only about 2 for heating or superheating 
steam. The thermal conductivity of steel is approximately 25 
Btu/hr/ft/deg. From this it is quite apparent that the inner 
surface of the drum plate at or below the water level will always 
stay substantially close to the water temperature. Also, the 
inner surface of the drum plate above the water level will stay 
close to the saturation temperature when steam is present and 
pressure is being raised. However, the top half of the drum will 
be heated only by the slow process of conduction in the period 
before steam pressure is raised and will be cooled slowly by con- 
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duction and a very low transfer rate to steam during the period 
after firing has ceased. It is self-evident then that greatest 
metal-temperature differentials circumferentially may be ex- 
pected in the period after light-off has occurred and before steam 
is formed, and also during the cooling-off period after firing has 
ceased, The greatest transverse metal-temperature differentials 
can occur during the pressure-raising periods or during an emer- 
gency shutdown when pressure is lost practically instantane- 
ously. 

If saturation temperature, corresponding to the pressure, is 
plotted in Figs. 32 and 33 of the Supplement, the analysis of the 
data becomeseasy. The circumferential temperature differential 
of 130 F is readily apparent in Fig. 32. One might ask the 
authors, however, why the drum thermocouples read as much as 
30 F above saturation temperature under load conditions, 
and why horizontal center-line couples on the 60-in. drum are as 
much as 50 F above saturation temperature during the shut- 
down periods, unless, of course, water level was held extremely 
low during this latter instance. Also, it can be seen that the 
metal temperatures at the bottom of both the 54-in. and 60-in. 
drums is practically at saturation during the shutdown period. 
In view of this fact, it seems questionable that the bottom of the 
60-in. drum is cooling faster than the top because of the intro- 
duction of feedwater. Undoubtedly, it cools taster than the top 
because of the fundamental heat-transfer principles involved. 

To provide maximum drum safety when units are started up 
or shut down quickly, it is imperative that drums be practically 
filled with water during the initial firing period until steam is 
formed and also during the final firing period just before firing 
ceases. Special gage glasses to facilitate this operation should be 
applied at the top of the drums. It has been our practice to 
supply many units with such special glasses for these purposes, 
but we have found that invariably operators avoid their use. 
They are essential, though, for quick starts and shutdowns. 

Avoiding the overheating of superheater-tube metals is of ut- 
most importance in the start-up of any steam generator. It is 
well known that the tubes of nondrainable-type superheaters be- 
come practically water-filled from condensation after shutdown. 
This water must be removed either by evaporation or displace- 
ment before the normal cooling flow of steam through the tubes 
can be established. As the water is evaporated, portions of the 
tube become steam-trapped, in effect, and at these locations 
metal temperatures can become considerably higher than the 
steam temperature. To clear all elements of water before going 
on the line and to keep metal temperatures at safe values, it is 
necessary that the gas temperature entering the superheater be 
at or below 1000 F and that all the superheater surface, especially 
the bottom loops, be gas-swept during the start-up procedure. 
By reason of thermocouple location, the temperatures obtained 
by the authors, and included in Figs. 32 and 33, are more truly 
outlet steam temperature than actual heating-surface-metal tem- 
perature. Because of this fact, the data do not necessarily indi- 
cate that metal temperatures were safe. 

Note the rapid change in temperatures which occurred between 
the hours of 4:45 and 5:15, and again at 6:15 in Fig. 33. This 
rapid increase occurs when loops clear themselves of water and 
the temperatures then read are the steam temperatures leaving 
the elements after cooling flow has started. Under this condition 
indicated temperatures are in the neighborhood of 700 F to 800 F, 
so it is self-evident that metal temperatures must have been con- 
siderably higher when steam was not flowing through the ele- 
ments. To avoid the possibility that metal temperatures are 
unsafe, thermocouples should be installed on the actual heating 
surface during the trial quick-start periods. To best protect the 
superheater, the unit should be started up with lower burners, 
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without any superheater gas by-pass and with as much steam 
flow through the elements as possible. If this is done and the 
criterion on gas temperatures is met, there is no alternative except 
taking the time necessary to stay within the limits mentioned, in 
order to assure superheater safety. 

Eliminating thermal shock at joints or stresses in parts is 
always important in starting up or shutting down. Too often it 
is found possible to establish some average circulation and tem- 
perature rise throughout a section, while local tubes which may 
be covered with ash, or located at corners, or entering drums 
above the water level still remain cool. Considering that a tem- 
perature differential of only 140 F may produce a stress of 
30,000 psi, and that when circulation establishes itself in these 
local sections, it occurs rapidly, the possibility of trouble from 
this factor becomes readily apparent. The authors’ comments 
indicate that they have experienced this trouble even with normal 
slow starts. The writer does not think that quick starts will im- 
prove this condition. 

Properly welded joints are less susceptible to leakage than rolled 
joints, but the important thing is to establish circulation early and 
uniformly. Frequent blowdown of all lower headers during the 
initial heating and pressure-raising period will assist considerably 
in this respect, or some other means of assisting circulation during 
this period can be applied. The data given by the authors on 
this phase do not permit detailed analysis. Fig. 33 shows water- 
wall-header temperatures which were measured as much as 100 
F lower than saturation temperature during the pressure- 
raising period, and even when on the line at 500,000 lb of steam 
per hr. The authors should account for this, and tell whether it 
is couple error or whether such subcooling actually exists in this 
unit. 

The start-up and shutdown time set for a given steam generator 
by the manufacturer is based upon consideration of all the factors 
mentioned in the foregoing. There is no doubt that this time 
can be reduced. We have put Navy boilers into full service from 
cold in 8 min without catastrophe. Many of us have experienced 
outages in which pressure was reduced instantaneously without 
trouble. However, we would all agree that these practices 
should not. be followed blindly, especially in central-station work. 
Any procedures for reducing the time involved should be based 
on full consideration of factors which can cause trouble and use 
of expedients available for reducing the harmful effects, in order 
to assure safety and long operating life of the equipment involved. 
The authors are to be commended for their careful and intelligent 
approach to this problem. 


AutTHoRS’ CLOSURE 


As Mr. Casey observes, the temperature problems to be over- 
come in quick starting occur at the high-pressure end of the cylin- 
der in the case of topping units, and at the exhaust end of the 
condensing units. This is due, in the first case, to unit systems 
having a tendency to have an initial steam temperature cooler 
than that of the steam-chest metal temperature, while in the 
case of condensing units this relation is favorable because they 
are generally supplied by a common header system. The ex- 
haust end of the low-pressure units, however, presents tempera- 
ture problems because of windage and initial poor vacuum, 

In compliance with Mr. Casey’s request, we are submitting 
the details of the $250,000 saving given in our paper. The com- 
putations were based on 300 days of operation in which 30 con- 
densing units and 2 topping units were started daily. The steam 
normally required for starting each of these machines is 50,000 
Ib and 300,000 Ib, respectively, for condensing units and topping 
units, and by quick starting, the steam saving amounts to 70 per 
cent. The coal rate was taken at 9 lb of steam per pound of 
coal. The cost of the coal was figured at $9 per ton. The aux- 
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iliary power saved daily because of the shortening of the rolling 
time of the above 32 units was calculated to be $100 per day. On 
this basis the saving was 


oe (30 X 50,000 + 2 X 300,000) 


300 | 100 +9X 9 X 2000 


= $250,500 per year 


This figure shows only the saving expected in fuel. Further- 
more, at East River Station quick starting has permitted a reduc- 
tion of the midnight shift to a skeleton force. This has resulted 
in an annual labor saving of $130,000. When quick-start pro- 
cedure is applied to all machines, further saving in personnel is 
expected. 

Mr. Cross’s comments were of particular interest to us, and his 
thorough endorsement of our work was most gratifying. We 
agreed with Mr. Cross that some variations in the operation of 
shutting down and quick starting of boilers may be necessary to 
take care of the differences in design. 

As usual, we found ourselves in full agreement with Mr. 
Dahlstrand, and we take this opportunity for reiterating our ap- 
preciation for his contribution on quick starting of turbine gene- 
rators. 

By comparing thermocouple readings 8 and 9 on Fig. 30 which 
gives the temperature difference across the horizontal flange of 
No. 9 unit at Waterside, Mr. La Motte can see that this dif- 
ferential exceeded the 200 F set as a limit by the manufacturer 
and that a crushing of the inner edge of the horizontal joint could 
have resulted. However, this 200 F differential did not occur 
during the start but only after the unit had been phased in for 
about one hour and kept on increasing until it reached a maximum 
of 350 F an hour and a half after being put on the line. As the 
unit had been started many times previous to this test, and with- 
out the benefit of thermocouples 8 and 9 to guide us, it can be 
assumed that the crushing of the joint inner edge took place soon 
after the unit was commissioned. The possible remedy indi- 
cated by Mr. La Motte would be a valuable corrective step on 
existing installations. However, we believe that on new ma- 
chines, double-shell construction is the practical solution so as to 
divide the temperature gradient between two horizontal flanges. 

We have found Mr. Reynolds’ discussion of our paper very 
informative. The possibilities of rub being caused by cylinder 
“humping” is, of course, one factor which continues to give us 
great concern, not only for the quick start but even more so for 
normal starts. We would like to suggest to the manufacturers for 
their study, the design of a new supervisory instrument which 
would give the operator the knowledge of, and the means of 
measuring this cylinder bowing. If such a tool could be devised 
we feel it would contribute as much toward safer operation as did 
the measurement of shaft deflection prior to the rolling of a unit. 

Quick starting was, in fact, imposed upon us by the load char- 
acteristic of the City of New York. Our contribution was merely 
to demonstrate its safe possibility and evolve the procedure. 
Quick starting was intended to relieve the early morning rush 
created by the necessity of simultaneous starting of many units 
which had had to be shut down late the night before. Today, 

this objective is still the same. For longer shutdown periods, 
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generally over 8 hours, we do not retain the 15-minute starting 
eycle but adopt longer rolling periods depending, as Mr. Reynolds 
pointed out, upon the length of the shutdown period. 

The clarification given by Mr. Savoye as to how the 100 F 
rule came into being and its general misinterpretation, is revealing 
and we suggest that every boiler operator who has the opportunity 
to read Mr. Savoye’s clear explanation make every effort to 
understand and remember the valuable information given in his 
comments. 

On the matter of divergence in the rates of cooling between 
top and bottom of the drum during shutdown, Mr. Savoye dis- 
agreed with our interpretation of the cause but arrived at the 
same conclusion, namely, that the corrective measure consists of 
filling the drum. 

We fear that we have been misunderstood by Mr. Savoye in re- 
gard to the cooling of nondrainable superheater tubes. It has 
not been eur intention to demonstrate that steam resulting from 
evaporation from the accumulated condensate in these nondraina- 
ble tubes contributed to their cooling during starting. On the 
contrary, we have been proposing to generate, in the quickest 
possible time, by accelerated firing, a large volume of steam which 
would establish a mass steam flow of sufficient intensity to clear 
the superheater tubes of the condensate. It is our belief that the 
proposed by-pass around topping units will accomplish this pur- 
pose successfully. , 

Mr. Weismantle inquires about the status of the by-pass around 
No. 9 unit at Sherman Creek station. As of this date, the by- 
pass is not in operation but all connections which could be made 
without a long outage of the unit are in place, and we hope that in 
another two or three months the by-pass will be in service. 

We have no explanation to offer regarding the 30 F above 
saturation which was present in the 54 and 60 in. metal drum 
temperature when the unit was under load but about ready to be 
shut down, except, perhaps, that it was due to a transient con- 
dition during this unsettled period. The close agreement of the 
saturation temperature with that of the drum metal during the 
subsequent start, would indicate that the condition of the thermo- 
couples was excellent and that this above-saturation-temperature, 
although not explainable, did really occur. 

During the overnight shutdown test, as shown in Fig. 32, the 
water was held at the normal level which, in this Combustion 
boiler, is below the center line of the drum. Therefore the reason 
for the 50 F differential between thermocouples located in the 
middle of the drums and those at the bottom appears to be due to 
the slower cooling of the drum metal above the water level. Here 
again we are pleased to see that, regardless of the reasons for this 
differential, Mr. Weismantle also advocates the same curative 
procedure of filling the bojler drums to overflowing as soon as the 
boiler is taken off the line, and keeping them full until the pressure 
is reduced to the desired point. 

At this time it is not possible to vouch for the accuracy of the 
thermocouple readings of the waterwall header temperatures. 
While we suspect that 100 F differential is greater than it should 
be, we are, nevertheless, satisfied that a temperature lag exists 
between the waterwall header temperature and the saturated 
temperature, with the former being lower during starting opera- 
tions. 


Sealing of High-Pressure Steam 
Safety Valves 


By R. E. ADAMS! ano J. L. CORCORAN? 


A fundamental investigation of sealing with high- 
pressure steam safety valves has shown that poor sealing 
is a result of self-induced growth of tiny initial leaks. 
Expansion of the leaking steam cools local areas of the 
valve seat, causing contraction of the seating surfaces in 
a manner which increases the size of the leak. A new 
design of valve seat was developed, incorporating thin 
flexible seating surfaces. The cooling effects of the leaking 
steam were minimized by providing better heat transfer 
from the high-temperature steam. The new design re- 
sulted in considerable improvement in sealing, and 
service tests have shown excellent performance. 


INTRODUCTION 


HE two primary requirements of steam safety valves are 

(1) that the valves open without fail and release steam 

efficiently when the popping pressure is reached, and (2) 
that the valves close at a slightly lower pressure and prevent 
leakage of steam at all pressures under the closing pressure. 
The metheds of popping and closing the safety valves are well 
understood. However, the problem of Jeakage of steam safety 
valves has long been recognized by designers as one of the most 
difficult problems which they face. 

The essential elements of a safety valve, in so far as sealing is 
concerned, are the feather and the seat bushing. The seat 
bushing is simply a hollow tube connected to the boiler, with a 
carefully finished seat on the top surface, while the feather is 
essentially a cover with a similar seat held against the seat bushing 
by pressure from a spring. When the steam pressure on the 
bottom of the feather exceeds the force of the spring, the design 
of the valve is such that the feather pops up and steam is released 
until the pressure drops to a predetermined value. At that point 
the feather is forced down by the spring, and the valve is again 
closed. 

The reason for the difficulty of sealing with safety valves, as 
compared with other types of valves such as shutoff, gate, and 
globe valves, or the like, is that with these latter types of valves, 
a tremendous load can be imposed on the mating parts of the 
valves by simply increasing the closing force on the operating 
handle of the valve. In direct comparison to this, on safety 
valves the seating surfaces are held together only by the difference 
in loading between the set load of the spring and the operating 
pressure of the steam. 

This differential load is quite small, because it is naturally 
desirable to operate a boiler at a pressure as close to the maxi- 
mum allowable working pressure as possible. Since the maximum 
allowable working pressure is the setting of the safety valve, 
the gap between the set and operating pressure of the safety 
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valve is of vital interest to the designer. The economics involved 
in making this gap as small as possible constitutes a compelling 
factor of boiler design. Thus there can be no wide difference be- 
tween set and operating pressure. 

Many factors contribute to leakage in valves. Among the 
most important is distortion of the seating surfaces caused by 
outside influences including installation strains, piping, hook-up, 
and ambient temperatures, particularly on outdoor installations. 
Further than this, any minute amounts of dirt or foreign mate- 
rial lodging on the seats, together with damage caused by grit 
in the steam, can also be causes of safety-valve leakage. 

Another serious problem in connection with safety-valve leak- 
age is that when leakage starts, for any reason, continued op- 
eration of the pressure vessel at the normal pressure will result 
in continual leakage of the valve. This leads to erosion of the 
seating surfaces and to increases in leakage to the point where 
the boiler must be taken out of service in order to recondition 
the valve. 

As the steam pressures have increased in the past 25 years 
the problem of safety-valve leakage has become increasingly 
severe. This was particularly true as pressures rose above the 
600 to 900-lb class to 1500 lb and above. It was the general 
experience of safety-valve users that valve designs which could 
easily be maintained tight at 600 and 900-lb pressure proved to be 
a considerable problem at 1500 psi. 

This problem had existed for many years with only varying 
degrees of success in improving sealing in various plants through- 
out the country. Many different techniques of seat finishing, 
changes in design, and the like, were tried out, with some slight 
improvement in the standard of tightness of the valves at 1500 
psi, but without making any decided change in the over-all pic- 
ture. : 

Because of this, it was decided that a fundamental research 
investigation of the cause of safety-valve leakage was essential. 
This would not be a study of the past efforts made toward solv- 
ing the problem. Instead, it would be an approach from a fun- 
damental basis by someone entirely separated from the problem, 
who would not be subject to past knowledge which might be a 
hampering restriction. 


LABORATORY INVESTIGATION OF SEALING 


Apparatus Used. Accordingly, an experimental] laboratory 
investigation to study the sealing of safety valves was started. 
A standard 3-in. safety valve designed for operation at a pressure 
of 1500 psi was used as the test valve. 

Two types of materials for the feather and the seat bushing were 
of interest in this investigation. One was a ferritic turbine 
grade of stainless steel, known as Type “T,’’ containing about 
14 per cent chromium and 0.12 per cent carbon. The other 
type, known as Stellited trim, had seating surfaces of Stellite 
welded onto an austenitic stainless-steel base. 

Fig. 1 shows a schematic drawing of the steam generator de- 
signed and used for laboratory sealing tests with the valve. 
The boiler consisted simply of a steel pipe, capped at the lower 
end, with a standard 3-in. flange at the top for connection of the 
test valve. The boiler had a capacity of about 100 lb of water 
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Fig. 1 Dracram or _Lasoratory Test Borer 

which was added before attaching the valve. Heat was supplied 
by eight separate electric resistance elements wound around the 
outside of the pipe, the connections so arranged that the heating 
elements could be connected in several different combinations 
to provide the desired degree of heating. Thermocouples were 
placed at various positions on the boiler to insure that no sections 
became overheated. This steam generator proved to be entirely 
satisfactory for the work, and pressure could be controlled easily 
by proper manipulation of the connections of the heating ele- 
ments. 

Test Technique. The valve could be made to pop with this 
boiler, but early tests indicated that popping was not essential 
to the investigation of sealing. The technique finally used for 
sealing tests was about as follows. The boiler pressure was raised 
slowly, the power being shut off as soon as rapid leakage started, 
so that the valve did not usually pop. With this method of 
testing, the valves leaked more rapidly and to lower pressures 
than they normally would in service. This is partly because, 
when a valve closes after popping, it closes with considerable 
impact, which assists in obtaining tightness. 

The pressure at the time rapid leakage started was considered 
as the popping pressure; for most tests it ranged between about 
1100 and 1250 psi. To facilitate comparison among various 
tests, pressure data are reported as per cent below the popping 
point. 

Leakage was measured by condensing the leaking steam, an 
aspirator being used to pull the steam through the condenser. 
Leakage rates are-reported as cubic feet of steam at atmos- 
pheric pressure per hour. Leakage rates ranging from about 6 
to 600 cu ft per hr could be measured. 

As part of the fundamentai investigation, some early tests on 
the valves were made using tank nitrogen as a source of high- 
pressure gas. Leakage with nitrogen was determined by meas- 
uring the rate of displacement of known volumes of water from a 
burette connected to the steam outlet of the valve. 

Preliminary Tests. The results of sealing tests with nitrogen 
indicated that misalignment of the various parts of the valve 
within plant tolerances had little effect on sealing. It was found 
that considerable improvement in sealing with nitrogen could be 
realized by using a higher-polished finish on the seating surfaces. 


Tests with steam, however, indicated that sealing was not im- 
proved by the better finish on the seating surfaces. 

Characteristics of Sealing With Nitrogen and Steam. The 
steam tests did reveal that sealing with steam was radically 
different from sealing with nitrogen. At 10 per cent below the 
popping point, steam leakage was found to be about 600 times 
greater than with nitrogen; and at the normal closing pressure 
of 4 per cent below the popping point, steam leakage was esti- 
mated to be several thousand times greater than the leakage 
obtained when testing with nitrogen. It was then realized that 
sealing as obtained with nitrogen was undoubtedly adequate for 
service requirements, and efforts were then directed toward 
defining the differences which existed between testing with steam 
and testing with nitrogen. A major difference between sealing 
with steam and sealing with nitrogen was noticed in leakage 
tests with successively increasing and decreasing pressures. 
This is shown graphically in Fig. 2. The upper curve, for nitro- 
gen, shows that the rate of leakage gradually increased as the 
pressure increased. Only very moderate leakage occurred until 
the popping pressure was reached. On reducing the pressure. 
after leaking rapidly at the popping point, the leakage rate was 
only slightly greater than when the pressure was increasing. 


NITROGEN TEST 


RATE OF LEAKAGE 


STEAM TEST D 


LEAKAGE RANGE 


RATE OF LEAKAGE 


PRESSURE 


POPPING POINT 


Fig. 2 Lnakace-Pressure ReLations Wirs STEAM AND NITROGEN 


With steam, a very different situation existed. As the pressure 
was increased from a low value, leakage at first gradually in- 
creased, as with nitrogen, along the line AB. At some pressure 
slightly below the popping point, such as B, the leakage suddenly 
increased to an enormously high value along the line BC. If 
pressure were still further increased, leakage increased slowly 
until it was sufficient to cause the valve to pop. However, if at 
point C the pressure were decreased, the line CB could not, be 
retraced; instead, the leakage remained quite high to a much 
lower pressure, as shown by the line CE. At point H, leakage 
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died down suddenly to a normal value F, and if pressure were in- 
creased at that point, leakage would then retrace the line FB. 
The difference in behavior of the two gases was striking, and it 
was evident that if the reasons could be discovered, a solution to 
the problem of poor sealing could probably be devised. 

It was first thought that the effect of the leaking steam might 
be to introduce thermal gradients in the valve body, causing it to 
distort and force the feather away from its true position. Tem- 
perature measurements of the valve body did show that tem- 
perature gradients existed. However, when these were elimi- 
nated by heating the entire valve to the steam temperature, the 
improvement in sealing was negligible. 

Temperatures of Valve Trim. In a further effort to determine 
the cause of rapid leakage with steam after leaking had once 
started, temperatures of the valve trim were studied during a 
leak test. In a test with Stellited valve trim, thermocouples 
were welded to the side of the feather, the location of the beads 
being indicated in the diagram of Fig. 3(a). Although the thermo- 
couples were not protected from the steam, good thermal contact 
between the thermocouple beads and the feather was assured 
since the beads were spot-welded to the feather. Fig. 4 shows 
graphically the temperatures that were recorded during a sealing 
test. 


ah. 


Fie. 3a (left) Location or THERMOCOUPLE BEADS ON STELLITE 
FEATHER 


Fig. 3b (right) Location or THeRMocouPLe Houes in Type T 
BusHING 


A similar test was made using the Type T valve trim. For 
this test, the thermocouples were spot-welded to the bottom of 
small holes drilled in the seat bushing, so that the thermocouples 
could be completely shielded from the leaking steam. Locations 
of the thermocouples are shown in Fig. 3(b). The temperatures 
at various points around the seat bushing are shown graphically 
in Fig. 5. 

In both of these tests, the valve-trim temperatures were quite 
uniform up until the time leakage started. At that point, tem- 
peratures at several locations dropped considerably. When the 
valve was leaking badly, severe temperature gradients were ob- 
served in the valve trim, the temperature at one point of the 
feather being more than 200 F below the temperature at another 
point. As the boiler pressure dropped and leakage became less, 
the thermal gradients in the valve trim also decreased. When 
pressures dropped to the point that all leakage had ceased, the 
valve-trim temperatures had returned to about their original 
values, and the thermal gradients no longer existed. 

It was thus apparent that the leaking steam was cooling 
the seat surfaces. The temperature differences measured in the 
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Fie. 4 TEMPERATURES OF STELLITE FEATHER DurRING LEAK TEST 


STEAM Suter 


x BEFORE LEAKING STARTED, PRESSURE=I!00 LBS. / SQ. IN. 
O--—— LEAKING AT 1140 LBS./SQ. IN. 


@—-— AFTER AUDIBLE LEAKING CEASED AT 1005 LBS./ SQ. IN. 
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seat bushing were less than those noted on the feather for a 
number of reasons. Leakage was considerably less with the 
Type T trim than it was with the Stellited trim. The thermo- 
couple beads on the Stellited feather were located practically in 
line with the steam flow, and would be cooled directly by contact 
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with the steam. In the seat bushing, the beads were well shielded 
from the steam, and were located essentially between the cooled 
area of the seat and the hot body of the bushing, the body of the 
bushing being maintained at a higher temperature by contact 
with the hot steam over the entire internal diameter. Thus 
it seems likely that the thermocouples on the feather measured 
approximately the temperature of the leaking steam, while the 
thermocouples in the seat bushing actually measured the tem- 
peratures of the seat bushing at a finite distance below the seat 
surface. 

Cooling of Throttled Steam. The thermal gradients found in the 
valve trim were caused by the cooling of the steam as it expanded 
through the valve seat. When any gas is allowed to expand 
through a small orifice it expands in approximately a throttling 
process, and an imperfect gas will be cooled. The amount of 
cooling for steam depends upon the initial pressure and the degree 
of superheat. Fig. 6 shows the degree of cooling induced as steam 
of various qualities is allowed to expand from different pressures 
by the throttling to atmospheric pressure. Saturated steam at 
1000 psi cools about 250 F when expanded to atmospheric pres- 
sure by a throttling process. Nitrogen, a far more perfect gas, 
cools only about 6 F during throttling from 1500 psi. 
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Mechanism of Leakage. From this information a theory of 
leakage of steam safety valves was developed. If a tiny steam 
leak exists at some point on the valve seat, the local area near 
that point is cooled, and the meta! tends to contract. This con- 
traction causes deformation of the valve seat in two ways, first, 
by direct contraction perpendicular to the seating surfaces, and 
second, by contraction in a direction parallel to the circumference 
of the seat. Both act to increase the size of the gap between the 
feather and the seat bushing at the local area of leaking. 

Thus, once steam starts to leak through the valve seat, the 
size of the gap increases rapidly until the rate of leakage is ex- 
tremely high. When pressure on the valve is reduced, rapid 
leakage does not stop until the differential force on the feather 
is sufficient to overcome the warpage caused by the thermal 
gradients. Thus the reason for the great difference in sealing 
with increasing pressure and decreasing pressure with steam, 
and the difference in sealing between steam and nitrogen is ex- 
plained. 


Agreement Between Theory and Experience. Many of the fac- 
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tors which plant experience had shown to be characteristic of 
sealing could be explained on the basis of this theory of leakage. 
Sealing was more difficult to obtain with higher pressures because 
the cooling effect from the expansion of throttled steam increases 
directly with pressure, as shown in Fig. 6. Similarly, sealing was 
worse for saturated steam than for superheated steam because 
saturated steam cools more when it expands in a throttling process. 
The difference in sealing between the turbine-type stainless 
steel and the Stellited trim could be explained by their differences 
in thermal expansion, the coefficient of thermal expansion for the 
Stellite and for the austenitic base both being about 45 per cent 
greater than for the Type T material. 

Possible Methods for Improving Sealing. On the basis of this 
theory of leakage, several possible means of improving sealing 
could be considered. These are as follows: 


1 Keep initial leaking low; if the amount of initial leaking 
could be kept nil after the valve popped, the self-increasing cycle 
of leakage could not start. 

2 Use a seating material with a low coefficient of expansion, 
since such a material would produce less deformation with a 
certain degree of cooling. Consideration of various materials 
divulged that a high-temperature cobalt invar had an expansion 
coefficient of about 4 X 10-* per deg C, about 60 per cent less 
than that of the turbine-type stainless. It appeared that only a 
limited improvement in sealing might be expected from such an 
attack. 

3 Use valve-seat materials with high thermal conductivity, 
so that the thermal gradients induced in the valve seats would 
more readily equalize. However, most materials which have high 
thermal conductivity are not suited for use with high-pressure 
steam; also, only a limited degree of improvement could be ex- 
pected from this attack. 

4 Reduce thermal gradients in the valve seat by providing a 
short heat path between the seating surfaces and the hot steam. 

5 Decrease the rigidity of the valve seats, so that less pressure 
differential would be required to overcome any distortion of the 
valve seat. 


New Design of Valve Seat. It was soon apparent that a change 
in design of the valve seat offered the best means of minimizing 
the characteristics responsible for poor sealing. Accordingly, a 
new type of valve seat was designed, in which the seating surfaces 
were undercut to provide relatively thin seating surfaces. Fig. 7 
shows a drawing of the modified valve seat. Three advantages 
were expected of this design; these are listed as follows: 


1 Thermal gradients in the valve seat would be reduced. 
The cooling effect of the steam as it leaked would be counter- 
acted by the hot steam on the back of the thin elements. This 
would provide a high rate of heat transfer, and any cool sections 
on the seating surfaces would be effectively heated. 

2 The thin elements could deflect easily under very slight 
differential pressures, and readily accommodate any warpage or 
distortion of the seating surfaces. 

3 The entire force of the steam pressure would act to hold 
the thin edges of the seat closed. Because of this, it was ex- 
pected that sealing would be largely independent of the sprin 
load on the valve seat. 


A detailed drawing showing dimensions of the first experi- 
mental valve seat of this design is shown in Fig. 8. The seat was 
designed so that when the full load of the spring was on the 
feather, or during the impact of closing after a pop, the thin 
edges would deform elastically, so that the load would be carried 
by the thicker portions of the valve trim. However, when steam 
pressure was such that the spring load exceeded the gas pressure 
by only about a hundred pounds, the entire load would be 
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Fig. 7 AsseEMBLY Drawine or New-Desicn VALVE SEAT 


carried by the thin portions, so that the seat would be quite 
flexible in the range of pressure where poor sealing occurs. 
Although this design has been considered from the aspect of 


a conical-seated valve, it should be equally applicable to designs 


of flat-seated valves. 

Laboratory Sealing Tests With*New Design of Valve Seat. 
Sealing tests were made with the new design of valve seat, as 
well as with a conventional valve seat of the Type T material. 
Prior to the steam tests, both types of valve trim were tested 
with nitrogen to insure that no serious defects existed in the 
seating surfaces. 

The results of the sealing tests with steam are shown graphi- 
cally in Fig. 9. With both types of trim, steam leakage was small 
at first and fluctuated considerably. The maximum values of 
leakage with the conventional seat were reached after the pressure 
had dropped to between 1 per cent and 5 per cent below the 
popping point. This simply indicated the finite time required 
for the thermal gradients and deformation of the valve trim to 
develop after the initial leaking started. Bas 

Characteristics of the sealing tests are discussed in the following 
paragraphs. 

Type T Trim. With nitrogen, this set of valve trim was 
found to seal about as well as those which had been tested pre- 
viously. The leakage curve for the Type T trim is the basis for 
judging the sealing characteristics of the modified design. 

New Seat Design. The great improvement in sealing with the 
new-type valve seat is clearly indicated by the data. When 
tested with nitrogen, sealing with this trim was about comparable 
to that of the conventional seat. When tested with steam, leak- 
age with the new design at 4 per cent below the popping point 
was as low as with the conventional valve seat at 12 per cent 
below the popping point. It had been expected that initial 
leakage would be lower for the new design than for the con- 
ventional trim, owing to the flexibility of the seating surfaces. 
However, the tests with nitrogen indicate that initial leakage 
with the new design was probably quite comparable to that ob- 
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tained with the Type T trim. Thus it.seemed that the excellent 
sealing with steam must have been due in a large part to the 
better heat conduction to the seating surfaces. 

Plant Tests With the New Design. Since such excellent results 
had been obtained in sealing tests with the new design of valve 
seat in the laboratory, it was sent to the plant for further in- 
vestigation and development. 

The first step in this was an exhaustive test of the valve which 
had been tried out in the laboratory. The valve was tested at 
1200 psi steam pressure over a period of some three weeks, the 
valve being tested periodically by popping and then being left 
under loading for a period of time. 

At the end of the testing, the valve having been subjected 
to a total of some 200 pops, the seats were examined. There 
were no signs of seat deformation or failure, although some wear 
had occurred on the seating surfaces. 

This indicated that the idea embodied in the undercut seat was 
of a sufficiently rugged nature that it would withstand continuous 
service blowing, and that the research results should be de- 
veloped into a practical design. 

Development of the Thermodisc Design. An analysis of expected 
field conditions naturally showed that it would be desirable 
to incorporate the design changes only in the feather, inasmuch 
as this part would offer the best opportunity for replacement 
when wear occurred. Undercutting of the bushing could be done, 
but slight wear might necessitate replacement of the bushing, 
which is a more difficult task. 

Accordingly, the development was aimed at developing a design 
which would give the required heat conductivity and flexibility 
without embodying any fundamental objection in the way of 
field maintenance. 

Further analysis of past experience showed that if the seat 
were made so thin as to be very flexible at the lower edge, as had 
been first proposed, there was more danger of potential damage 
to this seat from grit passing through the safety valve. This is 
based on experience, particularly with superheater valves, from the 
fact that very hard particles in the steam actually pit and abrade 
the noses of the safety-valve feather disks. It could easily be seen 
that a durable edge on the undercut seat would be desirable. 

In addition to this factor, making the seat edges quite thin 
would result in very close tolerances in manufacture and would 
increase the cost of the design. 

With all of these considerations in mind, a large number of 
variations in angles, thicknesses, and depth, were tried out, finally 
arriving at a thickness of 0.012 to 0.015 in. at the bottom edge of 
the seat, with a slightly deeper recess than had been indicated in 
the original design. 

Plant Tests of Thermodisc Design. Having determined the 
design which seemed to be most practical from the field-service 
viewpoint and from the manufacturing viewpoint, a series of 
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breakdown tests to determine the feasibility of the design were 
carried out. 

One of these tests consisted of the continuous popping at 1200 
lb of one of the seat elements over a period of time. The valve 
was blown rapidly and continuously for a total of 200 times and 
then was subjected to chatter or very rapid popping to determine 
whether seat damage would occur from this type of operation. 

At the end of the test, the valve seat showed no damage in so far 
as breakdown of the seating element was concerned, although the 
seating surfaces showed wear, and a slight amount of leakage 
had developed. 

A test for measuring the fatigue life of the seat element was 
worked out using a cam-operated weight-loaded device which 
dropped the seat for the distance of its normal lift with a weight 
of 200 lb, so the disk would strike the bushing with considerable 
force. 

With this mechanism, the seat was subjected to a test of 80,000 
cycles to determine whether or not fatigue of the seat element 
would develop. 

At the end of the test, the disk and seat were still structurally 
perfect and showed no signs of fatigue failure. 

Service Results With Thermodisc Design. ‘The first experi- 
mental Thermodisc seats were put into service in late 1944 
and initially resulted in a tightness comparable with that which 
had been realized experimentally during the research develop- 
ment phases. It was found necessary to incorporate a deflecting 
piece on the nose of the Thermodisc comparable in contour to 
the older solid-disk design in order to eliminate a high-pitched 
noise which originated, apparently due to the recess in the seat. 

Of the Thermodiscs which were put into service initially in 
late 1944, two were later removed for examination and several 
are still in service at the original plant. 

Following the initially successful testing of the Thermodisc 
design and the checking of these after about six months’ service, 
early in 1946 a complete change-over of a large high-pressure 
utility was made, all of the Thermodiscs giving very good results 
as to tightness and operating characteristics during this installa- 
tion. 

Since that time, several hundred of the Thermodises have been 
put into service with equally good results, at pressures ranging up 
to 2650 psi. 
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Now Method for Bulk-Mc 


Determinations 


By S. LOGAN KERR,! L. H. KESSLER,? anv M. B. GAME) 


The bulk modulus of fluids other than water has not 
been reported in engineering literature to any extent, 
particularly in the range of pressures and temperatures 
ordinarily encountered in petroleum pipe-line work. In 
pipe-line work it is desirable to make surge investigations 
in advance of construction, and this requires some knowl- 
edge of the pressure wave velocity in the system for com- 
puting the magnitude of surges which may be expected in 
ordinary operating or in emergency conditions. While the 
physical characteristics of the materials and construction 
of the pipe line itself are known, the same is not true of the 
physical characteristics of the liquid. This paper relates 
to a method of determining the bulk-modulus values of 
fluids other than water to make available the missing fac- 
tor in pipe-line design considerations. 


INTRODUCTION 


N any computations concerned with so-called ‘“water- 
hammer”’ or surge conditions occurring when the flow rate 
of a liquid is changed in a closed conduit, the compressibility 

of the liquid and the elasticity of the conduit walls have a major 
effect upon the magnitude of the surge, as well as its distribution 
along the conduit. 

The magnitude of the surge is directly proportional to the ve- 
locity of the surge wave and this, in turn, is affected by the diame- 
ter, thickness, materials of construction, and modulus of elas- 
ticity of the pipe walls. The character of the liquid in the pipe 
line also enters into the conventional equation for surge-wave 
velocity, with both specific gravity and compressibility affecting 
the values. The conventional formula for surge-wave velocity 


is as follows 
w fl d 
= 113) Sl (ace Saeed) (eae 1 
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velocity of pressure wave, fps 

weight of 1 cu ft of liquid, lb 

acceleration due to gravity, ft per sec? 

diameter of pipe, in. 

= thickness of pipe walls, in. 

= bulk modulus of compressibility of liquid, psi 

= modulus of elasticity of material of pipe walls, psi 


where 
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The specific gravity under various temperatures and pressures 
can be determined without great difficulty. The compressibility 
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The bulk modulus can be calculated as follows 
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where 
k = bulk modulus of liquid, psi 


Ap = pressure increment, psi 
volume decrement produced by pressure increment Ap 
= original volume in same units as AV 


The bulk-modulus value for water at ordinary temperatures 
and pressures has been reported in a number of publications and 
is commonly taken as 300,000 psi for most surge calculations. 

The bulk modulus of fluids other than water has not been re- 
ported in engineering literature to any great extent, particularly 
in the range of pressures and temperatures ordinarily encountered 
in petroleum pipe-line work (0 to 1500 psi, and 32 F to 100 F). 

To make surge investigations in advance of construction of a 
pipe line requires some knowledge of the velocity of the pressure 
wave within the system for computing the magnitude of surges 
which might be expected due to ordinary routine operation or due 
to emergency conditions. 

The physical characteristics of the materials and construction 
of the pipe line itself are fairly well known. The remaining factor 
relates to the physical characteristics of the liquid, and it is to 
these matters that attention is directed in this paper. 


Review or LITERATURE 


Some of the earliest work done on the determination of surge- 
wave velocity in liquids other than water was in connection with 
the studies of fuel-injection systems for Diesel engines. 

Unfortunately, the investigations were carried out at fairly 
high injection pressures in the range from 1000 to 6000 psi, or 
even greater, and very little information is available for pressures 
below 1000 psi. The variation of compressibility or variation of 
bulk modulus with temperature has also been investigated to 
some extent, but here, too, the experiments were conducted at 
pressures on the order of several thousand psi and did not cover 
in detail the range in which petroleum pipe-line designers are 
primarily interested. There is included at the end of this paper 
a brief Bibliography listing some of the important references. 

In almost every case, the determinations have been made by 
measuring, as accurately as possible, the quantity of additional 
volume of fluid required to compress the initial volume of mate- 
rial to various pressures. The means of measuring the increment 
of volume are varied, and some of the apparatus used a precision 
measurement of the displacement of a piston and in other cases a 
mercury pump was employed. 

Hyde (1)4 measured the position of a sleeve on a plunger (8 mm 
bore and 12 cm long) before and after the application of pressure 
and determined the decrease in volume of the liquid in the small 
cylinder having a volume of 15.56 ml. Tyrer (2) worked at not 
more than 2 atm pressure with soft soda-glass and copper com- 


4.Numbers in parentheses refer to the Bibliography at the end 
of the paper. 
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tained with thezometers of 500 ml capacity. He at- 
sealing with change the pressure and measure the vol- 
better henge before any of the heat produced in com- 
Plan had been lost. 
hadje Mesurier and Stansfield (3) used the device 
Shown in Fig. 1; A isa steel cylinder with vent plug B 
and gland C fitted with a slow-speed engine fuel-pump 
piston D surrounded by split washer # at the outer 
end. Z& is held tightly in place with a spiral spring 
F surrounding the groove in the halves of the washer. 
The inner cylinder was filled with test fluid and lowered 
into the outer cylinder G, which was filled with fluid 
at the same temperature as the sample. The outer 
cylinder was sealed by cap H. Pressure was applied 
directly to oil in G and to plunger D and hence to 
sample in A, the washer being in contact with the 
outer end of gland C moved a distance proportional 
to the decrease in volume of the test sample. When 
direct pressure was released, the plunger was forced 
out of the gland by the expanding sample and car- 
ried with it the washer. Measurement of movement 
of the washer allowed the volume change of the oil when 
under pressure to be calculated from known dimensions 
of the plunger. No dimensions of the device are given. 
Le Mesurier assumed no strain in the material of the 
test vessel, because of balanced pressures, but Davies 
(3) states that there is a stress present, although Le 
Mesurier believed it to be so small as to be negligible. 
Talbott (4), Fig. 2, used a copper tube screwed to the cover of a 
thin sealed vessel A, fitted with an insulated filling cup B at its 
upper end, and a copper pot C at its lower end. A fine platinum 
wire was attached to the filling cup and passed a short distance 
down the center of the tube. The inner vessel was surrounded by 
a cylinder of adequate strength, the liquid to be tested was 
placed in the inner vessel, and mercury was poured into the tube 
and copper pot to form a mercurial seal. The space between the 


inner and outer vessels was filled with distilled water, and hy- - 


draulic pressure was applied. This pressure was transferred 
through the mercury to the test liquid so that the inner vessel con- 
tracted in volume as a solid under hydrostatic pressure until the 
circuit was completed when the mercury contacted the plati- 
num wire. The entire apparatus was surrounded by a water 
bath, 

Cap D was removed and mercury added or removed until the 
electric contact was broken at atmospheric pressure. A weighed 
quantity and, therefore, a known volume of mercury was added 
to the filling cup, and the pressure necessary to break the contact 
was found. The pressure was measured by an optical gage, and 
a lamp indicated when contact was broken. A telescope and 
scale were used for the pressure gage, and the lamp was placed 
in the field of view of the telescope. 

Talbott’s experimental results were corrected for decrease in 
volume of the containing pot, the compressibility of the mercury, 
and for rise in temperature due to compression, because he applied 
maximum pressure in 10 sec. 

These experimenters used devices employing a thin-wall test 
chamber and balanced the internal and external pressures, but 
apparently did not use dead-weight testers for pressure applica- 
tion or to determine unit pressure applied. In all of these in- 
stances, however, the volume and pressure increments were read 
when the apparatus was under pressure. Some question has 
been raised as to the accuracy of these measurements, particularly 
in relation to leakage from the apparatus, leakage past a piston 
or stuffing box, or the displacement of the liquid within the pres- 
sure-measuring device. 
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Joint SuRGE CONFERENCE 


During investigations authorized by a Joint Surge Conference, 
set up to study the surge conditions within petroleum pipe lines, 
particularly those carrying crude oil, the need for accurate data 
on the compressibility factor was immediately apparent. 

Some determinations had been made experimentally, but it 
was finally agreed that an independent investigation would be 
desirable to check the bulk modulus for the particular oils being 
transported under conditions existing during the field-test work. 

A conference was arranged between the three authors of this 
paper to conduct a program of tests® in which the effect of varia- 
tions of temperature and pressure on bulk modulus within 
ordinary ranges could be determined, using a small sample of the 
actual fluids flowing through test pipe lines. It was felt that 
certain basic-design conditions for the apparatus should be fixed 
to avoid the potential errors believed to be present in the methods 
used in other investigations. 

These fundamentals of design were as follows: 


1 The apparatus should eliminate leakage or slip in relation 
to the measurement of the volume increment. 

2 The apparatus should eliminate, in so far as possible, any 
effect of volume change due to the pressure-measuring device. 

3 The apparatus should incorporate a dead-weight-gage tester 
for basic pressure measurement and avoid the use of a Bourdon- 
tube-type pressure gage, except for approximate indications. 

4 The volume change of the apparatus itself under varying 
pressures and temperatures was also to be kept at a minimum. 

5 The measurement of the increment of volume (AV) was 
to be made at atmospheric pressure and under conditions whereby 
this increment could be read to an accuracy of 1 per cent or less. 

6 The over-all accuracy of the bulk-modulus determination 
at any given temperature or pressure should be within plus or 


5 These tests, made in 1949, were part of a program instigated by 
the Joint Surge Conference of individuals representing Middle East 
Pipelines Limited, Trans-Arabian Pipe Line Company, and Gulf- 
Shell Pipe Line. The test results are included in the “Final Report 
of Joint Surge Conference’”’ (13), which has been made available to 
the national engineering societies and to interested individuals and 
companies. 
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_ Minus 2 per cent on an individual run and within plus or minus 
1 per cent on a series of runs, using an average curve through the 
individual test points. 


It was immediately apparent that with this basis for design, 
none of the apparatus described in the various technical publica- 
tions could be used. Therefore a new design was developed to 
perform these experiments in a completely different way from 
that described in the literature listed in the Bibliography. 

Instead of measuring the quantity of liquid required to raise 
the pressure a given amount, by observing the displacement of a 
column of mercury or a piston, the new apparatus was arranged 
to build up the pressure to the desired value, as measured by a 
dead-weight-gage tester. The pressure was then constant 
throughout the system, and by closing a valve it was possible to 
trap the total volume (initial V plus AV) within the pressure 
chamber. 

The pressure was relieved by gradually opening a valve con- 
nected to a precision-graduated microburette until atmospheric 
pressure was reached. The difference between the initial reading 
and the final reading’ on the calibrated glass tube represented the 
increment of volume released and thus gave the value of AV. 
The initial total volume V of the chamber was determined by 
dimensional measurement and also by a volumetric check to be 
290 ml. 

As the increment of pressure is from atmospheric up to the de- 
sired test value, the gage pressure as determined by the dead- 
weight tester represents Ap in Equation [2]. 
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Description or APPARATUS AND DEralLs 


A thick-walled, cylindrical, steel pressure vessel A in Fig. 3 
(5/4 in. OD and 2 in. ID) was machined with the top of the 
cylinder containing an annular slot C or mortise of rectangular 
cross section to act as part of the seal for the test fluid. The in- 
side bottom of the cap B was machined as a cone D of 25/s in.* 
diam with an annular V-shaped tenon # machined to fit into the 
mortise of the cylinder without the tenon touching the upper cor- 
ners of the mortise. Hard solder wire was cut, lapped, and placed 
within the mortise. The V-shaped tenon was forced into the 
solder by tightening six 3/s-in. stud bolts F, so that a perfect 
fluid seal was formed. The design causes all entrapped air or 
gas to be forced out through the vertex of the cone. 

To introduce fluid under pressure into the vessel, measure its 
temperature, and discharge compressed fluid upon release of pres- 
sure, suitable threaded adapters G with copper gaskets were fitted 
into the top of the cap with small holes extending through the 
cap into the pressure chamber. The small thermometer well 
H of stainless steel to contain thermocouple wire was first press- 
fitted into the cap. 

A1/,-in. steel needle valve J was screwed into the inlet adapter, 
and a second valve J was fitted to the relief adapter. At the 
top of the discharge valve there was fitted a metal-to-glass 
adapter, machined and ground with a tapered hole to fit precisely 
the male end of a standard ground-glass Pyrex tube. 

Fig. 4 shows the general arrangement of the apparatus. The 
test vessel is mounted within a steel-encased water bath having 
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lger 


inlet water and drainage connections. A 750-watt immersion 
heater and thermoregulator controlled the water-bath tempera- 
ture. A potentiometer was connected to iron-to-constantan 
thermocouple leads inserted in the temperature well. 

To segregate the test fluid from the fluid in the dead-weight 
gage tester, the inlet valve to the pressure chamber was connected 
by 1/,-in. pressure-transmission pipes to a U-tube-type mercury 
piston, one leg of which was a 2000-psi pressure chamber sight- 
gage glass, and the other leg a machined steel cylinder connected 
to a 5000-psi dead-weight-gage tester. Valves were used at high 
points of the transmission piping to release all gases or air from 
the system. 

Three standard calibrated microburettes with Pyrex tapered 
adapters of 2.0, 3.0, and 5.0 ml capacity, each reading to 0.01 
ml, were used to determine fluid-volume displacement from the 
test vessel. 

In addition, the glassblower made from carefully matched 
serological pipettes, three other microburettes as follows: One of 
0.2 ml capacity from two 0.1 ml; another of 0.4 ml capacity from 
two 0.2 ml; and a third of 2.0 ml capacity from two 1.0 ml. All 
were graduated to 0.01 ml and can be easily read to 0.001 ml. 
These small-capacity burettes give great accuracy in determining 
small volume changes as a 0.01 ml displacement causes a °/s-in. 
rise in fluid level in the smallest-diameter burette. 
of all burettes were checked by volume with mercury. 

Tests proved the steel valves and pressure-transmission pipes 
were absolutely tight. One characteristic of all dead-weight 
testers is that continuous rotation of the piston is necessary and 
that after a 30-min period, some oil from the tester slips by the 
piston up into the surrounding cylinder, requiring adjustment of 
the handwheel to maintain weights and pan at constant level. 
This in no way affects the magnitude of unit pressure exerted on 
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the mercury piston in Fig. 4, as long as the pan is not allowed to 
rest on top of the fixed cylinder. 


EstTIMATtep AccURACY 


Using the Lamé formula as corrected by Clavarino for the 
determination of tangential and radial unit stresses in a thick- 
walled hollow cylinder under internal pressure only, theory indi- 
cates that the maximum change in total volume of the test 
vessel of 0.0043 per cent would be practically negligible between 
25 and 1500 psi maximum internal pressure. 

However, the opening of the gap between the cap and cylinder 
at the seal needed investigation. Seven SR-4 electric strain gages 
were fastened to the test vessel, in such positions that radial 
tangential deformations and opening of the gap were determined, 
in microinches per inch. According to theory, radial and tangen- 
tial stresses are zero at the outside surface of the vessel, and the 
tests confirmed this. 

At 1500 psi there is 885 Ib of pull on each of the six bolts of 
the cap, or 16,500 psi stress in the shank, and the seal never 
leaked. The average increase in measured opening of the gap was 
225 millionths of aninch. This is a displacement of the contents 
of the test vessel (290 ml) of 0.0108 ml, or 0.0037 per cent. The 
total calculated change in volume of the test vessel caused by all 
stresses is about 0.008 per cent or 0.79 per cent of the volumetric 
displacement in the microburette, based upon test results with 
gasoline. 

To be sure that the test vessel could be used without placing 
the vessel within an equalizing pressure chamber as would be 
essential for higher working pressures, confirmatory tests, de- 
scribed in detail later in this paper, were run to check values on 
the bulk modulus of distilled water free from dissolved oxygen 
as reported by other investigators. The values of the modulus 
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for water came within the range of values determined by others. 
It is believed this new test device can be used to obtain bulk 
moduli with errors not exceeding 2 per cent on any liquid during 
an individual run at the highest test pressure which is 1500 psi. 


Trst PROCEDURE 


Fig. 5 shows the apparatus under simulated test conditions. 
Before undertaking a series of runs, the test vessel is thoroughly 
cleaned with carbon tetrachloride, and the lower portion of the 
cylinder filled with the fluid to be tested. A dry rag is used to 
wipe a thin film of mercury onto the surface of the V-shaped 
lead seal. The cap is connected to the cylinder tightly so as to 
withstand 2000 psi, and the remainder of the cylinder and conical 
dome is filled with fluid. The vessel is placed in the water bath, 
and transmission pipes are connected as in Fig. 4. The fluid 
and the test chamber are brought to uniform test temperature 
using either ice or heated water. It may take 30 min or more 
before the temperature levels off, and during this time the 
fluid temperature is read by the potentiometer. 

Mercury is placed in the bottom of the U-tube, and pipes con- 
necting the leg to the test vessel are filled with fluid. A medium- 
weight lubricating oil is used in the dead-weight tester, the con- 
necting piping, and the leg of the U-tube away from the test vessel. 

A pressure of a few pounds is placed on the system. Bleeder 
valves are opened to flush out all entrained air or gases and are 
‘then closed. One of the calibrated pipettes of suitable volume 
for the estimated displacement of test fluid is selected. The 
ground tapered joint is greased with a solvent-resistant stopcock 
grease and is heated slightly before the taper is pushed into the 
adapter. The fluid content of the test vessel is then placed under 
atmospheric pressure with the burette always open at its top. 

With inlet and discharge needle valves J and J open, a slight 
pressure by dead-weight tester is exerted on the oil, which is 
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forced against the mercury U-tube, and the same pressure is 
transmitted by displacement of this mercury piston to the fluid 
in the test vessel. The test fluid rises into graduated section of 
the microburette for a first reading at atmospheric pressure. 

Upon closure of the discharge valve a small quantity of fluid is 
displaced upward which increases the first reading of fluid in the 
burette to the exact initial value used in the test data. Opening 
of the valve causes a lowering of fluid in the burette equal to the 
quantity displaced by movement of the valve needle. The re- 
quired number of weights are placed on the pan of the tester. 
Pressure is then applied through the tester until the pan con- 
nected*to the piston of the tester is elevated about */, in. above 
the surrounding cylinder. Weights, pan, and piston are spun 
continuously during application of pressure to the system. The 
Bourdon gage is used only as an indication of the unit pressure, 
to keep the operator from raising the tester piston too high and 
forcing it out of the cylinder. , 

As the desired unit pressure is reached, the inlet valve is closed 
uniformly at avery slowrate. Unit pressure is thus locked within 
the test vessel. The discharge valve J is opened slowly, and the 
quantity of fluid compressed from atmospheric pressure to the 
applied higher test pressure is permitted to expand into the 
burette at atmospheric pressure to an approximate final reading. 
The discharge valve is then closed slowly to eliminate all error 
due to the volume displaced by the valve needle. The ultimate 
rise of fluid in the burette, as read with a magnifying glass, is 
taken as the true final reading. The difference between the true 
initial and final readings is the change in volume (AV) of Equa- 
tion [2] caused by re-expansion of the fluid from the test pressure 
to atmospheric pressure. 

Providing there is sufficient volume of fluid above the mercury 
leg of the piston, the final reading of the burette can become the 
initial reading for a second test. The burette need not be re- 
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moved for cleaning until such time as the total calibrated length 
has been wet by the fluid. A strong Alkonox and distilled-water 
cleaning solution is used at about 200 F to wash test fluids from 
the inside of the burettes. Burettes are flushed with distilled 
water and dried by compressed air prior to regreasing the outside 
of the taper and continued use. Before the mercury in the U-tube 
is driven past the invert, the bleeder valve K, Fig. 4, is opened to 
atmospheric pressure. Test fluid is poured into the pipe system, 
and the necessary quantity of oil is removed from the dead-weight 
tester. Time is then allowed for the fluid in the test vessel again 
to arrive at the desired test temperature before further runs are 
made. : 


CoMPARISON WiTH PREVIOUS INVESTIGATIONS ON WATER 


The experimental techniques were first worked out by pre- 
liminary runs on crude oil. These tests were then made on boiled 
distilled water at 68 F to check the characteristics and behavior 
of the apparatus on a liquid for which considerable experimental 
results are available on compressibility at 1 atm and at pressures 
above 300 psi. 

Figs. 6(a and 6) show the Northwestern test results, as com- 
pared with data reported by thirteen former experimenters. In 
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experimenters mentioned. Above 50 psi the modulus increases 
rapidly, until a value of about 300,000 psi is obtained in the 
neighborhood of 300 psi. Fig. 6(b) shows an enlarged portion of 
the modulus-pressure curve in the lower pressure range. 

It is concluded from a careful study of the runs on distilled 
water, that the accuracy of the test vessel and appurtenances, and 
the techniques used in the Northwestern tests are comparable to 
that obtained with various devices or apparatus of former ex- 
perimenters. This verification is important as almost all experi- 
menters since Amagat have checked the performance of their test 
apparatus with distilled water as free from dissolved oxygen as is 
possible of attainment. 

For most work on water hammer at ordinary pipe-line pres- 
sures, it is evident that a modulus of 300,000 psi for water is a 
valid unit, although some engineers use 294,000 and others 
310,000 psi. If 300,000 psi is used and 30,000,000 psi as Young’s 
modulus for steel in tension, the ratio of 1/10 in the formula for 
calculation of the speed of propagation of the water-hammer 
pressure wave is within experimental error. At ordinary pipe- 
line pressures, computations are simplified somewhat which is 
probably the reason for the widely adopted value of about 300,000 
psi, plus or minus 3 per cent for bulk modulus of water. 
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some instances Equation [2] could be used directly, and in others 
the bulk modulus was computed as the reciprocal of the com- 
pressibility C, where C is expressed in atmospheric units, that is, 
the ratio of the decrease in volume per atmosphere of pressure to 
the volume of the liquid. 

Tyrer (2) worked at 1 and 2 atm only, Amagat (5), Bridgman 
(5), Parsons and Cook (7), and Jessup (8) give results at 1 atm, in 
addition to higher pressures, none of which, however, were below 
300 psi. All experimenters appeared to be interested primarily in 
the compressibility of water at high pressures. In most instances, 
where the experimenters plot data obtained at pressures above 
700 psi, they extrapolate the compressibility curve as a straight 
line into the low-pressure range, assuming the compressibility to 
be independent of the change in pressure. 

Parsons and Cook (7), however, are very definite in showing 
that water has a bulk modulus of 200,000 psi at atmospheric 
pressure and 4 C, and a modulus of 400,000 psi at 2000 atm. 
Wherein this great change takes place is not shown. North- 
western tests show that the modulus is about 200,000 psi at 
pressure of 25 to 50 psi which is in general agreement with the 
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REsULTs ON CrupE Orns AND GasouINe 


Figs. 7(a, b, and c) show the plotting of test results and 
the curves established for the two crude oils and gasoline samples 
taken from the test pipe sections of the field tests utilized by the 
Joint Surge Conference (13). Samples of 10 gal were shipped in 
fluid-tight metal containers to the Northwestern Technological 
Institute Hydraulic Laboratories for these independent bulk- 
modulus tests. Fig. 8 shows similar test results on G.H. No. 3 
crude oil shipped from the Kuwait oil fields on the Persian Gulf. 

Four temperatures, 32, 60, 100, and 130 F, were maintained for 
each of the pressure series for the three crude oils, but the 130 F 
temperature was not used in the gasoline tests. These tempera- 
tures cover the climatic and operating ranges usually experienced 
in oil-pipe-line work, as well as any appreciable rise in temperature 
caused by pipe friction. The range in pressure varied from 25 to 
1500 psi, which covers the usual operating pressures of oil pipe 
lines. 

At any given pressure the variation of bulk modulus or com- 
pressibility with temperature is pronounced. This has been found 
by all experimenters. No general conclusion can be reached as to 
the degree of variation with temperature, but in general the three 
crude oils and the tested gasoline seem to decrease roughly about 
700 psi in bulk modulus for each degree Fahrenheit increase in 
temperature. 

Gasoline, Fig. 7(c), at pressures above 200 psi and up to 1500 
psi had a relatively insignificant change in modulus with increase 
in pressure. Below 200 psi, the change in modulus is more pro- 
nounced. 

The crudes, Figs. 7(a) and (b), show that above 1000 psi the 
modulus remains about constant in value for any given tempera- 
ture. Below 1000 psi, the modulus decreases in some degree as 
the pressure decreases, and below 400 psi the modulus decreases 
quite rapidly in some cases. Between 400 and 50 psi at 60 F, the 
McCamey crude shows a drop of 62,000 psi or 25 per cent; Wink- 
Monahans crude shows a decrease of 25,000 psi or 12 per cent; 
Kuwait crude, Fig. 8, shows a decrease of 53,000 or 23 per cent. 

Fig. 9 shows a plot of variation of bulk modulus with tempera- 
ture at a pressure of 1000 psi for the four samples tested. Until 
considerable additional information is available, it appears evi- 
dent that petroleum products cannot be tested at just one tem- 
perature and a satisfactory conclusion arrived at for the bulk 
modulus at any other temperatures. In studying the test data of 
other experimenters, it was impossible, in most instances, to de- 
termine the compressibility or bulk modulus at temperatures 
other than within the range of the test. Water at 1 atm of pres- 
sure when tested by four experimenters shows that variation with 
temperature follows no well-defined law. 


CoMPARISON OF MBEAN COMPRESSIBILITIES OP SAMPLES TESTED 
Wits Work oF OTHERS 


The test values of bulk modulus in the Northwestern tests were 
computed also in terms of mean compressibility in per cent from 
zero to 1000 psi in order to compare results with the study in the 
American Petroleum Institute progress report made by Jacobson 
(9). Values are plotted relative to API gravity at 60 F in all 
cases, Fig. 10. Undoubtedly, other factors than specific gravity 
modify this simple relationship. Viscosity is one factor as is 
shown by Matteson (14), where he uses the Cragoe modulus to 
extrapolate test data on compressibility of oils at 711 psi to values 
at higher pressures. The authors interpreted the data by Jacob- 
son, et al (9), somewhat differently, and the solid-line curve shows 
their estimate of the reported test values. An assumed curve has 
been drawn for 60 F as no data existed for this temperature. 

The graphical studies, Fig. 10, show close agreement between 
the test data used by Jacobson and the Northwestern test data at 
® 
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the higher pressure. A possible hazard exists in using data plotted 
in this way, because a small change in per cent compressibility 
means a much more significant change in the numerical value of 
the bulk modulus and a consequent error in the surge-wave 
velocity computation. 


ComPaRISON oF BuLK Moputus VALUES WITH WoRK OF OTHERS 


Fig. 11 shows a comparison of the Northwestern test data at 
about the median of test pressures with actual test data at 32 F 
and 60 F determined by cther investigators. Library research 
disclosed that very few tests exist at lower pressures. A few tests 
have been found with a temperature gap as large as from 32 F to 
167 F. Gravity in degrees API at 60 F is used as abscissas, as in 
Fig. 10, but the ordinate is the bulk modulus instead of per cent 
compressibility. Several experimenters used 50 kg per sq cm or 
711 psi, which is the reason for selecting this apparently odd pres- 
sure value. Only the temperatures shown could be used, as these 
were the reported results, and no interpolation or extrapolation of 
test data is resorted to in the figure. 
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Fig. 11 shows the apparent variation in bulk modulus with API 
gravity in a more useful light for liquid-hammer purposes than if 
per cent compressibility is used. It also gives an opportunity to 
include a few more test-data points than are shown by Jacobson 
(9). Curves drawn by the authors indicate that the Northwestern 
tests are in general agreement with the results by others, but a 
considerable variation in bulk modulus for a given API gravity is 
manifest. The graphs indicated to the authors that further in- 
vestigations are needed in order to arrive at more definite con- 
clusions as to the variation of bulk modulus with specific gravity. 
By interpolation and extrapolation of existing data with some risk 
as to accuracy of the conclusions, it is possible to show a relation- 
ship between values of bulk modulus of petroleum products and 
API gravity. Unfortunately, in order to do this, data must be 
used at pressures substantially above usual pipe-line pressures. 

Fig. 12 is similar in scope to Fig. 11, but shows the Northwest- 
ern test results at a pressure of 1000 psi for 80 F and at 100 F, 
compared with the results by others. The points shown are in 
some cases actual test-data points, but in other cases they are 
points obtained either by interpolation or extrapolation of actual 
test data. 

The solid-line curves in Fig. 12 are obtained from Jacobson 
(9), who used data by Jessup (8), Sage and Lacey, et al (12), to 
determine first the shape of the curve at 1000 psi and 100 F. This 
made it possible to determine the trend of the curves shown in 
Figs. 10, 11, and 12, at temperatures where only meager data are 
available. It appears from these comparisons that-Jacobson’s 
curves represent the “minimum” bulk-modulus values for API 
gravities at 60 F’. The dashed-line curves drawn by the authors 
represent their estimate of an ‘‘average’’ determination of the 
relation of modulus to API gravity. The dot-and-dash curves 
show the ‘‘maximum”’ envelope of existing data. 


DISCUSSION OF CURVES 


Fig. 12 indicates that for petroleum products under a pressure of 


1000 psi and with gravity above 90 API, the bulk modulus is a 
fairly well-defined value. 

As the API gravity decreases below that of gasoline at about 
60, variation in bulk modulus from the Jacobson curve is more 
pronounced. When the lower range in gravity is reached, in the 
neighborhood of the crude oils at API gravity of about 35, the 
variation is more significant. Fig. 11 shows that the foregoing 
statements are probably correct for pressures as low as 700 psi, 
although at that pressure no test data could be found by the 
authors on products having a gravity greater than 75 deg API. 
At the lower pressures, the variation in bulk modulus with pres- 
sure is even more significant, as shown in Figs. 7 and 8. 


Comparison Write Fretp RESULTS 


In the field-test program carried out by the Joint Surge Con- 
ference, the actual velocity of the pressure wave could be deter- 
mined, based on the synchronized pressure time recordings at 
various points along the test sections. The accuracy of this 
measurement was probably on the order of 1 per cent to 2 per 
cent, depending on the particular location involved. 

By taking the data on the McCamey crude plotted in Fig. 7(a) 
and interpolating between the 32 and 60 F curves, a 45 F curve 
can be obtained fairly accurately. This was the temperature ex- 
isting during the field tests, and the bulk modulus versus pressure 
is shown as the solid line in Fig. 13(a). If the assumption is made 
that the compressibility is uniform from zero to 1000 psi or 
higher, then a line tangent to the curve between approximately 
800 psi and 1500 psi can be extrapolated back to zero. This is 
shown as the broken line in Fig. 13(a). It is believed that this 
particular procedure has been used in many instances to secure 
the bulk modulus in the lower pressure ranges. 

Table 1 shows the theoretical value of the velocity of the pres- 


‘sure wave, based upon the 45 F Northwestern curve, and that ob- 


tained from the extrapolated line. The measured values from the 
field tests are given for comparison. 
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It will be seen that the calculated value on this basis, using the 
45 F Northwestern curve, is 3980 fps based upon a mean value of 
k equal to 218,000 psi. Ten of the field tests were examined, and 
the average velocity of the pressure wave was found to be 3998 
fps. The maximum value was 4090 fps and the minimum 3880 
fps. 

Applying this same procedure to the extrapolated curve, a 
mean value of 256,500 psi is obtained, or about 17.5 per cent 
higher than the Northwestern value. When this is used in the 
theoretical formula for the velocity of the pressure wave, a value 
of 4296 fps is obtained and is nearly 8 per cent higher than the 
average of the field tests, 

Similar. comparisons were made with the tests on the Wink- 


Monahans crude, shown in Fig, 13(b), and the extrapolated curve, 
covering pumping tests, give a value about 2 to 3 per cent higher 
than would the Northwestern tests. 


TABLE1 COMPARISON WITH FIELD TESTS; McCAMEY CRUDE 
5 


45 F 
Extra- 
Line pressure, Bulk modulus, polated 
psi Northwestern tests line 
125. 212000 256000 
TSO care wabeh eit 218000 256500 
175. 223000 257000 
Mean value k........ 218000 256500 
Velocity of pres- 
sure wave a: 
Caiculated 3980 fps 4296 fps 


Test (avg of 10) 3998 fps 
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In the Plantation series the curves shown in Fig. 13(c) were 
obtained on gasoline at 72 F. In this case the tests in the field 
indicated a velocity of 3620 fps with a calculated value from the 
Northwestern tests of 3590 fps as compared with 3640 fps using 
the extrapolated curve. 

It is evident that there is considerable variation from crude to 
crude and between crudes and refined products in the relationship 
between bulk modulus and pressure at a constant temperature. 
Where these curves do not depart by more than 5 per cent at the 
low pressures, an error in the velocity of the pressure wave can 
be quite small, probably on the order of 2 to 3 per cent. 

In the case of the McCamey crude, however, the difference in 
the weighted mean of the bulk-modulus value was over 17 per cent 
and the calculated value, using this figure, is 7 to 8 per cent 
higher than that measured in the field. 

Fig. 8 shows the results of the tests on a crude from the Middle 
East, and it will be noted that this material behaves more nearly 
like the McCamey crude and thus the possible error in determin- 
ing the velocity of the pressure wave and the magnitude of surges, 
as well as the damping of surges would be appreciable. 


CONCLUSIONS 


In any surge investigation where an accuracy closer than 5 per 
cent is desired, in the determination of maximum surge pressures 


and the degree of damping of waves, it would be highly desirable 
to determine experimentally the bulk modulus of the material or 
materials to be transported in the line. 

This is particularly desirable when there is a substantial varia- 
tion in temperature, as well as variations in pressure in the system, 
so that such effects can be taken into account in any investiga- 
tion. 

The means of obtaining bulk-modulus data has been greatly 
simplified through the use of the apparatus described in this paper, 
and results can be made available in a matter of a few days after a 
sample has been received at the laboratory. 

Where there are large investments in pipe lines and particularly 
when low factors of safety are used in the design, it would seem 
highly desirable to know the bulk-modulus data in addition to the 
usual information concerning specific gravity, and viscosity varia- 
tions with temperature, and thus provide a more accurate basis of 
design than if pure assumptions from meager data are relied 
upon. 
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Discussion . 


Joun W. Dasuiett, Jr. In this paper Equation (1) might be 
easier to follow if written 
12 
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Equation [2] has an error in definition of symbols 

Ap 
~ Ap 
where Ap = pressure increment in psi 

Av = volume decrement produced by pressure increment Ap. 

Figs. 7 (a, b, c) and 8 show an unexplained sudden decrease 
in bulk modulus as the pressure is lowered below 100 or 200 psi. 
Since the compressibility is the reciprocal of the bulk modulus, this 
would show a sudden increase in compressibility as the pressure is 
lowered below 100 to 200 psi. It suggests the presence of en- 
trained air or gas coming out of solution as the pressure is re- 
duced. 

Reference to the literature shows the compressibility of a wide 
variety of liquids including oils to vary directly with the tempera- 
ture and inversely with the pressure but it is difficult to explain 
any sudden deviation from a smooth curve as shown in the afore- 
mentioned figures since these curves show the bulk modulus to be 
approaching zero at zero pressure. This would mean that the 
compressibility becomes infinite at zero pressure (gage)—a con- 
dition that is exemplified by a perfect vacuum. 


K 


5 Gulf Research & Development Company, Pittsburgh, Pa. Mem. 
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Measurement of Temperatures in 


High-Velocity Steam’ 


By J. W. MURDOCK? anp E. F. FIOCK? 


The demand for more accurate values of thermal effi- 
ciencies in modern steam power plants, together with the 
fact that the velocity of steam is often so high that the 
impact effect upon temperature-measuring instruments 
can no longer be neglected, has created a need for improved 
temperature instrumentation. Studies have been made 
of the performance, in moving air and steam, of various 
total-temperature-type wells suitable for use in steam at 
operating conditions. The instruments recommended 
for such applications, constructed so that the sensing ele- 
ment is surrounded by nearly stagnant steam, have tem- 
perature-recovery factors above 0.9, which do not change 
significantly with either the medium, its temperature, or 
its pressure. Although additional work remains to be 
done on reducing their sensitivity to flow direction and 
pattern, these wells, when imstalled in straight pipes 
through which steam is flowing at any velocity up to 725 
fps, yield total enthalpies which are accurate to within 1 
Btu per lb. 


NOMENCLATURE 
The following nomenclature is used in the paper: 


T = temperature, deg F or deg R 

p = pressure, psia 

v = specific volume, cu ft per Ib 

u = internal energy, Btu per lb 

h = enthalpy, Btu per lb 

c, = heat capacity at constant pressure, Btu/Ib deg F 
G = mass velocity, lb/sec ft? 

V = velocity = Gy, fps 

M = Mach number 

6h = heat leak between specified stations, Btu per Ib 
r = recovery factor 

6 = angle of attack 

g = acceleration of gravity, ft/sec? 

R = universal gas constant, Btu/lb deg F 

J = mechanical equivalent of heat, Btu/ft lb 

1/J, ft Ib/Btu 


The subscripts s, t, and 7 mean static, total, and indicated, 
respectively. 


> 
I 


INTRODUCTION 


Normal progress toward more compact and more efficient power 
plants involves the handling and utilization of the working 


/ 1 The opinions or assertions contained in this paper are the private 
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medium at ever higher temperatures, pressures, and velocities. 
Simultaneously with this trend toward more severe operating 
conditions there is a demand for increased accuracy in values of 
efficiency determined experimentally. This in turn requires a 
better knowledge of the state of the steam at various locations 
throughout the power plant, which can be obtained only with 
improved instruments and methods of measurement. 

Recognizing these facts, the Bureau of Ships is sponsoring a 
co-operative program of research and development at the Naval 
Boiler and Turbine Laboratory and at the National Bureau of 
Standards, aiming primarily to develop and evaluate more ac- 
curate instruments for measuring pressure, temperature, and rates 
of flow in steam systems. The present paper is restricted to a 
description of progress made to date on the measurement of 
steam temperatures. a 

The three primary sources of error in the measurement of the 
temperature of a flowing gas are radiation, conduction, and the 
effect of impact due to directed motion. In steam systems, proper 
insulation of pipe walls causes their temperature to approximate 
that of the steam and makes the loss of heat from the tempera- 
ture-sensing element by radiation and conduction negligible, 
provided the instrument is designed properly. Thus the princi- 
pal element of uncertainty, so far as most applications in ste: m 
are concerned, is the impact effect. 

This effect in a flowing gas is of practical importance only when 
the directed velocity of the gas becomes appreciable in compari- 
son with the mean velocity of random molecular motion. Thus, 
so long as steam velocities were low, there was no impact problem. 
However, velocities now used and those contemplated in future 
power plants are so high:that the impact effect upon temperature- 
sensing devices no longer can be neglected. This becomes more 
apparent when it is recalled that such devices as thermocouples 
and resistance thermometers, either exposed directly to moving 
gas or sheathed in protective wells, respond only to the trans- 
lational energy of the gas molecules. 


THERMODYNAMIC CONSIDERATIONS 

Consider that a compressed gas is allowed to expand adia- 
batically from a large reservoir in which its velocity is nearly 
zero, through a nozzle to the atmosphere. The adjective “‘total’’ 
and the subscript / are used to describe the quiescent state of the 
gas in the reservoir, while the properties of the moving gas, as 
they would appear to an observer moving with the gas and to 
whom the gas would appear to be static, are described by the 
adjective “static’’ and indicated by the subscript s. 

For the adiabatic acceleration of the gas passing through the 
nozzle, and for the reverse process of deceleration as well, con- 
servation of energy requires that 


u, + Apm = u, + Apyv, + V#/2gJ........ 2. {1] 


This relation holds, even in the presence of such irreversible 
phenomena as friction and shock waves, which influence the dis- 
tribution of energy among the three terms on the right, but not 
their sum. 

By the definition of enthaipy, this equation can be written in 


the form 
hia Wipes] 29) wana 
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which introduces the concept of two kinds of enthalpy, namely, 
a total enthalpy characteristic of the stagnant gas, and a 
static enthalpy characteristic of the moving gas, the latter being its 
enthalpy as it would appear to an observer moving with the gas. 
Obviously, it is the total enthalpy which is of interest in evaluat- 
ing thermal efficiency, since this includes the kinetic energy of 
directed motion, along with the more familiar form characterized 
by temperature and pressure alone. In the adiabatic process 
being considered, the total enthalpy of the gas remains constant, 
without regard to reversibility or deviations from the perfect-gas 
law. 

Dividing both sides of Equation [2] by c,, which is now assumed 
to be independent of temperature as is the case for a perfect gas, 
gives 

Pe ES VA 2G Comet os mee [3] 


This introduces the concepts of total and static temperature, co- 
ordinate with the afore-mentioned concepts of enthalpy. Again, 
the total temperature is the temperature of the gas at rest, while 
the static temperature is that which would be indicated by an 
instrument moving in the same direction and at the same velocity 
as the gas. The two are identical in quiescent gas, but differ 
from one another in a moving gas, directly as the square of the 
velocity, and inversely as the heat capacity at constant pressure. 

When a perfect gas is subjected to an adiabatic expansion of the 
type being considered, not only the total enthalpy but also the 
total temperature remains constant. However, in an adiabatic 
expansion of an actual gas there is usually a small change in total 
temperature, and such changes were observed in the present work 
with steam. 

Obviously, it is impracticable to measure 7’; directly in a mov- 
ing gas. However, if an instrument designed to stop the gas 
adiabatically and reversibly is inserted in the stream, a tempera- 
ture-sensing element located in the gas so brought to rest will 
indicate its total temperature. This total temperature, together 
with the total pressure of the stagnant gas, suffices to establish 
the total enthalpy of any actual gas for which tables of these 
properties exist. 

When any device other than an idealized total-temperature 
probe is inserted in flowing gas, it will attain a temperature 7’; 
intermediate between 7’, and 7’,, because only part of the gas im- 
pinging upon it is brought completely to rest. That part of the 
kinetic energy of directed motion which is converted to heat upon 
impact raises the temperature of the device above 7’, Friction 
in the boundary layer of gas around the device also makes a con- 
tribution in this same direction, so that the amount of the increase 
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is a function of the configuration of the device and of the rate 
and pattern of the flow in its immediate vicinity. 

For accurate interpretation of the temperature indicated by an 
instrument located in a stream of high-velocity gas, the relative 
position of 7’; with respect to 7’, and 7’, must be known. It is 
common practice to specify this position in terms of recovery 
factor r, defined as 


[4] 


These temperature relations, as influenced by velocity, are illus- 
trated in Fig. 1 which shows the temperature which would be in- 
dicated by instruments having recovery factors of unity, 0.93, 
0.65, and zero, if they were immersed in steam at various veloci- 
ties, but always having a total temperature of 800 F, and a heat 
capacity at constant pressure of 0.5 Btu per lb deg F. These par- 
ticular recovery factors were chosen for illustration because the 
value 0.93 is typical of the wells to be described later, and 
0.65 is typical of a bare thermocouple junction. 


p= (Pek) CE; Eee oe 


DEVELOPMENT OF INSTRUMENTS 


Characteristics Desired. The obvious advantages of using an 
instrument with a recovery factor close to unity are that the in- 
dicated temperature may often be taken as the total temperature, 
and that, in cases where higher accuracy than this is required, 
the small difference between 7; and 7; can be computed with 
ample accuracy from an approximate value of r. Stated in 
another way, the higher the value of recovery factor, the less is 
the practical importance of its actual value and of the effects of 
the operating variables upon it. 

Instruments of the total-temperature type*® have been de- 
veloped to a high degree for use primarily in high-velocity air 
streams such as are encountered in wind tunnels and in flight. 
However, these do not lend themselves to direct application in 
machinery containing steam at high temperatures, pressures, and 
velocities for the following reasons: 


1 They are relatively large and might therefore block off more 
of the flow passage than is tolerable. 

2 They would have to be made very sturdy to withstand the 
impact and mechanical vibrations to which they would be sub- 
jected in steam systems. 

3 They are sensitive to the direction of flow, which may be 
unknown or variable within a machine. 

4 It would be difficult to provide a pressure seal which is 
effective at high temperatures and yet allows ready replacement 
of the temperature-sensing element either during or between 
runs. 


Instead of attempting to adapt existing devices for service in 
steam, it was considered more practical to develop a modification 
which would approximate their performance, yet be free of some 
of their disadvantages and possess some distinct advantages over 
instruments designed for other applications. 

The temperatures of interest in steam systems are within the 
range of satisfactory performance of base-metal thermocouples, 
which are sufficiently accurate for the intended purpose when well- 
established techniques® are followed. There is much to recom- 
mend the use of thermocouples in this application, for example, 
low cost, small size permitting measurements in a limited region 


“Temperature Measurements in High-Velocity Air Streams,” 
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6“The Use of Thermocouples in High-Velocity Gas Streams,” 
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as well as surveys of gradients, ruggedness, simplicity of con- 
struction and installation, rapid response to changes in tempera- 
ture, and availability of indicating and recording devices which 
are accurate, simpie to operate, and highly reliable. Therefore 
effort was concentrated on devices employing thermocouples as 
sensing elements, although the wells to be described may also be 
used with resistance thermometers. 

Because it seemed unwise for many reasons to expose thermo- 
elements directly to steam, the development of appropriate wells 
was desirable. From the thermal standpoint, the inner tube of 
such a well should be small and thin to promote rapid response 
of the measuring junction and to reduce heat loss along solid parts. 
If the unit is to have a high recovery factor, the inner tube must 
be surrounded by steam which has been brought as closely as 
practicable to stagnation. In addition, considerable mechanical 
strength is required, particularly resistance to vibration. It is 
highly desirable that, in case the more fragile parts shouid break, 
they be retained and prevented from passing through and damag- 
ing parts of the machinery. 

The remainder of this paper describes the development of ‘yells 
to meet these requirements and the results to date of studies of 
their performance in streams cf air and of steam contained in 
straight pipes. 

General Description of Equipment. For reasons of speed and 
economy, preliminary studies of the performance of wells were 
made in streams of air. These results were used in selecting the 
more promising instruments for evaluation in steam under operat- 
ing conditions. 

The test systems using air and steam were essentially the same. 
In both, the test medium was accelerated from a low velocity ina 
pipe of large diameter by passage through an efficient nozzle. 
Fig. 2 is a schematic diagram representing both systems. 

The state of the medium was established accurately by meas- 
uring its temperature and pressure at station 1, in a region of 
low velocity. For determinations of recovery factor, the test 
instruments were placed in the stream at station 2 in the throat 
of the nozzle, where there were no significant gradients in tem- 
perature or velocity. Similar instruments also were located at 
stations 3 and 4. For the steam system, only those results ob- 
tained at stations 2 and 4 are presented here, because the flow 
pattern at station 3 was not well enough known. 

Glass-insulated duplex iron-constantan thermocouples were 
used with both test media. The stock of wire was calibrated at 
frequent intervals along its length, and the thermoelectric prop- 
erties were found to be sufficiently uniform that a single calibra- 


tion could be used for all thermocouples in any one installation. 
The basic temperature of the medium was observed at station 1, 
and the temperatures at other stations were determined by 
measuring differences therefrom. Thermoelectromotive forces 
were measured with Brown Electronik self-balancing potentiome- 
ter indicators, graduated to 2 microvolts, and read by esti- 
mate to the nearest microvolt. In all measurements the reference 
junctions were maintained at 32 F in a slush of ice. In view of the 
precautions taken, the probable error in a single observed value 
of temperature difference is believed to be +0.1 F or less. 
This estimate includes only the error in determining the tem- 
perature of the measuring junction and not that due to any 
difference in temperature between this junction and the medium. 

Results Obtained With Air. The first tests of temperature probes 
were made in an air system consisting essentially of a 4000-cfm 
blower discharging into a 12-ft length of 10-in. pipe, thence 
through a nozzle having a throat diameter of 3.26 in., a diffuser 
with a 7-deg included angle, and into the atmosphere. This 
equipment is shown diagrammatically in Fig. 3. The thermo- 
couple wells were mounted singly in the throat of the nozzle in 
the region of uniform velocity, and the performance of each 
type was evaluated in terms of recovery factor as a function of 
velocity or Mach number (M). 

At velocities above 700 fps (M = 0.63), local shock waves were 
formed, and the observed values of recovery factor became 
erratic. By increasing the temperature of the air so that the 
dew point was not reached in the nozzle, it was demonstrated that 
the observed scattering was not due to condensation shocks. 
Therefore a similar phenomenon is to be expected in steam, but 
only at higher velocities, since the temperature and hence also 
the velocity of sound in steam is usually higher. 

In later tests with air, the blower was replaced by a centrifugal 
compressor, and a long run of straight tubing was substituted for 
the exit diffuser in Fig. 3. No thermal insulation was used in 
either arrangement since the inlet air was only slightly warmer 
than the atmosphere. In both systems the loss of heat between 
stations 1 and 2 was negligible. However, there was sufficient, 
heat leak between station 1 and those 50 or more diameters down- 
stream to make the observed temperatures unreliable, so that 
this work must be repeated. 

The nozzle used with air had been calibrated previously s0 
that the rates of air flow could be determined from measurements 
of the drop in pressure across the nozzle. 

In the early stages of this program the recovery factors of the 
following simple devices were determined: cup-type total-tem- 
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perature probes, bare junctions, cylindrical wells of various 
diameters, and wells of elliptical and teardrop cross section. 
As will be seen in Fig. 4, all of these except the cup type have 
recovery factors lower than was desired. 

The next step was the development of devices having protect- 
ing tubes concentric with inner wells, with openings in the up- 
stream faces of the outer tubes to admit gas to the annulus. 
The inner wells, containing the measuring junctions, could thus 
be surrounded by stagnant gas. It is well known that the outer 
tube can be made to approach the total temperature of the gas 
more closely if some of the stagnant gas is bled downstream. 
It was found experimentally that the recovery factor of the unit 
was greatest when the area of the downstream or bleed holes was 
approximately one tenth that of the openings upstream. This 
area ratio was maintained in units made and tested subsequently. 

Among the various wells tried, those which seemed most 
promising are illustrated m Fig. 5 and shown in more detail in 
Fig. 6. The bleed holes in Type A Fig. 5, are not visible because 
the central tube obscures them. Type A can be installed in odd- 
shaped spaces, and Type B is to be preferred for use in pipes 


and in spaces where support at both ends is possible. For con- 


venience these types are designated as cantilever and fixed-beam 
wells, respectively. 

The recovery factors of wells having the dimensions shown in 
Fig. 6, as determined in air, are shown in Fig. 7, with the curve 
for the cup-type junction repeated from Fig. 4 for comparison. 
It will be noted that the recovery factor of the fixed-beam well is 
higher than that of the cantilever well, and that it changes less 
with velocity. Thus the use of the former is recommended 
wherever its installation is practicable. Due to the support at 
both ends, this type can be made smaller and lighter for use in a 
stream of given Mach number. Therefore it will block less of the 
flow passage and be less subject to errors from conduction. The 


= 


Tlic. 5 CANTILEVER AND Fixmp-Bram WELLS 


— 


MURDOCK, FIOCK—MEASUREMENT OF TEMPERATURES IN HIGH-VELOCITY STEAM 


stagnation pressure within the well can be transmitted through a 
connection at either end. It is to be noted that the inner well of 
either type will be retained in case of breakage. 

With the second air system mentioned previously, wells were 
installed at stations 3 and 4 in regions of fully developed pipe 
turbulence. Average total pressures were determined by Pitot- 
tube traverses at the test stations, after which the test wells were 
substituted and measurements were made at the same flow rates. 
Wells with 5, 7, and 9 holes of the size and spacing shown as 
Type B in Fig. 6, were used. The 5 and 7-hole wells were iden- 
tical with the 9-hole well, except for the omission of holes nearest 
the wall. Stagnation temperatures and pressures within the 
wells were measured, but because of heat loss only the latter are 
considered significant. 

All three wells were found to develop stagnation pressures which 
are higher than the average total pressure of the turbulent stream. 
As might be expected from the known form of the velocity gradi- 
ent, the 5-hole well, having holes only in the region of higher 
velocities, attains the higher stagnation pressure, and the 9-hole 
well is nearest to, but still above the average total pressure. It 
seems probable that a well of this type can be designed to attain 
the average total pressure more exactly, by proper location of the 
holes. Further investigations are planned. 

Another item of practical interest with regard to wells of this 
type is the effect of angle of attack 6, since the direction of flow 
in certain test spaces may be both unknown and variable. The 
effect of direction of flow upon the stagnation pressure attained 
in the 5-hole well was determined at station 2, and corresponding 
tests were made with the 9-hole well in regions of fully developed 
turbulence. These results are shown in the lower curves, Fig. 8, 
in which the position indicated by 0 deg designates that the larger 
holes in the well were pointed directly upstream. 

High sensitivity to angle of attack is undesirable, and some 
modification to reduce it seemed in order. To this end a !/.-in. 
length of tube was soldered to each of the upstream holes of the 
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5-hole well, at an angle of 90 deg with the axis of the well. This 
unit, again tested in the nozzle, gave the results shown in the 
uppermost curve in Fig. 8. The marked decrease in sensitivity 
to angle of attack indicates the desirability of using the projecting 
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tubes in applications where the direction of flow is uncertain. No 
tests have been made in steam with this type of well. 

Studies of the type described, obviously, should be made on a 
temperature as well as a pressure basis, and this will be under- 
taken in the near future. 


EVALUATION oF Fixep-Bram WELLS IN STEAM 


Test Equipment and Method. To date the tests in steam have 
been confined to fixed-beam wells in a straight run of pipe. 
Using the system shown diagrammatically in Fig. 9, the basic 
conditions of the superheated steam at station 1 were varied over 
the following ranges: Temperature, 450 to 625 F; pressure, 20 to 
200 psia; and flow rate, 10,000 to 30,000 Ib per hr. 

In a system having the dimensions indicated in Fig. 2, the 
maximum velocity attained in the throat of the nozzle (station 2): 
was about 725 fps. At station 4, the average velocity across the 
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section had a maximum value of approximately 1150 fps. 

As indicated in Fig. 9, steam produced in a superheat-control 
boiler passed through an appropriate sharp-edged metering ori- 
fice, a control valve Vi, and thence through a nozzle to the test 
station. After passing through a second control valve V2, it was 
condensed and led to one or the other of two tanks, which were 
weighed alternately every 3 min. The weighing-tank data 
were used in calibrating the metering orifice, the pressure drop 
across which could then be used as an accurate measure of the 
flow rate at any time of specific interest. 

Steam pressures were observed with a combination of 16-in. 
suppressed-zero Bourdon gages and high-pressure mercury man- 
ometers used differentially. Static pressures were measured at 
each station with a Bourdon gage connected to a sharp-edged 
pressure tap located flush with the inner wall and about one pipe 
diameter upstream. At each station a manometer was used to 
measure the difference between the static pressure and that inside 
the well. Appropriate steam traps were installed at the level of 
the test system in all gage and manometer lines, and corrections 
were applied for the water columns to the instruments located 
approximately 15 ft below. 

The measuring junction in each thermocouple well was located 
at the center of the pipe. However, a limited number of traverses 
showed no measurable difference in temperature over the cen- 
tral half-diameter. 

The entire test system was lagged with 4 in. of insulation suita- 
ble for service under the conditions of these tests. At each 
operating temperature and flow rate, one or more runs were made 
at high pressure and low velocity, i.e., with valve Vi, Fig. 9, 
open, and valve V; partially closed, in order to evaluate the heat 
leak through the lagging. In no instance was there a measurable 
loss between stations 1 and 2. The loss between stations 1 and 4 
was between 0.1 and 0.4 Btu per lb, depending on the temperature 
and the flow rate. In making the calculations for each run, the 
value of h; at station 2 was considered identical with that at 
station 1, and the heat leak (6h) between stations 1 and 4 was 
subtracted from the value of h; at station 1 to get the prevailing 
value of h; at station 4. 

In making a run, previously selected conditions were estab- 
lished in the boiler, and then in the test system by operating 
valves V; and V2. Observations were made only after a con- 
siderable time, in which a steady state was reached throughout 
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the test system and its insulation. Thereafter all temperatures 
and pressures were read in simultaneous cycles requiring about 2 
min, until changes observed in three successive cycles were in- 
significant. The drop in pressure across the metering orifice was 
read periodically in the same interval, and the weight of conden- 
sate was.determined every 3 min. 

Results Obtained With Steam. A great many tests with steam 
were required to establish the characteristics of the thermocouple 
wells. However, a summary of the results can be made simple, 
because it was found that the performance of the fixed-beam wells 
does not change significantly with either temperature, pressure, 
or flow rate, except in so far as these characteristics influence 
velocity. Therefore the results may be presented as a function 
of velocity alone, as is done in Fig. 10, for wells having the form 
and dimensions shown in Figs. 5B and 6B. The filled and open 
circles apply to wells located at stations 2 and 4, in regions of 
uniform and nonuniform velocity, respectively. In Fig. 10A, 
differences in temperature are plotted against velocity, and the 
same results are shown on an enthalpy basis in Fig. 10B. 

The total temperatures were calculated as follows: The value 
of hs can be obtained from the known values of h,, p,, and G, 
because Equation [2] and the relation 


must hold simultaneously, and because h, and v, are dependent 
variables. In the mechanics of solving Equations [2] and [5], 
an equation relating A, and v, may be used as suggested by 
Keenan.’ Alternatively, advantage may be taken of the rela- 
tion which is implicit in the steam tables, and h, may be caleu- 
lated by successive approximations, as was done in computing 
the present results. Knowing h, and », fixes the value of entropy, 
which in turn has the same value at the stagnant state. The 
latter is fully defined by the entropy and h,, so that the corre- 
sponding values of 7’, and p, may be read from the tables. 

The indicated enthalpy h, is that found in steam tables for the 
observed values of temperature 7’; and pressure p;. Corrections 
for heat leak were applied only at station 4, as explained pre- 
viously. 


7 “Friction Coefficients for the Compressible Flow of Steam,” by 
J.H. Keenan, Journal of Applied Mechanics, Trans. ASME, vol. 61, 
1939, p. A-11. 
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The most important fact demonstrated by Fig. 10 is that every 
experimental value of h; at both test stations is within less than 
one enthalpy unit of the value of h, determined at station 1. 
Thus the observed values of 7’; and p,, without any correction for 
recovery, establish values of enthalpy which are correct to 
within better than 1 Btu per Ib at velocities up to 725 fps, for 
both uniform flow and the velocity gradient characteristic of fully 
developed pipe turbulence. Therefore wells of the type de- 
scribed are recommended without qualification for use in steam, 
since these will give more accurate values of enthalpy, without cor- 
rection for imperfect recovery, than wells of any other type known 
to have been used in steam systems, 

The results obtained directly from the wells, without correction 
for recovery, are of the accuracy specified only because the re- 
covery factor is high. At first it might be thought that applica- 
tion of corrections based upon the known recovery factor would 
further reduce the error. This is correct if the well is located in a 
region of uniform velocity such as prevailed at station 2, as will 
be evident from the pattern of the filled circles in Fig. 10. These 
are all above the base line of zero error, and they show an upward 
trend with velocity. In fact, recovery factors calculated from 
these data are in excellent agreement with values obtained in 
air and shown in Fig. 7. 

On the other hand, when the well is located in a region of fully 
developed pipe turbulence, as at station 4, application of correc- 
tions for recovery, as determined in the nozzle, would increase 
the accuracy of the final results in the range of lower velocities 
and decrease it at high velocities. This is apparent from the 
pattern of the open circles in Fig. 10 which show a downward 
trend with increasing velocity and fall below the base line at high 
velocities. 

Corrections applied for imperfect recovery would lower all 
of the open circles and thus increase the errors of those points al- 
ready below the base line. 

To date the performance of the wells has been studied only in 
regions of uniform velocity and of velocity gradients charac- 
teristic of fully developed pipe turbulence. Neither of these flow 
patterns occurs frequently in operating steam systems, so that 
much experimental work remains to be done on the effects of up- 
stream disturbances created by valves, strainers, bends. ete. 
However, the results of such studies will serve merely to evaluate 
corrections which are believed to be quite small, and the interim 
use of the wells without correction seems to be in order. 

Problems Incident to Velocity Gradients in Steam. The problems 
incident to proper interpretation of results determined with wells 
located in regions where velocity gradients exist are believed to 
involve the nature of the sampling accomplished by the well, 
and the differences between steam and a perfect gas. Present 
results show that the net effect of these and the imperfect re- 
covery is very small in regions of fully developed pipe turbulence. 
This may not be the case in the presence of velocity gradients of 
other types. 

An analysis of the probable effects of velocity gradients is a 
desirable step in planning future experiments. Such a study has 
led to a plausible qualitative explanation of the apparent anoma- 
lies of Fig. 10, but its presentation here would require more 
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space than is available. Hence this will be postponed, pending 
completion of additional experimental work. 

In the course of future work in steam, it is hoped to study the 
performance of cantilever wells, to extend the present measure- 
ments to higher velocities, to measure the effects of upstream 
disturbances and angle of attack, and to determine the effective- 
ness of tubes projecting from the upstream openings in reducing 
the effects of the latter. 


CONCLUSION 


Meanwhile, the use of wells of this type in steam is recom- 
mended without qualification, since these will, without any cor- 
rection for recovery, give more accurate values of enthalpy than 
wells of any other type known to have been used in steam systems. 
The fixed-beam wells described, when installed in straight pipes, 
yield directly values of temperature and pressure which estab- 
lish the enthalpy of steam moving at velocities up to at least 725 
fps with an error of less than 1 Btu per lb, regardless of whether 
the flow is uniform or characteristic of pipe turbulence. 

Application of corrections for recovery of the wells reduces the 
remaining error in regions of uniform flow. However, the 
application of corrections determined in uniform flow to devices 
used in regions of nonuniform velocity may decrease the ac- 
curacy, so that, until more is known about the effects of gradients, 
itis considered wise to apply no corrections at all. 

Additional studies to be made in both air and steam systems 
are expected to yield only minor improvements in the perform- 
ance of the wells and in the interpretation of results obtained 
therewith. These improvements may be of practical importance 
where highest accuracy is essential, in which case the tempera- 
ture, pressure, and flow instrumentation must be highly refined 
and used with great care. Otherwise, some single error in 

neasurement may be greater than that due to imperfect re- 
covery, thus making the application of small corrections for the 
latter entirely futile. 
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Relay Servomechanisms 
The Shunt-Motor Servo With Inertia Load 


By T. A. ROGERS! anv W. C. HURTY,? LOS ANGELES, CALIF. 


This paper develops the theory of the shunt-motor relay 
servomechanism in terms of dimensionless motor param- 
eters. Operating curves are drawn in the phase plane 
illustrating the effect of parameter changes on the sta- 
bility of the servo for three forms of input signal. The 
first two forms of input signal, a step function and a uni- 
form variation with time, have been discussed before and 
are included only for completeness. The third form of 
input signal, a sine function, is of most interest and is 
treated at greater length. The phase-plane curves, ob- 
tained from a differential analyzer, show three modes of 
operation which have been related to the servomechanism 
parameters by a relatively simple expression. 


JNTRODUCTION 


ELAY servomechanisms have been used in several applica- 
tions requiring high performance with a minimum of com- 
plex apparatus. The general methods of analysis given in 

this paper have been discussed by Hazen (1),? MacColl (2), and 
Weiss (3) in earlier papers, and the application of the phase-plane 
diagram has been presented in some detail by Minorsky (4), and 
Andronow and Chaikin (5). 

The usefulness of the phase-plane diagram would be greatly in- 
creased if the motor parameters were expressed in dimensionless 
quantities having a limited variation about a median value of 
unity. In order to fulfill the requirements of dimensionless 
parameters, the techniques used by the electrical engineer when 
working with power machinery will be employed. These ideas 
are not new but a review of the concepts may be in order. 

All electrical machines have name plates stating those values 
of voltage, current, speed, power output, and frequency which 
the manufacturers consider as nominal when designing the ma- 
chine. Values deviating from name-plate values may be ex- 
pressed in actual values, per cent of rated values, or as a decimal 
ratio of the rated value. The decimal ratio has the advantage 
of being dimensionless and of entering directly into the computa- 
tions without the decimal-point trouble introduced by the per- 
centage notation. Since the decimal ratio of the existing value 
to the rated value has as its norm unity, instead of 100, it is called 
the “per unit value.” 

If, for example, a motor is operating at 90 volts instead of the 
rated 120volts and draws 1.2 amp from the line instead of 1.5 amp 
as rated, then it is operating at 0.75 per unit voltage and 0.8 
per unit line current. The usual abbreviation for per unit 
values is “pu.” 
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Direct-current motors are characterized by three physical re- 
lationships as follows: 


1 The torque developed on the armature is proportional to 
the product of the armature current, and the magnetic flux enter- 
ing the armature surface. 

2 The voltage generated in the armature conductors, due to 
their motion in the magnetic field, as a consequence of rotation, is 
proportional to the product of the angular speed and the mag- 
netic flux entering the armature surface. 

3 The armature-circuit relations for a motor are such that 
the voltage applied to the armature is composed of two com- 
ponents, namely, (a) the armature-circuit resistance drop; and 
(b) the generated, or back voltage. 


These three relationships may be expressed algebraically, for 
a shunt motor, as follows 


May. Tan Mbxttanunce tes bega ae (1] 
B= Ka S OOS aes eee (2] 
Ey = (HES ie, oltsyacad eee eee ae [3] 


where 


M = developed torque, lb-ft 
I, = armature current, amp 

® = useful or active magnetic flux, webers 
E, = generated or back voltage 

S = armature speed, rpm 

E = applied armature voltage, volts 
R, = total motor armature-circuit resistance, ohms 
Ky, Ke constants of proportionality 

Equations [1], [2], and [3] may be rewritten in terms of per- 
unit quantities by expressing all terms as ratios of the motor 
rated values. For the problem under investigation, the motor is 
considered to be operating at rated field flux corresponding to 
full voltage on the motor field 


i] 


Taw hiie| GUMenslon less) anes nese teen eee [4] 
dO ,,. ; 
eg = ky = (dimensionless) eens (5] 
OS Gen : m 
1, = (dimensionless)............ [6] 
Ta 
where 
oe M developed torque 
= per unit torque = SS 
es a " M, rated torque 
; 1s operating armature current 
i, = per unit current = = : 
_ rated armature current 
k, = constant (dimensionless) 
a res: E, generated voltage 
= : , generated voltage = = == 2 
°o A gees 2 : aE rated voltage 
; 6) output angle 
6) = per unit angle = = 


(3) rated angle 


r 
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@, = rated angle by definition, “angle the motor passes 
through in 1 sec at rated angular velocity” 
ko = constant — seconds 
; : applied voltage 
é = per unit applied voltage = Shedd Foltage 
7, = per unit resistance 
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tion of motion under conditions of a positive error greater than 
the dead zone 


2 y 
J, Wey, Mike, O0y ee [10] 
M, dt r, at "aq 


In order that the relay servo be correctly described in its mo- 


Rated armature current in amperes X armature resistance in ohms 


Rated voltage 


k, and ky should be determined from test data under operating 


conditions. 


Reuay Servo Wits InertraA Loap 


A relay servo with an equivalent inertia load on the motor 
shaft may be represented as in Fig. 1. 


SCHEMATIC OFA RELAY SERVO 


Fig. 1 Scuematic or A RELAY SERVO 


The electrical connections are arranged in such a manner that, 
for every input angle @,, the relays operate the motor to make 6 
approach the value of 6;. The difference between these two val- 
ues is called the error and is defined as 


a : 
& = 6; — — per unit 
n 


The term &> is one half the dead space between the relay oper- 
ating points and is taken to be symmetrical about the point of 
zeroerror. There are, therefore, three conditions of motor opera- 
tion; (a) full voltage on the motor armature in the forward di- 
rection, (b) the motor armature short-circuited for dynamic 
braking, and (c) full voltage on the motor in the reverse direc- 
tion. The motor performance is described by a linear differen- 
tial equation, for each of these conditions of operation, as de- 
rived from Equations [4], [5], and [6]. 

Substitute Equation [5] in [6] and the result in Equation [4] 
to obtain the equation for the per unit developed torque 


hike dO : . 
: oe (dimensionless).......... [7] 


The developed torque is opposed by the inertia torque if 
windage and friction are neglected. Then 


where 
J = moment of inertia referred to motor shaft, (lb-ft sec?) units 


Equation [8] must be corrected to dimensionless units by 
dividing by rated M, and then converting the angle to per unit 
angle. The result is 


The combination of Equations [8] and [9] produce the equa- 


tion, there must be two more equations corresponding to the 
other zones of operation 


J d70,  Kyke d% 
=0 for —& <6<°+ &. {11 
tiett Gia tor danl ‘cua 1 ol ee 
and 
J 16 kiko d4 hye f 
ad =—. for §.< ——S5 sae 
Mage a Forte ta “scgaae 


Equation [10] describes the forward motion, Equation [11] the 
braking action, and Equation [12] the reverse motion. 

These equations are in terms of per unit angle and seconds of 
time. Motors may have a wide range of rated speeds and arma- 
ture inertia, and it will be convenient to express time in terms of a 
dimensionless unit such as a ‘“‘time constant.’”’ Dimensionless 
time is expressed as 


where 


IIS ae 


7 eine 


yy 


A new velocity and acceleration are then written as 


6) dt — d& 
dk ide wiadde 


hence, with the relation (dt)/(d7) = T 


Tap it haope ills saug ocak aac eee {13] 
and in a similar manner 
LA Wer Lt 
a 7 POPIAS. «APA aS {14] 
Equations [10], [11], and [12] are then written as 
go +¢ ones &>6& 1 
oo + go Myke? Oiers Govoce ae Deets {15} 
do “bu 0 185 <8 eae ee [16] 
spinal) Ny Jr,0,€ prentan 7 
go + do ae Neteecrensiecue [ , ] 


The range of factors on the right of Equations [15] and [17] for 
normally designed motors may be 


0.06 < r, < 0.2 (dimensionless) 
0.8 <e< 1.5 (dimensionless) 
0.8 < k, < 1.5 (dimensionless) 
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0.7 < ke < 2.0 sec 


OVS =< 7 < 2.0 sec? 
and the dimensionless term (J0,7,¢)/(M,kik:?) may range from a 
minimum of 0.05 to a maximum of 1.5. Under actual condi- 
tions the value may cover a smaller range about 1. 

The equations of motion, Equations [15], [16], and [17], are 
in terms of per unit motor-shaft angle and per unit time. It will 
be more convenient in discussing the servo performance to have 
the results in terms of the per unit error angle and per unit time 


65 = m(6; —"S) perunit,.............. {18] 


In the usual case @; is some function of time and should be repre- 
sented as 6;(,); however, only three cases are of general impor- 
tance and will be considered in this discussion as follows 


Cased) X(t) = Oey radians-—-conStecdhens seer eee es [19] 
Gaserz O06) =" mic Os(0) TACIANS).< 6. 6s est eco e waa [20 
Gases Oe) — 14 Cos (FE a) Tadians.<..6.. 65.6. c cies [21] 


Rewriting Equations [19], [20], and [21] in terms of 7 and per 
unit angle 


Case oda P= Oxo permunitine ©. 200). I ed) [22] 
mT : 

Caner me rT Osoy DEL UNG we cree wats Saas oe [23] 
A : 

Case 3 6;(r) = 7% cos (877 + a) per umit.....:....... [24] 


r 


From Equations [13], [14], and [18] 


d d d 
=) = a 6; T op ee BL eras Soe 2, 
te Satan Oh (2 are a :) 25] 
be da? (6) ad i d* A (26 | 
go = de o) =n Ag t(r) “EE Spi bia a 


Substituting Equations [25] and [26] in [15], [16], and [17] 
where 


Jr O,¢ 


B= Se ee OF ee a P27 | 
M kyke2n 
then 
3 d? 
6-6 =—B + Cry O57) ae ~ G(r) Se. Cosress [28] 
T 
é ee <+ [29 | 
& = Gi¢r Osiry —E<E tee 
+ § qe 4 Sees “ (z) 0 
es , a? d 
ee a SB O57) ta (7), Cl a 0. [OU] 
dr® dr 


Equation [28] corresponds to Equation [15], Equation [29] to 
Equation [16], and Equation [30] to Equation [17]. 

Equations [28], [29], and [30] are general for the problem under 
study, and there remains only the substitution of Equations 
[19], [20], and [21] to formulate the equations for Cases 1, 2, and 


eo: 


Case 1. From Equation [22] 6;(7) is a constant, hence 


d ae 
Oi(7) 


Ais sy ak eae 
T 
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and Hquations [28], [29], and [80] reduce to 
=#+8 =—B eee 4. See eee [31] 
Go 6] = Ores < 6 She eye, nce [32] 
é+és =+B Tee Ue rect mee a6 


This problem has been discussed by MacColl (2) for a single 
value of the parameter B. Additional data are given here for a 
range of values of B. 

Equations [31], [32], and [83] may be integrated by separation 
of variable. Since phase-plane diagrams are desired, let 


pt ad dee de 
7° Wide dg di 
4 , 
dees 
and the equations become 
dente o 
ee aati 
qe Sap 
ee Ad 
— =0 
dé & SF Xe 
Dbos4 re 
Fer Sie eye ER 
ds 


upon integration there results 


& =—B— @+Bin(B + &) + const &> &....... [34] 
Se = Conste—— S a Se eee (35 ] 
6 = +B— ¢— Bln (—B + 8) + const & < —&. . [36] 


These equations completely represent the relay servo opera- 
tion in the phase plane. It should be noted that the &-curves 
as a function of & are determinable to a constant and hence, 
once a curve is determined, any other curve may be found by 
shifting the first curve parallel to the &-axis. 

Fig. 2 illustrates curves for various values of B from 0 to 4, 
and may be used directly for design. 

Case 2. The derivatives of Equation [23] are 


d mT ~ 
== Oi 
dr 0, 
which is a constant D 
d? 
‘dr? 2 re) = 0 


and Equations [28], [29], and [30] become 
Spee 8 tS eee > ey a [37] 
8+6 = +D —H<8<+4+&.......... [38] 
&+8 =+B+D &<—&....... 


Upon integration in the same manner as for Case 1, the equa- 
tions reduce to 


gee —(B — D) —s.+ (8B — D) In (B—D) + 8} 
BEINN, RS Pe ke ooosaos oe - > LEO 
6 = D— § —DIn(—D + 8) + const 1H, s Peal) 
§ = +(B + D)—& —(B + D)In[-(B + D) + 6) + 
GOnste I< SaSGy Tees wale tee {42} 
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These equations represent the relay operation in the phase 
plane. It should be noted that Equation [40] is similar to 
Equation [34] upon substitution of B = (B — D) in Equation 
[40]; Equation [41] upon substitution of B = D becomes Equa- 
tion [36]; and Equation [42] upon substitution of B = (B + D) 
becomes Equation [36]. Curves for design purposes may be 
obtained from Fig. 2. 

Case 3. Case 3 is by far the most interesting in servo applica- 
tion because of the numerous occurrences, and the difficulty met 
in reducing the equations to phase-plane trajectories. 

From Equation [24] the following derivatives are obtained 


d A 
FA; OG) ee 6, BT sin (6BT7r + a) 
d? A 
dr? 6i¢7) = — a 6?T? cos (BTr + a) 


r 


Substituting in Equations [28], [29], and [380] and defining 


i 
— Ee, =" COS 6 
F V1 + pT? 
and ee ee = sin 6 
V1 + pT? 
then 
' A ae 
SS Saas BT A\/1 + BT? sin (8Tr +a + 8)8>& 
ee ee es On ere: [43] 
Jae A ye 
ea pT V1 + BT? sin (BTr + @ + 8) 
a tS KS Ee co 050 oc [44] 


A mae 
Piet V/1 + 6°T?sin (BTr + a + 8)8<—& 


r 


on 

+ 

oo 
Il 


Case 38, as represented by Equations [43], [44], and [45], 
cannot be reduced to equations independent of time such as are 
necessary for phase-plane trajectories, and other methods must 
be used. Of course each equation is a linear differential equa- 
tion with constant coefficients, and the solutions are well-known 


factors of the time 7. One possible method of solving Case 3 is 
to compute step-by-step numerical data for each branch of the 
trajectory until it reaches steady state. Such a procedure is 
tedious, to say the least, and would not be practical for many 
solutions. 

Since the purpose of this investigation is to determine design 
criteria, if possible, which would be sufficiently general to be of 
value to the servo user, a more efficient attack on the problem is 
needed. The mechanical differential analyzer is suited to this 
problem and was used to obtain over 50 solutions for wide ranges 
of the variables. 

The phase-plane trajectories fell into three distinct classes as 
illustrated in Figs. 3, 4, and 5. ach class was characterized by 
a limit cycle having a period equal to that of the driving force, 
which in this case is the same as the period of the input angle, 
and having a stable motion that repeats over the same path for 
each successive cycle. 

The limit cycle shown in Fig. 3 is somewhat analogous to 
resonance in linear systems in that the amplitude is large. From 
the point of view of the servo designer the motion appears to be 
unstable since the output does not follow the input with any- 
thing resembling a small error. By definition this type of mo- 
tion will be called “unstable performance.” 

The limit cycle shown in Fig. 4 is more desirable from the 
operating point of view since the servo follows the input very 
closely in one direction, but lags the input in the other direction. 
By definition this type of motion shall be called ‘quasi-stable 
performance.” In this motion the motor approaches one side of 
the dead space with approximately the velocity of the input 
angle and is able to follow the input for about a half-cycle. As 
indicated by the number of small loops, the motor-relay com- 
bination chatters about one edge of the dead space until the 
input angle reverses direction. At the instant of reversal the 
input velocity is zero, and the motor velocity is almost zero if not 
zero. The motor remains stationary until the input has moved 
sufficiently so that the error passes through zero to the other side - 
of the dead zone. By this time the relative velocity of the input 
to the output is so great that the motor is unable to accelerate 
fast enough to overcome the input lead. The motor continues 
to follow without catching up until the input again reverses and 
the cycle repeats. 

The limit cycle which is shown in Fig. 5 represents a de- 
sirable servo action in that the motor follows the input very 
closely by chattering about each side of the dead space. By defi- 
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nition this type of motion shal) be called “stable performance.” 

Since the relay servo is a physical system, and the parameters 
may be varied uniformly over wide ranges, one might expect that 
the three types of motion are different phases of the same mo- 
tion, and that these phases have no sharp line of separation. Re- 
sults obtained from the differential analyzer show that the phases 
do blend smoothly without sharply defined boundaries but it is 
possible to predict with a reasonable accuracy the type of motion. 

Most of the phase-plane trajectories were taken for a dead 
space of +& = 0.1 per unit angle and correlations for unstable, 
quasi-stable, and stable performance were referred to this dead 
space as a base. The best correlations were obtained by use of 
the following empirical expression 


N < 0.6 stable performance 

ABT?\/1 + BT? & 0.6 < N < 0.85 quasi-stable | 
ze ~ Cie performance 
N > 0.85 unstable performance 


N 


) 
46] 
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40 SO 
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Fig. 6 illustrates the type of correlation obtained. The fit 
is not perfect as there are two points not in the proper region but 
since sharp boundaries are not to be expected, the fit is sufficient 
for use as a design aid. 


Errecr or Drap-Zong WIDTH 


The empirical expression for V, Equation [46], indicates that 
as the dead-zone width increases, the servo becomes more un- 
stable in performance. This is confirmed by the results shown 
in Figs. 7 to 11, inclusive, where the dead zone has been increased 
in width from zero to 0.15. 

The phase-piane trajectories go from a perfectly stable per- 
formance, one that closes down on the point of zero error, Fig. 
7, through successively less stable performances, Figs. 8 and 9, 
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to the unstable performance in Fig. 12. The quasi-stable per- 
formance lies in the upper portion of the region defined by 
Equation [46], as indicated by a comparison of Figs. 9 and 10. 
The servo has not yet reached the quasi-stable state for the con- 
ditions of Fig. 9, and has just passed through that state for the 
conditions of Fig. 10. 

The introduction of a relay time lag always decreases the sta- 
bility of the servo. A comparison of Fig. 12 with Fig. 11 indi- 
cates that with time lag the maximum errors increase, and the 
limit cycle becomes more open. 

A similar sequence, Figs. 18, 14, and 15, shows the effect of in- 
creasing dead-zone width on a trajectory for unstable perform- 
ance. As predicted from Equation [46], the unstable limit cycle 
does not become more stable. On the other hand, once the servo 
is unstable and as long as the driving amplitude, A/@,, is less 
than one half the dead-zone width, &, the maximum error does 
not change appreciably. Table 1 in the Appendix shows that 
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for a change of dead zone from +0.1 to +0.75, the maximum 
amplitude changes from 1.362 to 1.380. When the dead zone is 
+1.0 the maximum amplitude decreases slightly to 1.345, and 
when the dead zone exceeds the driving amplitude, the servo 
motor eventually comes to rest within the dead zone at such a 
point that the relays are never excited. The error trajectory is 
then equal to the input trajectory and is a circle or ellipse. 

An estimate of the maximum error may be found from the ex- 
pression derived in the Appendix. 

The effect of relay time lag again increases the maximum error, 
for the case shown in Figs. 14 and 16, from a value of 1.377 to a 
value of 1.500. 


ARMATURE-CIRCUIT RESISTANCE 


It would appear from physical reasoning that upon increasing 
the armature-circuit resistance, the servomotor response would 
be more sluggish, and possibly the performance would be more 
stable. This is not the case, however, since the armature-cir- 
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ERROR € 
Fig. 16 Retay Time Devay = 0.17 


cuit resistance enters into both the parameter B and the time 
constant 7. With a change in the time constant 7’, there is an 
accompanying change in the size of the units of 7’ and a change 
in the size of the units of error velocity §. 

External resistance may be included in the armature circuit, 
provided it is included in the armature circuit for all conditions 
of operation. In other words, this analysis does not account 
for a voltage source with an internal resistance. 


CoNCLUSIONS 


This study has indicated the difficulties encountered in relay 
servo investigations whenever the input is a function of time. 
There appears to be no direct method of solving for phase-plane 
trajectories in problems of the Case 3 type where the first and 
second derivatives of the input functions are functions of time. 
In these cases, one approach to the problem seems to be by way 
of differential-analyzer solutions for many varied cases, and an 
attempt to correlate the results. 

The results of this study have been sufficiently encouraging to 
warrant a continuation of the work for various output-load 
systems and various types of motors. Additional studies should 
be made to account for such items as relay operating lag, static 
friction, and Coulomb friction. 
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Appendix 


Maximum Error of A Servo Wits UNSTABLE PERFORMANCE 


Any servo, operating with a sinusoidally varying input, 
eventually must reach a limit cycle, on the phase plane, of a 
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period equal to the input period. If, for instance, the servo 
starts with a very large error, or error velocity, or a combination 
of both, the nature of the electrical connections are such as to re- 
duce these errors to some minimum value. On the other hand, 
if the servomotor started from rest at the instant of both zero 
error and zero-error velocity, the change of input eventually 
would cause the relays to operate and start the motor. Once 
the motor has started, the amount of overshoot increases as it 
passes through the boundaries of the dead space until it reaches 
some limit such that the time for one cycle is just equal to the in- 
put period. 

It is difficult to prove that these two limit cycles are identical, 
but mechanical solutions of the equations. for the cases studied 
have always led to one and only one limit cycle for a given set 
of parameters. The limit cycle always has the same period as 
the servo input. 

If the trajectory of the servo with unstable performance is 
considered, then since the input is symmetrical in its excursions 
about an average value, it might be expected that the servomotor 
and also the error would be symmetrical about some average 
value. For the phase-plane trajectory, the average value is the 
origin, and the trajectory has mirror symmetry about the origin 
with events occurring at the intersections of any line through 
the origin separated by a half-period in time. 

It is proposed to solve the differential equations for each branch 
of the unstable trajectory, evaluate the constants of integration, 
the phase angle, and the time of travel over one branch, in order 
to have sufficient data to estimate the maximum error. The 
limit cycle to be investigated is shown in Fig. 17, with each branch 
lettered, and all points of importance numbered. The solutions 
are to be evaluated as if 7 were zero at the beginning of each 
branch and the sinusoidal time functions adjusted to fit the junc- 
tion points. 

The period of the unstable servo is (27)/(87') and the half- 
period is r/(67T) =T. 

Reference to Fig. 17 and the condition of mirror symmetry 


& = —8&s = & | 
- : Oh deuheag be eS ee [47] 
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ied tes a me ererrser: [48] 
8) ae 


The equations for each branch of the trajectory as obtained 
from the differential equations [48], [44], and [45] are as fol-~ 
lows 
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Branch V 
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Branch W 


A 
&§&=P,e+ Pre 7 + Brt a cos (BTr + a@)..... [53] 
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Fig. 17 Limit Cycie ror a RELAY SERVO 


Branch X 
A 
& = Py + Pye 7 + 5 cos (BTr + a)........ [55] 
: A ’ 
& = —Pye 7 — = SOMA GS ip =) deco ae [56 ] 
b 


It can be shown by use of the symmetry condition, that 


Py = —P, 
125 Sy ery 
SSN a Sa 
12 
Also 
eat ir ae ee vase inet sys scene a eee (57) 


and it is necessary to consider only Branches U and V in deter- 
mining the constants, P;, P2, Ps, Ps, a, Ty. 
At point 1 for 7 = 0on Branch U 
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At Point 3 for 7 = 7, 0n Branch U 


A 
& = DER + Pre ™ — Br, nr fee (BT 7, + a) = &. . [60] 


A 
Bs Saha Boo B lunar We ee a eat ote <x [61] 
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At Point 4 for 7 = 0 on Branch V 
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Note that (877, + «@) is the angle that the input has at the 
start of Branch V. 
At Point 5 for + = 7, on Branch V 


A 
6& = Ps + Poe ™ + a cos[BT(7, +7,) + a] 
Since 7, +7, =T, and B7T = 7 


F A 
Bb = Laci 6 bare wt ines COs Sa ae? wencttte (64 } 


From the relations, Equations [47] and [48], and the Equa- 
tions [58] through [65], the constants of integration are deter- 
mined in functions of 7, 


hem tae Brae Sughd ie Geta th Aedes [66 } 
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Substitute Equations [47] and [48] in Equation [58] and solve 
for cos a 


6. 1 yp ee) 
cos a = “| 3 (: +3) iB Co }] [70] 


Substitute Equations [50] and [51] in Equation [62] and solve for 
cos (BTr, + a) 


6, 1 1—.™ 
eos (8 Try Ha )ie | OU Aisa | eee a 


It is not possible to solve Equations [70] and [71] explicitly 
for a and r,, but values may be obtained by numerical or graphi- 
cal methods. 

Tt should be observed that if & is zero, then 7, = T andr, = 0. 
For this case Equations [66] to [71] reduce to 


P= B(i1 +r) pina Leer 9, > (72] 
2 

pee 2(-) tet a Saee es [73] 

poe ire 74 

Sek te at ] 

P (5) (75] 

5 jeden Eh otis ia a ranpeltes arcethesie ae aoe oO 


Be, 2 1 k 
cos a = z) {eat apa Ele rees: (76 ] 
Equation [71] reduces to Equation [76]. 

The point of maximum error occurs at the point & = 0 and 
hence an exact solution may be obtained numerically for 7(¢=0) 
upon substitution of values for Equation [48], a, and r, obtained 
from Equations [66], [70], and [71]. The value of r(g=0), to- 
gether with Equation [48], a and r, may then be substituted in 
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Equation [49] for Smax... This procedure represents considerable TABLE 1 VARIATION IN émax bE eat OF &0 
numerical work that is necessary only for an exact result. In noe aes Pies, 
most practical cases the results will be sufficiently accurate if 0 1.359 0 (base) 
7(g20) is taken as 1/27,. Again, if a greater tolerance is ullowa- oe ate Toe 
ble in the values of Smax, the value obtained from the case of ee ae #15 
1.00 1.345 i 


& = 0 may be used, and the values from Equations [72], [73], 
(76], and 7 = 1/21 substituted in Equation [49]. 

The maximum error for the case where A/0, = 1, B = 1, 
gT =1, and & varies from zero to 1 is shown in Table 1, repre- 


senting results from differential-analyzer curves, and is well 
within +2 per cent of the value obtained for & = 0. 


Cable-Pulley Friction 


By W. E. SCHORR,? NEW YORK, N. Y. 


The factors contributing to the friction in cable-pulley 
or rope systems are analyzed, and an empirical equation 
for calculating this friction is derived. 


NOMENCLATURE 


The following nomenclature is used in the paper: 


dad = diameter of cable, in. 

d, = diameter of pulley-throat groove, in. 

d, = diameter of pulley shaft, in. 

D = effective diameter of pulley, in. 

e = misalignment of cable, deg 

f, = coefficient of friction of bearing, based on shaft 
diameter 

fy’ = coefficient of friction of bearing, based on pulley 
diameter 


f. = eable bending factor 


f, = coefficient of sliding friction of cable-pulley materials 
Fz = bearing friction, lb 

F, = cable bending friction, lb 

F, = friction due to inertia effects, Ib 

Fmax = maximum cable bending friction, Ib 

F, = total friction, lb 

I = inertia effects 

1 = length of lay of cable, in. 

nm = number of strands in cable (not including core) 
N = normal load on pulley, Ib 

T = cable tension, lb 

6 = angle of cable bend, deg 

8. = critical angle of cable bend, deg 

6, = angle of full cable bend, deg 

Y = pulley design factor 


The symbols are illustrated in Fig. 1. 


Neha! 6 


ILLUSTRATING NOMENCLATURE 


1 Based on a thesis submitted to the Graduate Division of the 
College of Engineering in partial fulfillment of the requirements for 
the degree of Master of Mechanical Engineering at New York Uni- 
versity. 

2 Instructor, New York University. Jun. ASME. 

Contributed by the Machine Design Division and presented at 
the Spring Meeting, Washington, D. C., April 12-14, 1950, of THE 
AMERICAN SocipTy oF MECHANICAL ENGINEERS. 

Norse: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, 
February 7, 1950. Paper No. 50—S8-17. 


INTRODUCTION 


Cable-pulley systems or rope drives are used both for the trans- 
mission of power from one rotating shaft to another and for the 
transmission of a force or motion from one point to another. 
In the former case, much friction is desired between the pulley 
and the cable in order that the power of the driver pulley be trans- 
mitted undiminished to the driven pulley. Basic information is 
readily available on the variables involved in this application. 

In the case of motion transmission, such as is experienced in 
control systems, hoisting, haulage and transporting services, how- 
ever, the transfer of a force by means of a cable is desired. The 
pulleys are used merely to direct the force from the point of ap- 
plication to the point of action. The presence of large frictional 
losses in such systems has a detrimental effect upon the operation 
and life of the system and should be avoided. 

This problem becomes especially important in control systems 
such as are used in aircraft where limitations of equipment and 
design exist, where quick and dependable action is of utmost 
importance, and where manual overcoming of the friction of the 
system may result in undue exhaustion of the pilot. In other 
applications, even though the problem is of lesser importance, 
the minimizing of the friction of the system wil] result in higher 
efficiency and more satisiactory operation. 

Basic information as to the relative importance of the factors 
involved in these applications is lacking, however, and little data 
exist which will enable the energy losses of the systems to be cal- 
culated. This paper studies some of the variables involved and 
condenses them into a useful empirical equation as determined 
from experimental data. 


PRELIMINARY ANALYSIS 


The preliminary analysis indicates that the factors involved 
in cable-pulley total friction Ff; are d, cable diameter; D, effec- 
tive pulley diameter; 6, angle of cable bend; 7’, cable tension; 
e, cable misalignment; /;, f., fp, bearing, cable, and pulley friction 
factors, respectively; y, pulley design factor; and /, inertia fac- 
tor. The coefficient of friction f, will depend upon the type of 
bearing (plain, ball, or roller), and the operating conditions. The 
cable bending factor f, will depend upon the design, flexibility, 
censiruction, and material of the cable. The coefficient of slid- 
ing friction f, will depend upon the materials of the cable and the 
pulley. The pulley factor y will depend upon the material and 
design of the pulley, such as groove shape, groove radius, and 
so forth. 

Moreover, the total friction arises from several sources and 
may be separated into (1) friction in the bearing F's, (2) internal 
friction of the cable in flexing and digging into the pulley F,, and 
(3) the energy expended in overcoming the inertia effects of the 
system, F, 


fe Pete bre by eee [1] 


Bearing Friction, Fg. The loss due to the sliding contact of 
the rotating pulley on its shaft may be expressed as 


where fy’ is the coefficient of friction at the point where F’, is 


applied. 
The coefficient of friction f, is usually expressed in terms of the 
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shaft diameter, d,. However, since the bearing loss must be 
overcome by a force applied at the effective pulley diameter D, 
the coefficient must be re expressed in terms of the pulley diameter 
(fy), or a correction ratio be applied 


The normal load N may be expressed in terms of the cable ten- 
sion 7’ and the angle of cable bend @ as shown in Fig. 2. Thus 


SOT (DPN O COsiO) 7 Ont ea ee ee 
N 
2! 
N= T°+ T°-2TT Cos 0 
N= T (2-2 Cos 8) * 


Fic. 2. Reso.tuTion oF Forces 


Therefore the bearing friction may be given as 


= LCD) O06 0) 2 ars ted eae [5] 


Cable Bending Friction, F,. The wire rope used in control 
systems and wire drives is composed of several wires which are 
helically wound around another wire to form a strand. Several 
of these strands are then helically wound around a core (wire or 
fiber) to complete the cable. In bending around a pulley or 
sheave, the individual wires must be free to move in order to con- 
form to the contour of the pulley. This movement expends en- 
ergy, since it will result in tension in the outer wires of the bend 
and compression in the inner wires in contact with the pulley. 
Moreover, there will be sliding friction as the individual wires 
rub against one another and against the surface of the pulley as 
the cable conforms to the desired curvature. The cable bending 
friction F, will be a function of d, D, 0, T, e, f., fp, and y, as pre- 
viously defined. 

Friction Due to Inertia Effects, F;. Since more initial force is 
required to start a system moving from rest, overcoming inertia 
effects, than is necessary to keep it moving, there exists both a 
static and a dynamic condition of friction in a cable-pulley sys- 
tem. The inertia effects will depend upon the weights of the 
moving components of the system, their moments of inertia, the 
velocity of the cable in moving over the pulleys, and any vibra- 
tions present in the system. 

Test Conditions. The foregoing analysis indicates that the 

- variables involved are too numerous for all to be considered in the 

present investigation. However, since the problem of friction is 
not as important where the pulleys are few and where factors such 
as weight and space are secondary, the actual tests will be con- 
ducted with regard to an application where the conditions are 
serious, for example, the control system of an aircraft. The test 
data obtained will therefore be directly applicable only to these 
systems (or to systems using identical test specimens), but the 
general form of the solutions will hold for all applications, ex- 
cept for actual values of constants and coefficients. 

The components of aircraft control systems have been specl- 
fied by military and governmental agencies, and thus several of 
the variables involved will remain constant in all such systems 
and need not be investigated. 

Cable. Specifications require that 7 X 19 extra-flexible stain- 
less-steel cable be used. The present tests were limited to the 
use of this type of cable, and so the cable factor f, was not varied. 

Pulley. AN 210 (AN-FFP-796) micarta pulleys with anti- 
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friction ball bearings (K series) were used. This limits f, to 
micarta-steel, y to AN 210 design, and f, to antifriction ball bear- 


ings. 

Operating Conditions: 

1 The-combinations of cables and pulleys that may be used 
together are specified by AN-FFP-796, and so only these were 
tested. 

2 Misalignment e must be avoided and kept below 1'/, deg 
in all acceptable systems. The effects of misalignment were 
kept at zero, and thus variations were not investigated in this 
test. 

3 Since vibrations always exist in an aircraft while in flight, 
and since no excessive linear velocities of cable are involved, the 
static friction is eliminated and therefore only the dynamic 
friction was.investigated (eliminates F’,). 


The foregoing limitations reduce the variables to be investi- 
gated to d, D, 0, and 7’ and changes the total friction to the total 
dynamic friction so that 


Test Setup anD MretTHop 


Since the preliminary analysis indicated that the variables 
D, d, 0, and 7 must be investigated, a test jig was designed which 
would allow for the necessary variation in these factors. The 
test setup is shown in Fig. 3. 


TEST PULLEYS 
E Wi \ ANGLE DISK 
LZ / TEST CABLE 


7 DYNAMOMETER 
> * 
; aS % | TURNBUCKLE 
Aveiouts (FD i = 


Fie. 3. Serup Usep In Casie-Putiey Friction Tests 


Fra. 4 


MovuntTING or PULLEYS 


The apparatus accommodated all standard pulleys from 1 to 
6 in, diam, in combination with all cable sizes, and permitted all 


angles of cable bend from 0 to 180 deg at any desired cable ten-’ 
Four identical test pulleys were tested on the jig at one 


sion, 
time, all at the same cable bend as determined by the angle disk. 


A close-up showing the mounting of the test pulleys is given in 
The cable tension was adjusted by means of a turn- 
A weighted tray and 
small spring scale were connected by means of a cord over an 


Fig. 4. 
buckle and measured by a dynamometer. 


idler pulley to one groove of a double-grooved guide pulley, 


while the test cable ran over the second groove and over the four 
A force was applied on the scale (or the scale in 


test pulleys. 


fo ue ba 
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TOTAL DYNAMIC FRICTION - LBS. 


PULLEY DIAMETER - IN 


Fie. 8 Toray Dynamic Friction Versus Putunry DIAMETER 


(3/1e-in. cable, 400-lb cable tension.) 


conjunction with the weights in the tray), until the system moved 
at a constant velocity. The velocity or speed of the cable of the 
test was approximately 1.5 fps for a test distance of about 6 ft. 
The force as read on the scale plus the weights in the tray repre- 
sented the friction of the entire system. 

One run was taken at zero angle of cable bend. This repre- 
sented the tare of the system, that is, the friction of the system 
minus the four test pulleys. By subtracting the tare value from 
the total value measured, the net friction of the test pulleys alone 
was determined. Since four test pulleys were involved, this net 
friction was divided by 4 to obtain the friction per pulley. 

The pulley-cable combinations tested were as follows: 


Pulley Cable 
3A 3/32 ,1/ 8, 10/32, 3/16. 
4A 3/32, 1/8, 5/32, 3/16 
5A 1/8, 5/32, 3/16, 1/4 
6A 3/16, 1/4 


The bearing-friction tests were conducted in two ways. For 
the light bearing loads, a very flexible fiber rope was wrapped 
around two identical test pulleys, and the force required to keep 
the system in motion at constant speed was measured. Since the 
fiber cord was very flexible, the cable bending friction was negli- 
gible, and the force applied merely overcame the friction present 
at the bearings of the two pulleys. The setup is illustrated in 
Fig. 5(a). 

For the heavier bearings loads, a force was imposed on two 
stationary test pulleys by means of a cable-and-turnbuckle 
arrangement. The torque required to turn the shaft passing 
through the pulleys was then measured. The friction values re- 
sulting were divided by 2 to obtain the bearing friction per 
pulley. This setup is shown in Fig. 5(0). 


Test RESULTS 


From the test data obtained, the following relationships were 
plotted for all of the pulley-cable combinations which were tested: 
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Dynamic Friction Versus CaBLE DIAMETER 
(4A pulley, 400-lb cable tension.) 
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Curve 1 Total friction versus cable tension (Fr vs T') 
Curve 2 Total friction versus cable bend (Fr vs 6) 
Curve 3 Total friction versus pulley diameter (Fr vs D) 
Curve 4 Total friction versus cable diameter (Fr vs d) 
Curve 5 Bearing friction versus normal load (F's vs NV) 


Typical examples of Curves 1 to 4 are shown in Figs. 6 to 9, in- 
clusive. Since the normal load N, may be expressed in terms of 
T and @ (see Equation [4]), the bearing-friction curves(/’, versus 
N) were redrawn in terms of the cable bend 6, for constant values 
of cable tension 7’. 

Also, since it was determined originally that Fp = Fz + F, 
(see Equation [6]), the bearing friction was subtracted from the 
total friction, and the relationships for the cable-bending friction 
F,, were obtained. 

The data and curves indicated immediately that Fp (Fg, and 
F, also) varied directly with the cable tension 7 within the test 
range, and so only the variables 6, D, and d required further con- 
sideration. Therefore the following curves were plotted: 


Curve 6 Bearing friction versus cable bend (Fs vs @) 

Curve 7 Cable bending friction versus cable bend (F- vs 6) 

Curve 8 Cable bending friction versus pulley diameter (fF. vs D) 
Curve 9 Cable bending friction versus cable diameter (Ff. vs d) 


Curves 6 to 9 are shown in Figs. 10 to 12, inclusive. 

Bearing Friction, Fg. The test data indicated that the bearing 
friction was directly proportional to the normal load, and thus 
the initial analysis was substantiated. The equation for the 
bearing friction is therefore 


fe Say T2 22 deus 6) Aen), A ee [5] 


Cable Bending Friction, F,. The curve of cable bending fric- 
tion versus cable bend (F, versus @) indicated that the friction in- 
creased parabolically from a zero cable bend, reached a maximum 
value, and then remained essentially constant at the maxi- 
mum value up to a complete bend of 180 deg. This suggested 
that a critical angle of bend existed for every pulley-cable com- 
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Fic. 10 Friction Versus CABLE BEND 
(4A pulley, 3/is-in. cable, 400-lb cable tension.) 


bination, an angle above which the cable bending friction was 
essentially independent of increased cable wrap. This critical 
angle 6, was investigated, and an empirical equation in terms of 
dand D was derived. This was readily done since the curves of 
6, versus d, and @, versus D plotted approximately as straight lines 
on log-log paper, within the test range, Figs. 13 and 14. The de- 
rived equation was 


The value of the cable bending friction at the critical angle 
Fmax was found to be the maximum value of friction due to this 
source. Curves of Fmax versus d, and Fmax versus D, also plotted 
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PuLtey DIAMETER 
(400-lb tension.) 


Fic. 14 Fymax AND 0. VER- 
sus CaBLE DIAMETER 
(400-lb tension.) 


-as straight lines on log-log paper, Figs. 13 and 14, and the follow- 
ing relationship was obtained 


Below the critical angle, the cable bending friction is depend- 
ent upon all the variables @, d, and D and increases parabolically 
with increasing cable bend. Using the values of @, and Fmax ob- 
tained, and assuming a parabolic variation, an empirical equation 
for the cable bending friction at subcritical angles was derived 


Fine pe E Gee | Wit salle (9] 
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Total Dynamic Friction, Fp. Since the total dynamic friction is 
the sum of the cable bending friction and the bearing friction, 
the derived equation for the total dynamic friction for 6 < 6, is 


CABLE DIAMETER -IN. 


Fic. 12 Caste Benpinc Friction VERSUS 
CaBLE DIAMETER 
(Critical cable angle, 400-lb cable tension.) 
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es TA a ort 


9-92 d°-5 2 Dp 
ut ec { Dis |@— (101 Ds — (161)? 


4. {(2— 2 eos ant a 


F,=T = E (6, — 6) 


Since, in most applications, the angle of cable bend is greater 
than the critical value, the equation for total dynamic friction 
may be reduced to 


; ‘ qi-92 q Vs 
el Dua + f,’ (2—2cos@)/*? ...... [12] 


Examples of bearing friction, cable bending friction, and total 
dynamic-friction curves are shown in Fig. 10. 


Discussion oF Test RESULTS 


Cable Bending Friction. The existence of a critical angle of 
bend 6, and a maximum value of cable bending friction Fmax may 
be explained as follows: 

Internal friction in the cable is caused by the bending and un- 
bending of the cable as it contacts and leaves the pulley. In con- 
forming to the contour of the pulley, the individual wires and 
strands composing the cable must bend and rub against one an- 
other and against the pulley surface, thereby producing sliding 
friction. The actual bending occurs only at the points of tan- 
gency of the cable and the pulley, however, and once the cable 
has been bent through an angle great enough for the individual 
wires to reach equilibrium at the desired curvature, no further 
relative movement occurs until the point of unbending is reached. 
When an angle of cable bend greater than the critical angle is 
encountered, the cable sections which are bending and unbending 
at the points of tangency are developing friction, whereas the 
central section is merely fixed to the contour of the pulley and 
contributes nothing to the losses. A condition of maximum 
cable bending friction occurs, therefore, and this will exist when 
the critical or full bending angle has been reached. 

The magnitude of the critical angle depends upon the diameters 


of the cable and the pulley, since these factors influence the sever- 


ity of the bending required of the individual wires. Referring 
to available data,* an angle of full bending is derived which de- 
pends upon the “lay’’ of the rope or cable. The length of lay 
of the cable / is defined as that distance measured parallel to the 
axis or center line of a cable in which a strand makes one com- 


’ “Roebling Handbook,” John A. Roebling’s Sons Company, Tren- 
ton, N. J., 1947. 
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plete spiral or turn around the cable. According to the fore- 
going reference, once full bending is encountered, it makes no 
difference how great the departure (are of contact with the 
pulley), the effect on the rope will be the same, 


The angle of 
full bending 6, is given as 


This is the equation for the center angle of a circular segment 


whose diameter is D and whose length of arc is equal to J. For 


the 7 X 19 cable tested, the length of lay was determined to be 
approximately 1 = 7.2d. Substituting this in Equation [13], we 
obtain 


The results of the present tests indicate, however, that within 
the test range, the critical angle 0,, at least in so far as cable bend- 
ing friction is concerned, is 


The constant 161 and the exponents are dependent upon f,, f,, n, 
and y. 

Although the two equations differ, the idea of a “critical’’ 
angle is substantiated. One reason for the discrepancy may be 
that Equation [13] assumes that one full rope lay is necessary 
between the points of contact of pulley and cable before equilib- 
rium of the individual wires occurs, whereas actual contact takes 
place against the sides of the pulley flanges and the actual dis- 
tance between contact points may be less than one full rope lay. 
This would result in the critical angle 6, being less than the calcu- 
lated angle of full bending 6,. Another factor involved is that of 
slippage between the cable and pulley surfaces at the points of 
contact. If slippage is present 0, may be greater than 6,, since 
relative movement between the wires would occur for a distance 
greater than one full rope lay. 

Values of the critical angle 6, (measured and calculated) and 
the angle of full bending 6, are given in Table 1. 

The maximum value of cable bending friction Fmax also de- 
pends upon d and D, inasmuch as more energy is expended in 
bending a given-size cable over a smaller-diameter pulley, or bend- 
ing a larger-size cable over a given-size pulley. In the derived 
equation 


1.92 
va 


Pinar = [ D4 


the exponents of d and D are dependent upon the actual cables and 
pulleys tested. If galvanized or zinc-coated cable or less flexible 
cable, were used (thereby changing f, and n), the exponent of d 
would increase. The use of steel or other material for the pulleys 
(changing f,) would change the exponent of D. A change in 
pulley groove diameter or throat design (changing ¥) would re- 
sult in changes of the exponents of both d and D. Regardless 
of the changes in materials and design, however, the general 
form of the equation would be similar, the actual values of the 
exponents being determined only by tests. 

In some of the pulley-cable combinations tested, the test data 
indicated that the cable bending friction decreased somewhat 
after reaching the maximum value at the critical angle of cable 
bend. The results were inconclusive, however, and therefore 
this friction is assumed to remain constant at F'max in the present 


analysis. 
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TABLE 1 COMPARISON OF CRITICAL ANGLE AND ANGL F 
FULL BENDING Naa 
I¢ Oe 
Pulley Cable (meas- (caleu- 
diam, D, diam, d, ured), lated), oF, 
in. in. deg deg deg 

1.656 (3A) 3/32 40 39.5 47 

1.656 (3A) 1/8 42 44 62 

1.656 (3A) 5/32 50 49.5 78 

1.656 (3A) 3/16 62 57 101 a 
3.156 (4A) 3/32 25 28 24.5 

3.156 (4A) 1/8 30 32 33 

3.156 (4A) 5/32 32 36 4l 

3.156 (4A) 3/16 40 39 49 

4.592 (5A) 1/8 28 26.5 23 

4.592 (5A) 5/32 30 29.5 28 

4.592 (5A) 3/16 32 32.5 34 

4.592 (5A) 1/4 38 38.5 45 

5.592 (6A) 3/16 30 29.5 28 

5.592 (6A) 1/4 32 33 37 


Bearing Friction. According to earlier data,‘ the loss of energy 
due to friction in the bearings arises from (1) the sliding contact 
between the balls and the separating pockets, (2) the rolling or 
internal friction of the steel due to deformation of the balls and 
races under load, (3) the slip which may occur in contact areas, 
and (4) the friction due to windage at the higher speeds. Since 
the tests were run at low speeds, friction due to windage was 
negligible. 

The coefficients of friction for ball bearings as given in most 
literature range from 0.0005 to 0.0095, based on shaft diame- 
ters, depending upon the operating conditions.’ The actual 
values obtained in the present investigation, however, ranged 
from 0.013 to 0.032, based on shaft diameters (or 0.001 to 
0.005, based on pulley diameters). The discrepancy is proba- 
bly due to the fact that the literature values are for ideal, well- 
lubricated, new or clean conditions, whereas the test values 
represent actual service conditions. Qualitative tests con- 
ducted on pulleys with dusty or poorly lubricated bearings re- 
sulted in the coefficients of friction increasing to 0.032-0.075, and 
higher. The bearing coefficients as determined for the pulleys 
tested are given in Table 2. 

The bearing friction was found to vary directly with the nor- 
mal load, except for a slight initial sliding-contact friction which 
exists even at no-load conditions. In the analysis of the equa- 
tion for bearing friction, this small initial friction was neglected, 


TABLE 2 COEFFICIENTS OF BEARING FRICTION 


Pulley Shaft 
Pulley diam, D diam, ds 
no. in. in. fo fo’ 
3A 1.656 0.25 0.029 0.0044 
4A 3.156 0.25 0.031 0.0024 
5A 4,592 0.375 0.0147 0.0012 
6A 5.592 0.375 0.0148 0.0010 


and the coefficient of friction was assumed to be independent of 
load. 

Since the bearing friction is directly proportional to the nor- 
mal load, which in turn increases with the angle of cable bend (at 
constant cable tension), the bearing friction will increase con- 
tinually with increase in cable bend. 

Total Dynamic Friction. Very little data exist on the fric- 
tion present in pulley-cable systems, and therefore comparative 
values are meager. The only data known to the author are the 
results given by Schorr,* and Remington and Matthews.’ Com- 
parison with these results are very good and are shown in Fig. 15, 

4“New Departure Handbook,’’ New Departure Company, New 
London, Conn., vol. 11, 1939. 

5 “Ball Bearings,’ by H. Hess, Trans. ASME, vol. 29, 1907, p. 371. 

6 “Cable-Pulley Friction,’ by W. E. Schorr, Republic Aviation 
Corporation, Farmingdale, L. I., N. Y., no. 289, 1943. 

7 ‘Reducing Friction in Cable Control Systems,’”’ by K. D. Reming- 
ton and F. A. Matthews, Aero Digest, vol. 44, Feb. 1, 1944, pp. 75, 
et al. 
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together with total friction values as calculated from the derived 
equation. 


CoNCLUSIONS 


The conclusions derived from this investigation are as follows: 


1 The friction in cable-pulley systems increases as follows: 


(a) With increase in cable tension (linearly). 
(b) With increase in angle of cable bend. 
(c) With increase in cable diameter. 
(d) With decrease in pulley diameter. 
2 An empirical equation for determining the total dynamic 
friction in cable-pulley systems is 


qo-82 : D | 
Fp = 7 | Dias E (G3—— 0) (161)? 


+ f,’ (2 — 2 cos int 6< 8, 


For most applications, this may be reduced to 


qi-92 
Fy = T {= ate: @— 20st 62 8, 

3 A critical angle of cable-bending friction exists, above 
which the friction becomes independent of increased cable wrap. 
The value of this critical angle depends upon the cable-pulley 
combination involved and is related as follows 


d.5 


Do.5 


4 A maximum value of cable-bending friction exists at angles 
of cable bend equal to or greater than the critical angle. This 
maximum value may be expressed as 

5 The coefficients of triction for ball bearings under actual 


0, = 161 


TOTAL FRICTION- LBS 


° 20 40 60 60 100 120 140 160 160 
CABLE BEND - DEGREES 
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— Vega’? 

Fic. 15 Comparative Trst Curves 

(4A pulley, */is-in. cable, 400-lb tension.) 


—-—-- Schorr, calculated 


1.92 
_d 
D}.4 


q 


[spies mo 


service conditions are higher than those usually listed. The 
friction due to the bearings may therefore become a substantial 
part of the total] friction in cable-puliey systems. 
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Discussion 


H. C. Guu. The mathematical approach which has been 
made to evaluate design factors in cable systems is accurate and 
complete. Thereby the aircraft designer can select components 
of cable and pulleys which will permit operating loads within 
required design limits. 

In the course of manufacture of aircraft control pulleys from 
phenolic laminated or macerated materials, many endurance 
tests have been made. With a precision bearing of low coefficient 
of friction, limits of endurance were established by heating and 
fraying of the cable. Cable friction in such cases is of predomi- 
nant importance. Other cases developed where bearings were of 
low coefficient of friction but not precision-built, which would 
cause cable misalignment and thus produce high bearing and 
high cable friction to lower endurance limits. Certain plain 
bearings or those having high coefficient of friction would estab- 
lish lowered endurance limits by failure from within the bearing. 
Again, cable failures may result from high coefficient of sliding 
friction of cable-pulley materials. Pulleys of semicushioning 
quality material, as cloth-reinforced phenolic products, provided 
increased endurance limits. 


F. A. Marruews.? In his introduction the author gives as 
reasons for the importance of considering friction in the design 
of control systems, pilot fatigue and dependable action. Of equal 
or greater importance is the adverse effect of friction in the main 
flight controls on the aerodynamic stability of the airplane. 
Particularly in the case of control surfaces with a high percentage 
of aerodynamic balance does excessive friction play an extremely 
important part. Since, at the neutral position of the control 
surface in flight, forces on both sides of the surface are in balance, 
even small amounts of friction in the contro] system will upset 
this balance and allow sufficient surface deflection to change the 
attitude of the airplane without generating sufficient air load to 
return the surface to neutral. For example, a pilot in leveling 
off his ship after a maneuver has a tendency to overcorrect, due to 
the time lag between the movement of the surface and the response 
of the ship. In a good control system the surfaces, due to the 
lack of friction, are able to neutralize themselves, and the airplane 
maintains the level flight attitude. In a poor control system 
there is sufficient friction to prevent the surfaces from neutralizing 
themselves, and they must be neutralized manually. This 
condition results in hunting around the neutral position and in- 
stability or oscillation in the flight path. 

In tests by the writer’s company the apparatus used was very 
similar to that used by the author, with one exception: The 
four pulleys in the system on which the friction was being 
measured were mounted on a carriage which traveled on ball- 
bearing rollers on a machined track. Thus the cable remained 
stationary, and the pulleys moved along the cable. Motion was 
imparted to the carriage by means of a constant-speed motor 
which was attached to a cable connected to the carriage through. 
a flexible bar to which a strain gage was attached. The load 
required to move the carriage was recorded by an SR-4 electric 
strain recorder. Tare runs indicated that there was no appre- 
ciable variation in the load required to move the carriage through 
its entire travel. Inasmuch as the major concern of the tests 
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was static friction, the carriage was moved very slowly—approxi- 
mately 1/16 ips. 

In operation the carriage was placed in such a position as to 
allow a slight amount of slack in the operating cable, and the 
motor was then started. Thus, the initial stroke of the strain- 
recorder needle recorded the load required to overcome static 
friction and impart motion to the carriage, and subsequent record- 
ing was the dynamic friction at the speed previously mentioned. 
It was felt that this setup would result in freedom from small 
errors created by the necessity of determining visually the precise 
moment there was sufficient load to impart motion. 

In conducting the tests it was found that there was some 
variation in friction measured in different spots in the same 
cable, and slightly more variation in different test specimens of the 
same type of cable cut from different reels made by the same 
manufacturer. These discrepancies were considered to be small 
enough to have negligible effect, since all curves resulting from the 
tests were the average of several test runs. 

In the test conducted by the author, the effect of cable mis- 
alignment on cable-pulley friction was correctly assumed to be 
negligible in a properly designed control system. The writer’s 
tests substantiate this assumption inasmuch as it was found that 
misalignment up to 2 deg had no appreciable effect on friction. 
It is interesting to note, however, that at the critical angle of 
cable wrap, the cable-pulley friction increased approximately 
70 per cent as a straight-line function between 2 deg and 5 deg 
misalignment. The test conditions in this case were 3/5 tinned 
cabie on AN-210-4A pulley with a 500-lb rig load. Indications 
were, however, that the effects of misalignment above 2 deg were 
a variable function and seemed to decrease as angle of wrap of the 
cable on the pulley increased, within limits. 

There is some disagreement with the assumption made by the 
author that vibration in the control system eliminates static 
friction and, therefore, only dynamic friction need be considered, 
as the assumption was not borne out in our test results. The 
assumption made by the writer’s company was that the detri- 
mental effects of friction in an airplane control system were due 
to the necessity of motion being imparted, either by the pilot or 
by the control surface, to a system temporarily substantially at 
rest. 

Undoubtedly static friction is affected by vibration, and dy- 
namic friction must also be considered in an analysis made of a 
control system during its design stages. However, one of the 
premises on which the tests at the writer’s company were based 
is that friction in a control system being detrimental, it would 
be the better plan to follow a conservative course in the analysis 
of friction during the control-system design and use static friction 
in the analysis. This would allow those benefits resulting from 
vibration to offset the unknowns encountered in the complete 
system, such as congealed grease in pulley and hinge bearings, 
warped control-surface hinge lines,-unbalanced masses in control- 
system elements such as quadrants, control columns, and _toler- 
ances in the balance of the control surfaces themselves. 

Inasmuch as friction is most detrimental at or near the stable 
flight attitude of the airplane, corrections are of necessity small 
and usually at very low rates of speed. Therefore, it was felt 
that the dynamic friction would approach closely the values 
of static friction, and, again, using static friction would be the 
better course to follow. 

Although there is an almost infinite number of variables to be 
considered in attempting to determine the effect of vibration on 
friction, it was decided that tests of a simple nature could be 
conducted and trends established, although no definite conclusions 
could be reached. In this test setup the entire apparatus was 
vibrated at varying frequencies and amplitudes. The trends 
established were as follows: 
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1 There is an over-all reduction in static friction which varies 
to some extent with both frequency and amplitude. 

2 The reduction in friction varies in inverse ratio to the angle 
of wrap of the cable around the pulley. 

3 The reduction in friction varies as a direct ratio of the rig 
load in the cable. x 

4 Within the scope of the tests conducted, the variation in 
friction appeared to be independent of the critical angle of wrap or 
cable bend. 

5 Within the scope of the tests, the variation of friction with 
vibration appeared to be independent of the speed of cable 
travel. 


It was concluded as a result of the tests that, although vibration 
served to reduce static friction somewhat, it did not eliminate 
it as a factor. In all tests conducted, both with and without 
vibration, it was found that the “breakaway”’ friction or force 
required to start motion between pulleys and cable was higher 
than the force required to maintain motion. This apparent 
failure to eliminate static friction may be ascribed to the fact that 
in most circumstances the motion of a cable in a control system 
under vibration is found to be perpendicular to the axis of the 
cable rather than along the axis. It is even conceivable to sup- 
pose that conditions of amplitude and frequency could exist 
which would increase the static friction of the system. 

Tests of a simple nature within the scope of the test 
apparatus were also conducted to compare dynamic friction at 
slow speeds with static friction. It appeared that at the speeds 
possible without revising the test apparatus, there was a slight 
reduction of static friction once motion was started, but that up 
to a point there was actually a slight increase in force required 
to maintain motion as the speed was increased. No attempt 
was made to determine the cause of this increase, as'a further 
increase in speed served to reduce the force required. Table 3, 
herewith, gives data typical of the results obtained. 


TABLE 3 CABLE-PULLEY FRICTION IN POUNDS, AS AFFECTED 
BY SPEED AND ANGLE OF WRAP 


(3/:6-in-diam 7 X 19 zine-coated cable on AN-210-4A pulleys at 500-lb 


rig load) 
=-—————— Speed of cable travel —_—_—__. 
Angle of ' cr 
wrap, deg Static 0.06 ips 0.125 ips 0.25 ips 0.50 ips 
10 1.6 1.5 .8 1.8 1.75 
20 3.6 3.3 3.54 3.5 3.4 
30 4.3 4.2 4.74 4.6 4.25 
45 5.0 4.95 lSedl 4.75 4.75 
90 Beal 5.0 5.31 5.4 5.5 
180 5.4 5.45 6.18 6.20 6.5 


It is quite apparent from these results that no definite com- 
parison or conclusions could be reached without further testing. 
It was felt, however, that the decision to use static friction in 
control-system analysis would not be erroneous inasmuch as 
the speeds covered by the tests were well within the range of cable 
speeds encountered in the airplane in making small corrections 
necessary to maintain level flight. 

As mentioned previously, the discrepancies between results 
obtained from independent tests by the writer’s company and 
those obtained by the author in both test and mathematical 
analysis are small, and the over-all results corroborate one another 
within the accuracy necessary to conduct a satisfactory analysis 
of a control system where there are other elements introducing 
small amounts of friction in the complete system. 

An indirect substantiation of the author’s analytical method of 
determining friction may be gained in comparing the results as 
obtained by the analytical method and the Vega tests in Fig. 
15 of the paper, and the comparison between the calculated and 
actual measured results obtained in using the Vega curves in 
calculating the friction in the flight controls on the P2V Neptune 
bomber which are as follows: 
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Aileron system, couple at rim of wheel. ..Cale. 3.07 lb, actual 3.1 lb 
Elevator system, force at top of column. . Calc. 4.58 lb, actual 4.5 lb 
Rudder system, force at pedal pivot..... Cale. 12.7 lb, actual 12.5 lb 


It appears that the author’s source of information on specifica- 
tions covering the requirements of aircraft control systems is 
somewhat inaccurate; 7 X 19 extra-flexible stainless-steel cable 
is not required in aircraft controls, except under certain specific 
conditions such as resistance to corrosive fumes, liquids, etc. 
Government specifications allow the use of the following types of 
7 X 19 extra-flexible cable: 


1 Stainless steel uncoated to Specification MIL-C-5424 
2 Carbon steel tin-coated to Specification MIL-C-1511 
3 Carbon steel zinc-coated to Specification MIL-C-1511 


In the writer’s company tests, the difference in cable bending 
friction found in testing stainless-steel cable and tinned carbon- 
steel cable was almost imperceptible, and the same values are 
used for both types of cable. Tinned carbon-steel cable is used 
predominantly in the aircraft industry at present—the deflection 
characteristics of stainless-steel cable being such that it is 
extremely difficult to meet deflection characteristics as required 
by specification with the use of this material. Zinc-coated car- 
bon-stee]l cable was introduced during the last war to conserve 
tin, a critical material, and although not generally in use at present 
its use is still permissible, and it probably would be required in 
the event of another war. 

The writer’s tests indicate that the cable bending friction of 
zinc-coated carbon-steel cable is approximately 30 per cent higher 
than the cable bending friction of tinned carbon-steel cable. If 
the maximum benefits of the analytical method introduced by 
the author are to be achieved, exponents should be developed for 
(d) in the formulas. 

In conclusion it is suggested that the use of the analytical 
method for calculating the friction in contro] systems might 
become unwieldy and laborious, in that over a period of time 
the same equation would be solved repeatedly; particularly in 
the case of those conditions where the critical angle of wrap is not 
reached would this be true. By comparison it would be much 
simpler to develop curves or nomographs by the analytical 
method, which could be used repeatedly without the necessity of 
solving the equations. . 


AUTHOR’S CLOSURE 
Mr. Guhl supplies interesting information regarding the endur- 


ance factors involved in cable-pulley friction. Although the sim- 
plified equations for cable-pulley friction (Equation [10] and [12] 
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given in this paper do not indicate the direct effects of the coeffi- 
cient of sliding friction of cable-pulley materials, f,, and the cable 
bending factor, f,, a more complicated equation being developed 
by the author does attempt to include these factors directly in the 
equation, 

Mr. Matthews’ remarks concerning cable-pulley friction and 
the aerodynamic stability of the airplane are absolutely correct. 
Reference to the aerodynamic phase of the control system was 
purposely omitted since the friction present in cable-pulley 
systems is a general engineering problem, and the author did not 
wish to burden the design engineer with the aerodynamic aspects 
of a specific application. 

The investigation conducted by the author included quantita- 
tive measurements of both static and dynamic friction, and also 
the qualitative effects of vibration on these frictions. The results 
obtained for static friction, however, were not as satisfactory 
as those obtained for the dynamic friction as regards the analytical 
treatment which was the purpose of this paper. The difference 
between static and dynamic friction was found to be relatively 
low, and to vary with pulley size, cable tension, and angle of cable 
bend. As noted by Mr. Matthews, the values of dynamic friction 
and static friction would approach each other at or near the stable 
flight attitude of the airplane, where friction would be most 
detrimental, and in the present case the more satisfactory data 
of the dynamic friction made it more adaptable to a mathematical 
analysis. 

The author is in complete agreement with Mr. Matthews with 
regard to the many variables to be considered if vibration is to be 
included in this problem. Since the analytical investigation had 
to be kept within reasonable bounds, the quantitative effects of 
vibration were omitted and the qualitative tests conducted were 
used merely to indicate that the presence of vibration tended to 
reduce the static friction and to make it approach the value of the 
dynamic friction. The trends established by Mr. Matthews, 
however, are most interesting and informative. 

The cables used in the tests were limited to those covered by 
Specification AN-RR-C-48, since this was the Government speci- 
fication for the aircraft concerned (Republic XP-69) at that 
time, 1942. As pointed out in the paper, for coverage of all 
possible applications (aircraft or otherwise) the exponents of 
d and D and the constant of Equation [7] must be obtained for 
every type of cable and pulley in use. 

The analytical investigation was conducted not only to supply 
design information for one of the more common combinations of 
cable pulley used, but also to indicate the basic effects of some of 
the variables involved in the general problem. 
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